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Preface

The use of engine cycle simulations is an important aspect of engine development, and yet 
there is limited comprehensive documentation available on the formulations, solution pro-
cedures, and detailed results. Since beginning in the 1960s, engine cycle simulations have 
evolved to their current highly sophisticated status. With the concurrent development of fast 
and readily available computers, these simulations are used in routine engine development 
activities throughout the world. This book provides an introduction to basic thermodynamic 
engine cycle simulations and provides a substantial set of results.

This book is unique and provides a number of features not found elsewhere, including:

●● comprehensive and detailed documentation of the mathematical formulations and solutions 
required for thermodynamic engine cycle simulations;

●● complete results for instantaneous thermodynamic properties for typical engine cycles;
●● self-consistent engine performance results for one engine platform;
●● a thorough presentation of results based on the second law of thermodynamics;
●● the use of the engine cycle simulation to explore a large number of engine design and oper-

ating parameters via parametric studies;
●● results for advanced, high efficiency engines;
●● descriptions of the thermodynamic features that relate to engine efficiency and performance;
●● a set of case studies that illustrate the use of engine cycle simulations—these case studies 

consider engine performance as functions of engine operating and design parameters;
●● a detailed evaluation of nitric oxide emissions as functions of engine operating parameters 

and design features.

Although this book focuses on the spark-ignition engine, the majority of the development 
and many of the results are applicable (with modest adjustments) to compression-ignition 
(diesel) engines. In fact, the major difference between the two engines relates to the combus-
tion process, and these differences are mostly related to the details and not the overall process. 
But to be consistent, extrapolations to compression-ignition engines are largely avoided.

The examples and case studies are based on an automotive engine, but the procedures and 
many of the results are valid for other engine classifications. In addition, the thermodynamic 
simulation could be used for these other applications. Many of the results are fairly general 
and would be applicable to most engines. For example, results highlighting the difficulty of 
converting thermal energy into work (a consequence of the fundamental thermodynamics) 
applies to all engines.



xiv� Preface

Although the main purpose of the writing of this book was to document the development 
and use of thermodynamic engine cycle simulations, a secondary purpose was to stimulate 
the interest and excitement of using fundamental thermodynamic principles to understand a 
complex device. As the following pages will demonstrate, many phenomena related to engine 
operation and design may be understood in a more complete fashion by focusing on the fun-
damental thermodynamics.

The work of Professor John B. Heywood needs to be acknowledged as a major part of the 
foundations of the material in this book. These foundations are recognized in the book by 
numerous citations to the work of Professor Heywood, his colleagues, and his students.

The author has enjoyed his work on this topic and writing this book. He hopes that the 
reader will gain insight into engine design and operation, and be stimulated to use engine cycle 
simulations to answer his/her own questions. Although this presentation and these results have 
been examined by many reviewers, any mistakes remaining are the sole responsibility of the 
author. Notification of the author of these mistakes and suggestions for improvements would 
be greatly appreciated.
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1
Introduction

The internal combustion (IC) engine is a spectacular, complex device that has been an unqual-
ified success. The IC engine is probably best known as the power plant for vehicles, but, of 
course, is also successfully used in a variety of other applications. These other applications 
include, for example, simple garden equipment, stationary electrical power generation, loco-
motives, and ships. A powerful approach to aid in the design and understanding of these 
engines is through the use of mathematical simulations.

Engine cycle simulations have been developed and used to study a variety of features and 
issues relative to IC engines since the 1960s. In the beginning, engine cycle simulations were 
fairly elementary, and were limited by both computing capabilities and a lack of knowledge 
concerning key sub‐models. In time, these simulations have become more complete and more 
useful.

Today, engine cycle simulations are sophisticated, complex computer programs that provide 
both global engine performance parameters as well as detailed, time‐resolved information. 
Many of these simulations contain advanced and detailed sub‐models for the fluid mechanics, 
heat transfer, friction, combustion, and chemical kinetics. The most advanced simulations 
include calculations in three dimensions. Some of these simulations are grouped in the gen-
eral category of computational fluid dynamics (CFD). Some comments on the early history 
(pre‐1990) of the development of engine simulations may be found in References 1–3.

1.1  Reasons for Studying Engines

As mentioned above, IC engines have been an unqualified success in several major economic 
markets. Certainly, as the propulsion unit for light duty vehicles, the IC engine has been a 
significant accomplishment. The number of such vehicles and their engines is estimated at one 
billion throughout the world, and is expected to be about two billion by 2020. For a rather com-
plex, major device, these are exceptional numbers. Other applications of IC engines include 
stationary power generation, marine propulsion, small utility, off‐road, and agriculture.

The reasons for the success of the IC engine have been well documented (e.g., References 
2, 4, and 5). These reasons include relatively low initial cost, high power density, reasonable 
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driving range (say, more than 200 miles for a standard fuel tank size), able to refuel on the 
order of minutes at many locations, robust and versatile, reasonably efficient, able to meet 
regulated emission limits, and well matched to available fuels. This last item is particularly 
important and results in some of the other favorable features.

Liquid hydrocarbon fuels (such as gasoline and diesel) possess relatively high energy den-
sities, are relatively safe and stable, and (currently) are widely available. In addition, these 
fuels possess excellent characteristics for combustion processes utilized by spark‐ignited and 
compression‐ignited engines.

Current (2015) engine technology spans a wide range from fairly basic to relatively 
advanced. Some engines are still based on the use of carburetors, mechanical valve trains, 
and large displacements. More advanced engine designs include direct fuel injection, variable 
valve timings, turbocharging, and the capability to deactivate some cylinders for part load 
operation. Most spark‐ignition engines are designed for operation at or near stoichiometric 
with compression ratios less than about 11 (to avoid spark knock).

The demise of the IC engine is often a popular topic in the lay press due to the percep-
tion that it is based on “old” technology. Despite this perception, the IC engine remains a 
successful device. Alternative power plants for light‐duty vehicles include electric motors 
operated with batteries or fuel cells. Some advances have been accomplished regarding 
these technologies, but these alternatives are still many years away from displacing the IC 
engine. Especially considering the long time frame for replacement of existing vehicles in 
the current fleet, IC engines are expected to be the dominant power plant for many decades 
into the future.

1.2  Engine Types and Operation

Several versions of the IC engine exist. The two major categories are spark‐ignition engines 
and compression‐ignition (diesel) engines. The spark‐ignition engine is based largely on a 
(nearly) homogeneous mixture of fuel and air, and on a more‐or‐less organized flame propaga-
tion. To satisfy this type of ignition and combustion process, the fuel must vaporize relatively 
easily and resist autoignition. Fuels with these characteristics include gasoline, natural gas, 
propane, and alcohols. The spark‐ignition engine is often restricted to moderate compression 
ratios to avoid spark knock. Almost all spark‐ignition engines for today’s light‐duty vehicles 
operate with stoichiometric mixtures and utilize three‐way catalyst systems to meet emission 
regulations.

The compression‐ignition engine, on the other hand, is based on the injection of the fuel 
into a cylinder with air, and on the self‐ignition of the fuel due to the temperature of the 
compressed air. For the compression‐ignition engine, combustion occurs in various locations 
throughout the cylinder with no organized flame propagation. To satisfy this type of ignition 
and combustion process, the compression ignition engine must utilize a fuel that can readily 
self‐ignite. This fuel is typically a diesel fuel, but jet fuel and other oils can be used. The 
compression‐ignition engine generally requires a relatively high compression ratio to generate 
sufficiently high temperature air for the auto‐ignition process. These engines typically must 
operate with excess air (fuel lean) to ensure all the fuel is burned. In many applications, the 
compression‐ignition engine uses intake air compression (turbochargers and superchargers) 
to increase its power density.
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Another important classification of engines is the number of strokes the engine uses per 
power event. The four‐stroke cycle engine uses four (4) strokes (two revolutions) for each 
cycle, while the two‐stroke cycle engine uses two (2) strokes (one revolution) for each cycle. 
Almost all engines for light‐duty vehicles use four‐stroke cycle engines. Utility engines and 
some engines for small scooters and motorcycles use two‐stroke cycle engines. This book will 
consider only the four‐stroke cycle engines.

The IC engine is not a heat engine,1 and is more accurately described as a chemical conver-
sion device. This means that the “Carnot limitation” is not applicable. In fact, the IC engine 
may potentially approach 100% efficiency and still be consistent with the first and second 
laws of thermodynamics [2, 6]. This book will provide quantitative information on this feature 
of IC engines.

The IC engine consists of a series of processes which include induction, compression, com-
bustion, expansion and exhaust. Each of these processes (and their sub‐processes) are subject 
to real effects (irreversibilities and energy losses) which prohibit the engine from achieving 
100% efficiency. For example, heat transfer from the cylinder gases is an energy loss that 
reduces the maximum possible efficiency. The implications of minimizing heat losses for 
higher efficiency are described in subsequent parts of this book.

Another, more severe, limitation is the irreversibility associated with the combustion process. 
For an adiabatic conversion of chemical energy to thermal energy, energy losses can approach 
zero. But the second law of thermodynamics describes that this process is highly irreversible 
and results in lower grade energy, and a loss of the potential to produce work. This, then, is 
the key thermodynamic fact that limits IC engine efficiency (and not the “Carnot limitation”).

1.3  Reasons for Cycle Simulations

The focus of this book is the development and use of zero‐dimensional, thermodynamic engine 
simulations. The overall goal of such thermodynamic engine simulations is to mathematically 
simulate the significant processes, and to predict engine performance and engine operation 
details including certain emission parameters. Benefits of developing and using these engine 
simulations are multiple. Examples of these benefits are described next.

1.3.1  Educational Value

The development of engine cycle simulations forces engineers to understand the fundamentals 
of engine operation, and to recognize the complex interaction of the various processes. The 
engineers obtain a much deeper appreciation for the role of thermodynamics, fluid flow, heat 
transfer, and combustion on engine performance and emissions.

1.3.2  Guide Experimentation

Since experimentation is a highly intensive activity involving many people, facilities, and 
funds, methods to minimize unnecessary experiments and to more efficiently conduct the 

1 Further discussion of the “heat engine” concept relative to IC engines is provided in Section 19.2.
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experiments are important. Although thermodynamic engine cycle simulations may never 
completely eliminate experimentation, such simulations do help guide experimentation. 
This is accomplished in a number of ways, but the main result is that less experimentation 
will be needed. By calibrating an engine cycle simulation, fairly detailed and reliable results 
may be obtained. The use of these types of simulations and careful, efficient experimenta-
tion are a highly effective and systematic way to develop engines, and engine concepts and 
technology.

1.3.3  Only Technique to Study Certain Variables

Certain variables are difficult to study experimentally either because access is difficult 
or the very act of measurement will change the variable’s value. For example, the overall 
spatial‐average gas temperature (particularly during combustion) is difficult if not impossible 
to obtain. The cylinder pressure, however, may be measured and with the proper algorithm, 
the average gas temperature may be obtained using this pressure. Another example is the com-
pletion of second law analyses which are dependent on detail thermodynamic parameters.2

1.3.4  Complete Extensive Parametric Studies

To complete cost‐effective, extensive parametric studies, the use of thermodynamic simula-
tions is a proper choice. Since multiple sets of engine operating conditions are of increasing 
interest, experimentation could be prohibitively expensive. As an alternative, thermody-
namic simulations can be used in a cost‐effective manner to examine extensive sets of 
parameters.

1.3.5  Opportunities for Optimization

The use of the cycle simulations is ideal for determining optimal combinations of engine 
parameters for a given set of operating variables such as load, speed, spark timing, equiva-
lence ratio, and so forth. Either a simple manual search or a more complex algorithm can be 
used to find the optimum set of parameters for a given set of constraints.

1.3.6  Simulations for Real‐time Control

Versions of engine cycle simulations may be used as algorithms for engine control. An advan-
tage of this approach is that the engine control will be able to accommodate a much wider 
range of variables. The control algorithm can employ a degree of intelligence in selecting 
the combination of operating parameters to meet specific goals. In addition, the controls and 
diagnostics can be integrated into a single, common system.

2 Some authors have reported experimentally based second law analyses, but in these cases the authors have used 
their experimental data as input to analyses which contain at least some of the portions of thermodynamic cycle 
simulations.
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1.3.7  Summary

The above are examples of the motivations which drive the interest in cycle simulations. From 
a practical perspective, the use of engine cycle simulations offers shorter engine development 
times, reduces development costs, minimizes emissions, maximizes fuel efficiency and per-
formance, and provides a data base for current and future development efforts.

The development of engine cycle simulations is a challenging task largely because the IC 
engine is a complex device. The characteristics of IC engines which contribute to this com-
plexity include turbulent, unsteady flow, non‐uniform mixture composition, highly exother-
mic chemical reactions, two or three phase compositions, and pollutant species (typically with 
low relative concentrations). In addition, the important time scales have a large dynamic range 
of between 1 μs and 1 s, and the important length scales range roughly between 1 μm and 1 m.

1.4  Brief Comments on the History of Simulations

Chapter 3 provides a detailed description of the evolution of engine cycle simulations, but 
for completeness, this introductory chapter will summarize this evolution (e.g., References 
1–3.) From the beginning of reciprocating engine development, engineers and scientists have 
attempted to model the overall engine operation to help understand and improve the technol-
ogy. The earliest such models were the ideal air standard cycles which were first presented in 
the late 1800s. Although these were very crude, they helped the early engineers understand 
engine operation and actually provided some trend‐wise insight. The history of engine model 
development shows a continual improvement of these models.

These ideal (air‐standard cycle) models are based on the simple application of the first law 
of thermodynamics, and a set of simplifying assumptions and approximations. Improvements 
to the air standard cycle analysis were adopted in the 1930s. These improvements included 
using more realistic thermodynamic properties based on more realistic mixtures. Although 
this was a much more realistic model for the working gases, the predictions were improved 
only in a modest manner since the other assumptions and approximations were still present.

A great improvement relative to the air‐standard cycle models was the development of ther-
modynamic engine cycle simulations. These developments have been reported since the early 
1960s. These types of cycle simulations could not be developed prior to this time due to the 
lack of sufficient computer capability and, to a lesser degree, the lack of understanding of the 
important engine processes. The original simulations were based on one‐zone and two‐zone 
formulations, and then these types of simulations were extended to include three or more zones.

Beginning in the late 1970s, thermodynamic engine cycle simulations were more complete 
and many included predictions of emissions, particularly nitric oxides. An important improve-
ment in these simulations was a more complete description of the combustion process using 
three or more zones. Several researchers have mentioned the importance of multiple zones for 
predicting nitric oxide emissions.

Thermodynamic engine simulations can provide important and detailed information on 
engine operation. Although the simplest thermodynamic simulations generally provide no 
detail spatial information, they do provide time (or crank‐angle) varying quantities such as 
cylinder gas pressure and temperature, heat release, heat loss, intake and exhaust flow rates, 
and cylinder mass. In addition, these simulations are typically more practical than the multi‐
dimensional simulations for extensive parametric studies and other related investigations.
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In summary, the development of engine cycle simulations may be described as continual 
improvements in two related aspects: (i) the detail descriptions of the thermodynamic proper-
ties, and (ii) the descriptions of the processes. These improvements continue as more under-
standing is obtained on the various engine processes. In addition, these simulations continue 
to be extended to include other features (such as second law analyses), and continue to find 
new applications (such as onboard engine control). Chapter 3 will expand on the above history 
for thermodynamic simulations, and also include some comments about multidimensional 
simulations.

1.5  Overview of Book Content

This book has been divided into a number of chapters to cover the formulation of engine sim-
ulations, required items and procedures for solutions, detailed and performance results, and 
case studies. The following are descriptions of each chapter:

Chapter 1: Introduction. This chapter is a brief summary of the role of engine simulations 
relative to designing and understanding IC engines.

Chapter 2: Overview of Engines and Their Operation. This chapter provides a brief over-
view of engine fundamentals, terminology, components, operation, and performance 
parameters.

Chapter 3: Overview of Engine Cycle Simulations. This chapter provides a description of 
the evolution of thermodynamic engine cycle simulations. The description begins with the 
simple ideal (air‐standard) cycle analyses, and continues with the historical development of 
the thermodynamic simulations. Brief comments are included on quasi‐dimensional ther-
modynamic simulations, and multi‐dimensional (CFD) simulations.

Chapter 4: Properties of the Working Fluids. This chapter is a fairly comprehensive pres-
entation on the development of the algorithms needed to determine the composition of the 
unburned and burned mixtures. Chemical equilibrium compositions for combustion prod-
ucts are described. The chapter ends with results for various properties for typical engine 
conditions.

Chapter 5: Thermodynamic Formulations. This chapter includes the details for developing 
the governing thermodynamic relations for the cylinder contents. The chapter ends with a 
concise summary of a set of differential equations for the cylinder pressure, zone tempera-
tures, zone volumes and zone masses.

Chapter 6: Items and Procedures Required for Solutions. This chapter outlines all the 
required items to solve the governing differential equations developed in Chapter 5. These 
items include cylinder volumes, fuel burning rates, heat transfer, flow rates, friction, and 
other sub‐models as needed. The chapter ends with comments on solution procedures and 
convergence to final answers.

Chapter 7: Basic Results. This chapter starts the second part of the book which is focused 
on presenting results using the engine cycle simulation. This chapter presents detailed, time 
resolved results for the base case condition. Included are results for pressures, tempera-
tures, species, and residual fractions.
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Chapter 8: Performance Results. This chapter provides a fairly complete presentation of 
overall global performance metrics as functions of engine operating and design parameters. 
Overall performance metrics include power, torque, thermal efficiency, and mean effec-
tive pressure. Engine operating and design parameters include inlet pressure, speed, load, 
combustion variables, compression ratio, equivalence ratio, EGR, and combustion timing.

Chapter 9: Second Law Results. This chapter includes the development of the aspects 
needed to complete second law assessments of IC engines. This includes the property 
exergy which allows the irreversibilities of the engine processes to be quantified. Results 
for these irreversibilities are presented as functions of engine operating and design param-
eters.

Chapter 10–18: Case Studies. These chapters consist of a number of case studies using the 
engine cycle simulations. These cases include studies of combustion, cylinder heat transfer, 
fuels, oxygen enriched reactants, over‐expanded engines, nitric oxide emissions, and high 
efficiency engines.

Chapter 19: Summary: Thermodynamics of Engines. This final chapter highlights the ther-
modynamic features of IC engines. Many of these features are quantified by the cycle 
simulation results reported in this book.
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2
Overview of Engines 
and Their Operation

Before discussing the details of engine cycle simulation development, the overall reciprocat-
ing engine design and operation will be briefly reviewed. This chapter will include descrip-
tions of the goals of engine designs, engine classifications, engine characteristics, engine 
components, engine operating cycles, and engine performance parameters. The discussion 
of performance parameters includes descriptions of torque, power, mean effective pressure, 
thermal efficiencies, specific fuel consumption, and volumetric efficiency. These performance 
parameters may be determined on a gross indicated, net indicated or brake basis. This chapter 
is a brief overview of engines and engine operation—much more on these topics may be found 
in typical engine text books (e.g., References 1–5).

2.1  Goals of Engine Designs

Today’s engines must meet several simultaneous goals to be successful. These goals are 
emphasized in different ways for different applications, but these goals are to some degree 
important in all market segments. These goals include acceptable performance (power and 
torque), high efficiency, low initial cost, able to meet emissions regulations, acceptable relia-
bility, and low maintenance. In addition, in some market segments, fuel adaptability is impor-
tant—that is, the engine is able to operate on two or more fuels. Obviously, realizing these 
goals means that the design and production of successful internal combustion engines is a 
difficult and expensive process.

As examples of the different ways that these goals are emphasized for different appli-
cations, the following contrasts the heavy‐duty truck and the light‐duty automotive mar-
kets. For the heavy‐duty truck market, engine performance and efficiency often dominate 
the other considerations, whereas for the light‐duty market, the initial cost may be of 
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most concern. Similar differences in the other market segments could be cited as well. 
For all applications, the applicable emission regulations must be satisfied for the engine 
to be sold.

2.2  Engine Classifications by Applications

Internal combustion, reciprocating engines are prevalent in many economic sectors and dom-
inant in some of these sectors. The following is a description of some of the major engine 
classifications by applications. There is considerable overlap between the various classifica-
tions, but the following descriptions provide a rough idea of the breath of internal combustion 
engine applications.

Small engines are best exemplified by utility and gardening applications such as trimmers, 
edgers, and lawn mowers. These engines are typically light and inexpensive, and most often 
based on one cylinder. Due to the requirements for light weight and low first cost, many 
of these applications use a two‐stroke cycle design. (Two‐stroke cycle and four‐stroke cycle 
designs are described below.) Motorcycles and scooters are equipped with the next category 
of engines. These engines are also light, but may be a little more expensive, may utilize more 
than one cylinder, and most often will be based on a four‐stroke cycle design.

The next classification is light‐duty vehicles. This classification includes the typical auto-
mobile, pick‐up truck, utility vehicle, and even some airplanes and helicopters. This is a large 
(if not the largest) market segment, and the engines range from some small two‐cylinder 
engines to large eight‐(or more) cylinder engines. For a number of reasons, recent production 
trends have favored the smaller engines (e.g., four‐cylinder engines) for light‐duty automo-
tive applications. These engines may range from basic to full featured engines. In 2015, full 
featured spark‐ignition (gasoline) engines included items such as direct cylinder injection, 
variable valve lift and timing, and sophisticated electronic control schemes. Such full featured 
engines are able to achieve high performance, high efficiency and low emissions.

Heavy‐duty on‐road and off‐road vehicles would be the next classification. This classifica-
tion includes a range of markets including trucks, earth moving vehicles, agricultural vehicles, 
and military vehicles. These applications almost exclusively utilize large, diesel engines for 
high efficiency, long life, and high torque. The next classification would include railroad loco-
motives and intermediate marine. Again, large diesel engines with a dozen or more cylinders 
would be used in these applications.

Stationary engines, largely for electric power generation, would be the next classification. 
These engines could be used for continuous power, standby power, emergency power, or tem-
porary power. The engines may be of many types, but in the larger situations, they are almost 
always diesel engines. These engines typically operate at a constant speed which is selected to 
match the generator requirements.

The largest known reciprocating engines are for large marine applications. These engines 
are sometimes called cathedral engines, because the structure is more like a building than a 
typical engine. These diesel engines are often low speed (∼100 rpm), two‐stroke cycle designs, 
and often operate with low quality diesel fuel. They are able to achieve some of the highest 
efficiencies known for reciprocating engines due to their large size and low speed.

As the engines described above indicate, IC engines are designed for a wide range of appli-
cations. These examples, then, are a testament to the versatility of the IC engine.
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2.3  Engine Characteristics

Engines may be described in a number of ways. The following are some major characteristics 
that may be used in designating engines.

  1.	 Number and arrangement of cylinders: Most engines may be described as using an inline 
or a “V” configuration. Therefore, engines may be designated, for example, as I‐4, V‐6, 
V‐8, V‐16, … Other arrangements include the use of horizontally opposed pistons (also 
known as flat or boxer engines), and various versions of rotary engine designs.

  2.	 Working cycle: Engines may be based on a two‐stroke cycle or a four‐stroke cycle design. 
The material in this book is based solely on four‐stroke cycle engines.

  3.	 Valve/port arrangement: Valves are almost always installed in the cylinder head, but past 
designs have included valves mounted in the block. For two‐stroke cycle engines, ports 
may be arranged in a number of ways with the goal to provide more complete and effi-
cient scavenging [2].

  4.	 Valve actuation: Valves may be actuated from below using the conventional push‐rod and 
cam‐in‐block approach, or from above with an overhead cam arrangement. Valve actua-
tion may be purely mechanical, pneumatic, hydraulic, electromagnetic, or some combina-
tion of these techniques.

  5.	 Fuel: Obviously, engines may be designated by the fuel they used. This leads to naming 
conventions such as gasoline engine, diesel engine, propane engine, …

  6.	 Mixture presentation: The way that the fuel and air enter the engine is a major charac-
teristic. Carburetion typically means that the fuel is admitted into the air stream and this 
mixture then enters the cylinder. Port injection is when the fuel is injected into or near the 
inlet port of each cylinder. Direct cylinder injection is the term for fuel injection into the 
cylinder—usually after the intake valve has closed.

  7.	 Combustion chamber design: Typically, combustion chambers are described as open 
(single) or divided (multiple). Most engines utilize open chambers, but some engines 
may include multiple chambers. One category of engines that use the multiple chamber 
designs is the pre‐chamber diesel engine.

  8.	 Load control: Throttling the intake mixture (typically used by spark‐ignition engines) and 
fuel metering (typically used by compression ignition engines).

  9.	 Cooling: Engines are typically liquid or air‐cooled. The liquid is almost always a water 
mixture (which includes some anti‐freeze liquid components).

10.	 Ignition: Spark ignition (forced) or compression ignition (spontaneous). This is perhaps 
the most defining classification. Once the ignition classification is specified, many of the 
other engine characteristics are fixed. For example, for spark ignition, the engine must 
utilize a premixed fuel and air mixture, the fuel must vaporize fairly easily and resist 
knock, and the combustion process must be one of continuous flame propagation. For 
compression ignition, on the other hand, the fuel needs to enter the cylinder near TDC, the 
fuel needs to be relatively easy to autoignite, and combustion will occur at various sites 
with limited (or no) formal flame propagation.

As can be understood from the above, many items may be used to characterize a specific 
engine. More importantly, the above characterizations provide a way to understand the great 
variety of engine designs that are possible.
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2.4  Basic Engine Components

Although the objective of this book is not to provide a comprehensive introduction to 
engines, it is useful for some brief comments to be included on the basic engine components 
and operation. Basic engine components include the engine structure which is often divided 
into the engine block and the cylinder head. The engine block includes the engine cylinders, 
pistons, camshaft (if located in the block), crankshaft and crank case. The cylinder head may 
include the spark plugs, overhead camshaft, valves, and (for some designs) fuel injectors. 
Valve systems include valve stems, seats, and return springs. Pistons include the piston, 
rings, and piston pin attachment. Connecting rods are the links between the piston and the 
crankshaft. Push rods are often part of the valve actuation system if the camshaft is located in 
the block. Other items include bearings, water cooling components, gaskets, oil components, 
and fuel pumps. Although these components are different for different versions of engines, 
they often share some basic similarities. More details on engine components may be found 
elsewhere [1–5].

2.5  Engine Operating Cycles

Two operating cycles are possible for reciprocating engines. The two‐stroke cycle is a design 
based on accomplishing all events within one revolution (two strokes) of the crank [2]. This 
means that many of the events must overlap. For example, as the piston is moving away from 
the cylinder head during the expansion stroke, the exhaust ports must open so that exhaust can 
be completed before the return stroke (which will be part intake and part compression stroke). 
In theory, the two‐stroke cycle engine should produce twice as much power as the four‐stroke 
cycle engine, but due to practical limitations (related to the overlapping events) this is not real-
ized. In fact, most two‐stroke cycle engines struggle to have the performance of a comparable 
four‐stroke cycle engine.

The four‐stroke cycle is a design based on two revolutions (four strokes). Although not 
precisely true, this provides adequate time for the four main processes: intake, compression, 
expansion, and exhaust. All the work presented in this book is based on four‐stroke cycle 
engines.

2.6  Performance Parameters

2.6.1  Work, Power, and Torque

The fundamental objective of an engine is to provide shaft work. The time rate of work is 
power—so, in practice, engines are rated by power. Torque is another related performance 
measure that provides yet another aspect of engine output. Another measure is mean effective 
pressure. All of these performance parameters and others are described in the following.

The work from an engine cycle is determined from,

W pdV= ∫ (2.1)

For an engine cycle, this would be the area within the curve of a pressure–volume dia-
gram. Figure 2.1 shows an example of cylinder pressure as a function of cylinder volume for 



Overview of Engines and Their Operation� 13

a four‐stroke cycle engine using logarithmic scales.1 As noted in the figure, the area of the 
compression‐expansion (clockwise) part of the cycle is positive work out of the system, and 
the area of the exhaust‐intake (counterclockwise) part of the cycle is negative work into the 
system. These two parts can be expressed as the gross indicated work and the pumping work:

W pdVgross =
+

−
∫ 180

180
(2.2)

W pdVpump =
+

+
∫ 540

180
(2.3)

The crank angle numbering scheme is such that “−180°aTDC” is defined to be at BDC prior 
to the compression stroke. This means that a crank angle position of 0.0°aTDC is TDC during 
the combustion phase of the process. The gross indicated work is the work associated with the 
compression and expansion strokes. This is called indicated work—that is, the gases are able 
to provide this work at the piston. If the pumping work (Wpump) is subtracted from the gross 

1 The use of log scales is particularly useful for showing the pressures during the exhaust and intake processes which 
are lower than the combustion pressures.
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Figure 2.1  Cylinder pressure as a function of cylinder volume with the “work out” and the “work in” 
noted for a four‐stroke cycle engine operating at part load and 1400 rpm
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indicated work, the result is the net indicated work. Again, this is the net result of the gases 
acting on the piston.

W W Wnet ind gross pump= − (2.4)

Finally, to get the work at the engine shaft (Wshaft), the friction work (Wfrict) needs to be 
subtracted.

W W Wshaft net ind frict= − (2.5)

The shaft work is also known as brake or delivered work,

W W Wshaft brake delivered= = (2.6)

To get the equivalent power terms, the work values are multiplied by the engine speed. 
One additional consideration in doing this conversion is to note the number of revolutions 
per “event.” Since this is a four‐stroke cycle, two revolutions are needed for each event. So a 
conversion term is needed,2

n = 2
rev

event
(2.7)

Power is then found,

Power W p
dV

dt
= = ∫� (2.8)

In terms of units,

Power W
W N

n
= =











�

kJ

event

rev

s
rev

event






(2.9)

where N is the engine speed in “rev/s.” This provides power with units of kJ/s or kW. As with 
the work terms, the power may be expressed on a “gross,” “net ind,” or “brake” basis.

Power W
W N

ngross gross
gross= =� (2.10)

Power W
W N

nnet ind net ind
net ind= =� (2.11)

Power W
W N

nbrake brake
brake= =� (2.12)

2 For a two‐stroke cycle, the conversion term is 1 rev/event.
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Torque may be determined from the power value

T
Power

Ngross
gross=

2π (2.13)

In terms of units,

T
Power

s

N
gross

gross
kJ

rad

rev

re
=











2π vv

s






(2.14)

This provides torque with units of “kJ” or “kN‐m.” Note that torque can be expressed in the 
three ways (as described above).

T
Power

Ngross
gross=

2π (2.15)

T
Power

Nnet ind
net ind=

2π
(2.16)

T
Power

Nbrake
brake=

2π (2.17)

2.6.2  Mean Effective Pressure

The mean effective pressure is the average cylinder pressure that provides the equivalent work 
of the actual cycle. Figure 2.2 shows the cylinder pressure as a function of cylinder volume for 
a wide open throttle condition (WOT). For this case (for one cylinder), the indicated work is 
0.616 kJ/event, and the displaced volume is 0.717 dm3. The rectangle in the figure represents 
the same area that applies to the compression and expansion strokes, and hence, provides the 
same gross indicated work value. This is accomplished with a mean pressure of 1006 kPa. 
Therefore, the indicated mean effective pressure is 1006 kPa. The mean effective pressure can 
be found from the work or power:

mep
W

V

Wn

V N
= =

d d

�
(2.18)

As with the other parameters, the mean effective pressure may be defined for the different 
cases:

gmep = gross indicated mep (2 strokes)

nmep = net indicated mep (4 strokes)

bmep = brake mep

fmep = friction mep
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In terms of performance parameters, the mean effective pressure is a good way to compare 
different size engines. Small or large, the mean effective pressure is an indication of the rela-
tive power for that size engine. A high mean effective pressure indicates an engine design that 
is producing high output for its size.

2.6.3  Thermal Efficiencies

Thermal efficiencies are of major importance for engine designers. The thermal efficiency for 
engines is based on the amount of work (power) that is obtained for a certain amount of fuel 
energy (rate of fuel energy). The fuel energy is almost always specified by the lower heating 
value (LHV) of the fuel. Thermal efficiencies are given by

ηt
f burned

= W

m LHV,
(2.19)

Figure 2.2  Cylinder pressure as a function of cylinder volume for a wide open throttle (WOT) 
condition. The gross indicated mean effective pressure (gmep) is noted
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where mf burned,  is the fuel burned. If all the fuel is not burned, then combustion efficiency is 
defined to reflect the amount of fuel actually burned,

ηc
f burned

f input

=
m

m
,

,
(2.20)

The product of the two efficiencies is known as the fuel efficiency,

η η ηf c t
f input

= = W

m LHV,
(2.21)

These efficiencies, as with all the other parameters, may be expressed for the different cases 
(gross indicated, net indicated, and brake).

2.6.4  Specific Fuel Consumption

Another measure of the engine’s efficiency is the specific fuel consumption (sfc) which is 
defined as

sfc
m

W
=
�
�

f input, (2.22)

The sfc is obviously related to the thermal efficiency,

sfc
LHV

= 1

ηf
(2.23)

The sfc may be expressed for the different cases (gross indicated, net indicated, and brake). 
For example, if brake specific fuel consumption (bsfc) is desired, the conversion (eq. 2.23) 
would use the brake fuel efficiency (η f brake, ).

2.6.5  Other Parameters

Another performance parameter is mechanical efficiency,

ηm
brake

net ind

brake

net ind

= = =
W

W

W

W

bmep

nmep

�
� (2.24)

Definitions of the mechanical efficiency vary in the literature. In some cases (e.g., [1]), 
the definition is based on the gross indicated work. In this case, the mechanical efficiency 
provides a measure of both the mechanical friction as well as the pumping work losses. Other 
authors (e.g., [5]) base the mechanical efficiency on the net indicated work—as defined in eq. 
2.24. For this case, the mechanical efficiency provides a measure of only the mechanical fric-
tion. Values for mechanical efficiency may range between zero (idle) and about 95% (WOT).
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Finally, one other performance parameter will be introduced. The volumetric efficiency is 
defined as the ratio of the mass of the actual air inducted and the mass of air that would occupy 
the displaced volume at some standard air density (ρair).

η
ρ ρv

air

air d

air

air d

= =
m

V

m

V N

�
(2.25)

The volumetric efficiency is defined to provide a standard indication of how well the engine 
is provided air. This requires some definition for the air density (ρair) which could be defined 
for the ambient conditions, the inlet manifold conditions, the inlet port conditions, or some 
other specification. For this reason, any presentation of the volumetric efficiency should be 
accompanied by its definition. Typically, values of volumetric efficiency range between about 
50% and over 100%. Volumetric efficiencies greater than 100% are possible due to dynamic 
flow charging, the definition of the air density, or other reasons.

2.7  Summary

This chapter provided descriptions of the goals of engine designs, classifications of engines, 
major engine characteristics, a brief list of engine components, two operating cycles, and 
performance parameters. The discussion of performance parameters included descriptions of 
torque, power, mean effective pressure, thermal efficiencies, specific fuel consumption, and 
volumetric efficiency. This section described that the performance parameters may be deter-
mined on a gross indicated, net indicated or brake basis. Much more detail on these topics may 
be found in many available engine books (e.g., References [1–5]).
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3
Overview of Engine Cycle 
Simulations

3.1  Introduction

This chapter will provide a brief overview of the various types and evolution of engine cycle 
simulations. Engine cycle simulations have been developed and used to study a variety of 
features and issues relative to internal‐combustion engines for over half a century. A portion 
of these previous studies are mentioned in this chapter, but a comprehensive review is beyond 
the scope of this book. In the beginning, engine cycle simulations were fairly elementary, and 
were limited by both computing capabilities, and a lack of knowledge concerning key sub‐
processes. In time, these simulations have evolved into sophisticated tools that are used in a 
fairly standard fashion by all engine manufacturers. Many of the modern simulations contain 
advanced and detailed features for items such as fluid mechanics, combustion, chemical reac-
tions, heat transfer, and friction.

This chapter will briefly describe the earliest attempts at engine analysis (air standard 
cycles), the development of thermodynamic simulations, and the related development of 
multi‐dimensional simulations. The history of the development of engine cycle simulations 
is a record of continual improvement and sophistication in these models. An overview of this 
development history is provided next.

3.2  Ideal (Air Standard) Cycle Analyses

From the beginning of reciprocating engine development, engineers and scientists have 
attempted to model the overall engine operation to help understand and improve the tech-
nology. The earliest such models were based on ideal (air standard) cycles. Although these 
were very crude, they helped the early engineers understand engine operation and actually 
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provided some trend‐wise insight. The first of these models were developed in the late 1800s.1 
These models are based on the simple application of the first law of thermodynamics, and a 
set of simplifying assumptions and approximations. The most common set of assumptions and 
approximations are

1.	 the working fluid is approximated as pure air (often based on constant properties);
2.	 the working fluid is spatially uniform;
3.	 the compression and expansion processes are adiabatic and reversible;
4.	 the heat release due to combustion is simulated by heat addition under prescribed condi-

tions (e.g., constant volume at TDC);
5.	 the exhaust blow‐down process is simulated by a constant volume heat loss at BDC;
6.	 inlet and exhaust displacement processes are not included.2

Since these assumptions and approximations are based on ideal processes, the results are 
typically much too optimistic compared to actual engine performance. The trends of a couple 
of important engine characteristics, however, are predicted (this is described below).

Improvements to the air standard cycle analysis were adopted in the 1930s [2]. These 
improvements included using more realistic thermodynamic properties based on more real-
istic mixtures. For example, during the compression process, the working fluid was modeled 
as a mixture of fuel vapor, air, and residual gases. After combustion, the working fluid was 
modeled as consisting of equilibrium products for the appropriate inlet mixture. Although this 
was a much more realistic model for the working gases, the predictions were improved only in 
a modest manner since the other assumptions and approximations were still present.

This set of assumptions and approximations define the ideal (air standard) cycles. Special 
versions of these cycles have been given specific names:

1.	 “Otto” cycle—constant volume heat addition. This version is named after Nikolaus Otto 
(1832–1891), a German inventor who built the first practical four‐stroke cycle engine 
in 1876. This version of the air standard cycle is often thought to best represent the 
spark‐ignition engine.

2.	 “Diesel” cycle—constant pressure heat addition. This version is named after Rudolf Diesel 
(1858–1913). He patented (1898) an engine concept that attempted to have constant tem-
perature combustion with the intent that the engine could approach the Carnot heat engine 
concept. In practice, the original versions of this engine possessed more of a constant pres-
sure combustion event. This explains the naming of this version of the air standard cycle. 
Most modern diesel engines do not possess a constant pressure combustion process.

3.	 “Dual” cycle—combination of constant volume and constant pressure heat addition. This 
version of the air standard cycle might be expected to result in a better representation of 
the time‐varying cylinder pressure for both SI and CI engines. The disadvantage is that this 
version requires two additional constants that must be specified.

1 Direct evidence of this knowledge was not found, but indirect evidence is available (e.g., Reference 1).
2 Some versions of the ideal cycle analyses do attempt to include some elementary models for the intake and exhaust 
processes [3].
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4.	 “Atkinson” cycle—larger expansion ratio than compression ratio. This version of the air 
standard cycle provides an expansion stroke that is longer than the compression stroke. 
This cycle has the potential to supply additional work compared to a similar engine with 
equal compression and expansion strokes. In practice, the larger expansion ratio can reduce 
the effectiveness of the exhaust process. A case study on this concept using the engine cycle 
simulation is presented at the end of the book.

Results from these ideal cycles are widely available (e.g., Reference 3), and these results 
will not be repeated here. The performance parameters such as efficiency, work, torque, and 
power predicted by the air standard cycles are often a factor of about two too high. This 
defect is largely due to the assumptions of heat addition instead of actual combustion, adi-
abatic and reversible processes, and no gas exchange. The assumption of air as a working 
fluid is a more modest weakness. The deficiencies of these ideal cycles have been quantified 
elsewhere [4].

The simple, ideal cycle analyses do, however, provide a couple of trend‐wise results 
that are consistent with actual practice. These are that efficiency and performance increase 
with (i) increasing compression ratio, and (ii) increasing ratio of specific heats. These 
aspects are actually quite significant, and attest to the fact that for all the simplicity, the 
ideal cycles do capture at least some of the important thermodynamics associated with IC 
engines. Appendix A is a description of the thermodynamic implications from the simple 
“Otto” cycle.

3.3  Thermodynamic Engine Cycle Simulations

The development and use of thermodynamic engine cycle simulations have been reported 
since the early 1960s. As mentioned above, these simulations were not fully possible until 
computer capability increased, and understanding of the various sub‐processes improved. The 
original simulations were based on one‐zone and two‐zone formulations, and utilized a num-
ber of simplifying assumptions and approximations. Patterson and van Wylen [5] reported 
one of the first thermodynamic simulations for a spark‐ignition engine in the early 1960s that 
included unburned and burned zones, progressive combustion, heat transfer, and flame propa-
gation for uniform (homogeneous) charge engines. Their simulation did not, however, include 
flow rates, heat transfer from the unburned zone, or heat transfer during the compression pro-
cess. Nevertheless, in many ways this simulation was a signal achievement, and the start of a 
long history of the development and use of thermodynamic engine simulations. Interestingly, 
this work also included one of the first presentations of the results of an exergy (availability) 
analysis.

McAulay et al. [6] and Krieger and Borman [7] reported in the early 1960s on the devel-
opment of thermodynamic simulations for compression‐ignition engines. Their simulations 
were fairly complete, but a major weakness was the lack of a comprehensive description of the 
complex diesel engine combustion process. Engine cycle simulations improved rapidly during 
the 1960s and early 1970s. Bracco [8] summarized some of these developments.

A study by Heywood et al. [9] in 1979 described one of the first simulations using three 
zones for the combustion process. For their formulation, the burned zone was divided into an 
adiabatic core and a boundary layer zone (in addition to the unburned zone). The introduction 
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of the adiabatic core is especially important for the accurate prediction of nitric oxide spe-
cies due to the high dependence on temperature of the chemical kinetics for the nitric oxide 
reactions. The use of three zones for the combustion process is employed in the current 
work. The details of this formulation and their results are provided in subsequent portions of 
this book.

Blumberg et al. [10] in 1979 published a review of these types of cycle simulations, and 
described the use of multiple zone simulations. In particular, they noted that the use of a 
boundary layer zone allows a better representation of the heat loss which is known to be 
confined largely to the region near the walls. James [11] in 1982 also commented on the 
importance of multiple zones for predicting nitric oxide emissions. In addition, Raine et al. 
[12] in 1995 published results from a cycle simulation using multiple zones for the burned 
gas. They were able to show the importance of multiple zones especially for the computation 
of nitric oxides. This work did not include the specific use of a boundary layer and did not 
include flows.

A complete citation of all investigations in this area is beyond the scope of the current work, 
but the above is representative of this work. A good reference for the state of the art regarding 
engine simulations at the end of the 1970s is a collection of papers presented at a 1978 con-
ference [13]. Since that time, the development and use of thermodynamic engine cycle sim-
ulations has continued to make progress. The use of such simulations is now a routine aspect 
of engine design and development. Most major engine companies have their own “in‐house” 
version of thermodynamic simulations. Reviews of the development of these simulations are 
provided by Ramos [14] and Primus [15]. A related review is supplied by Rakopolpulas and 
Giakoumis [16] on engine simulations for transient operation. Transient engine operation is 
not included in the current book. In addition, beginning in the 1980s, several companies offer 
commercial engine cycle simulation products. Some of these commercial simulations are 
described at the end of this chapter.

3.4  Quasi‐dimensional Thermodynamic Engine Cycle Simulations

The basic thermodynamic engine cycle simulation has no spatial context. This aspect can be 
improved by developing empirical relations for the location of the flame front. By using the 
geometric structure of the combustion chamber and using a flame propagation velocity and 
geometry, the flame may be identified and assigned a spatial location. These models are often 
called “quasi‐dimensional” since there is a sense of dimensionality, but these models do not 
have a strict mathematical dependence on any of the dimensions.

Some of these models use elaborate algorithms to predict the flame development and 
growth. These models may use laminar flame velocity data augmented with turbulence con-
siderations. Other models may use a turbulent entrainment submodel with a laminar burning 
process based on a characteristic length scale. Several references are available that review the 
status of these models [17,18].

Often these quasi‐dimensional engine cycle simulations will assume a spherical flame 
shape. This provides a way to “locate” the flame relative to combustion chamber features 
such as spark plug, piston top, or cylinder head. Many of these models need sophisticated 
geometric sub‐routines to compute the complex intersections of the spherical flame front and 
the various boundaries.
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In general, the quasi‐dimensional engine cycle simulations have proven successful in pre-
dicting engine performance for spark‐ignition engines. The level of empirical input, how-
ever, is often quite high and the simulation may be “tuned” to provide good agreement with 
experimental information. Although these simulations may provide some added benefits, they 
are also less fundamental and may mask some of the fundamental thermodynamic features 
of the engine. For the current purposes, the results presented in this book are limited to zero‐
dimensional, thermodynamic simulations.

3.5  Multi‐dimensional Simulations

The development of full multi‐dimensional engine simulations has a long and successful his-
tory. To a large degree, multi‐dimensional simulations have been developed in parallel with 
the thermodynamic simulations, and serve a different purpose. The multi‐dimensional simula-
tions, in general, are based on the full set of governing partial‐differential conservation equa-
tions. Often these simulations are considered a part of computational fluid dynamics (CFD) 
work. To complete the solution of the three‐dimensional governing equations, the simulations 
use sub‐models for items such as the turbulence, chemical reactions, heat transfer, fuel jet 
behavior, and boundary layer processes. The potential of these simulations is that the detailed 
spatial and time information is available in an exact manner from the fundamental governing 
equations. The obvious disadvantages are that the computations are time‐consuming, and that 
the detail sub‐models are not always known.

An important aspect of these simulations is establishing the three‐dimensional computa-
tional grid. For actual combustion chambers with irregular surfaces, this can be a complex 
procedure. Some of the issues with developing this computational grid are that different 
regions of the computational space need different grid resolution. For example, the region 
near surfaces may need a finer grid to capture the processes in the boundary layer whereas the 
grid in the center of the cylinder may need less resolution.

The solution of these governing equations is difficult and requires intensive computer time. 
The time and length scales differ significantly so that no simple computational scheme can be 
employed with universal success.

Obviously, the advantages of the multi‐dimensional simulations are that much of the high 
level physics and chemistry is inherent in the results. For example, the chemistry and tur-
bulence can be determined throughout the combustion chamber. The local temperatures are 
likely to be much more realistic than the simple approach used by the thermodynamic sim-
ulations. In addition, assessments of the effects of combustion geometry changes should be 
much more accurate.

The following are some brief comments that compare and contrast the multi‐dimensional 
and the thermodynamic simulations. The two categories of simulations have different goals 
and provide different types of outputs. These two categories of simulations are often used 
together in a synergistic fashion—the strengths of each helping to better understand engine 
operation. The obvious contribution of the multi‐dimensional simulations is that the spatial 
and temporal information is highly detailed and complete. These details may help better 
understand the fuel sprays, fuel vaporization, fuel vapor and air mixing, local ignition, com-
bustion, local heat transfer, and emissions formation. Most of these items (on a detailed spa-
tial basis) are outside the scope of the basic thermodynamic simulations. On the other hand, 
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determining overall thermodynamic states during the engine cycle for a variety of engine 
design and operating conditions is readily obtained from the thermodynamic simulations and 
would be impractical from the multi‐dimensional simulations.

The next discussion will provide a brief review of the status of multi‐dimensional sim-
ulations as of 2015. This is a highly evolving field due to advances in computing process-
ing (faster hardware), advances of computing techniques (faster software), and advances 
in understanding the physical and chemical processes. Shi and Reitz [19] provide a review 
of these types of simulations as of 2010. They summarize the basic approach of CFD type 
computations, and the modeling needed for turbulence, spray and evaporation, combustion, 
pollutant emissions, and cylinder heat transfer. They also include a discussion of approaches 
for computationally efficient strategies for diesel engine combustion with detailed chemistry. 
Shi and Reitz end this review by commenting on the various computer codes available. These 
include the KIVA CFD codes which are largely open‐source codes. Other engine CFD codes 
are commercial and include CFX, CONVERGE, FIRE, FLUENT, FORTÉ, STAR‐CD, and 
VECTIS [19]. More details on KIVA and the commercial codes are provided at the end of 
this chapter.

As an example, the evolution of the KIVA codes will be described next. The initial KIVA 
codes were developed in the early 1980s by a team at Los Alamos National Laboratory, 
and were initially released to a select few industrial and academic partners. The first public 
release of the code occurred in 1985, and the code continues to be available to the public. 
Much of the success of the KIVA code has been attributed to the close collaboration with 
the users in industry, national laboratories and academia [20]. The KIVA codes continue to 
evolve both with more efficient computational techniques and submodel capabilities. Some 
examples of strategies to reduce the computational effort and numerical inaccuracies are 
outlined by Shi et al. [21]. Many other references may be cited for examples of multidimen-
sional engine simulation work (e.g., References 22 and 23). As this is not the main thrust 
of the current work, no further comments will be provided regarding multi‐dimensional 
simulations.

3.6  Commercial Products

A listing of commercial products is problematic since after this book is published the com-
panies listed may cease to exist and new ones may be formed. In spite of this concern, this 
subsection will provide a brief listing of the products that are available as of 2015. The follow-
ing list is provided in two parts: (i) thermodynamic/quasi‐dimensional simulations, and (ii) 
multi‐dimensional simulations. Related software that is not focused on reciprocating engines 
is not included.

3.6.1  Thermodynamic Simulations

The following is a list of these types of engine cycle simulations—listed in alphabetical order.

a.	 AVL Boost (AVL List GmbH): Boost was created within AVL’s department for applied 
thermodynamics. The task of engine analysis using thermodynamic measurements and cal-
culations is a special focus of this code [24].
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b.	 GT‐Power (Gamma Technologies, Inc.): Formed in 1994, Gamma Technologies provides 
a suite of engine and vehicle simulations that include the base engine program, GT‐Power 
[25].

c.	 Lotus Engine Simulation (Lotus Cars, Ltd.): This program appears to be based on the 
engine simulation software that the company uses in their own engine design and develop-
ment activities [26].

d.	 Virtual Engine (Optimum Power Technology): Originally developed by Professor Gordon 
Blair [27,28], this engine simulation software is available in two versions: for two‐stroke 
cycle and for four‐stroke cycle engines. The company has other related software products 
[29].

e.	 Wave (Ricardo, plc): Originally formed in 1983 as Integral Technologies, Inc., Ricardo 
purchased the company in 1988. The existing engine cycle simulation was renamed Wave, 
and has continued to evolve [30].

3.6.2  Multi‐dimensional Simulations

Multi‐dimensional simulations have a close connection to other types of computational tools 
in the computational fluid dynamics (CFD) category. As described above, the first develop-
ments were supported by the United States government and originated from work at Los 
Alamos Laboratory. Commercial products were introduced beginning in the 1980s and new 
products continue to become available. The following is a list of these types of engine cycle 
simulations—listed in alphabetical order.

a.	 AVL FIRE (AVL List GmbH): Fire is a multi‐purpose computational package with an 
emphasis on fluid flows for IC engines [31].

b.	 CFX (Ansys, Inc.): This software has been used for engine CFD computations, but has 
many other applications [32].

c.	 CONVERGE (Convergent Sciences, Inc.): An engine simulation code which claims robust 
spray and combustion models using adaptive mesh refinement (AMR) technology [33].

d.	 FLUENT (ANSYS, Inc.): A general CFD package that includes special models that give 
the software the ability to model in‐cylinder combustion [34].

e.	 FORTÉ (Reaction Design): Simulation package for combustion engines that incorporates 
CHEMKIN‐PRO solver technology [35].

f.	 KIVA (Los Alamos National Laboratory): As described above, this development began in 
the 1980s, and is available as an open source code [36].

g.	 OpenFOAM (OpenCFD, Ltd.): An open source CFD software package, licensed and 
distributed by the OpenFOAM Foundation and developed by OpenCFD Ltd. [37]. 
This software is being developed by several groups for engine applications (e.g., Refer-
ence 38).

h.	 STAR‐CD (CD‐Adapco): The original software for the current package was one of the 
first commercial multi‐dimensional engine codes. The original software was produced by 
Computational Dynamics, London, England—a company that was started in 1987 [39].

i.	 VECTIS (Ricardo, plc): A three‐dimensional fluid dynamics program that has been devel-
oped specifically to address fluid flow simulations in the vehicle and engine industries. This 
software includes an automatic mesh generator [40].
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3.7  Summary

The three classifications of engine simulations provide three different sets of tools for under-
standing engine operation. Each type of simulation has its own strengths and weaknesses. Obvi-
ously, the basic thermodynamic engine cycle simulation may provide the most robust, rapid 
results. These simulations are ideal for routine “scoping” and fundamental thermodynamic 
studies. In addition, these simulations are ideal for intensive, parametric studies where a wide 
range of values of many parameters need to be investigated. The quasi‐dimensional engine 
cycle simulation is a good choice where information is needed relative to different combustion 
geometry over a fairly wide range of values and variables. Although the quasi‐dimensional 
simulations are not based on fundamental governing equations for the spatial dependence, 
these simulations have proved to be useful. Finally, the multi‐dimensional cycle simulations 
may be used to study details at one or a few specific engine operating conditions. These 
multi‐dimensional simulations are the only way to capture spatial information based on the 
governing equations.

As a summary of the above, Figure 3.1 shows a simplified chart of the evolution of engine 
cycle simulations. Two categories of features are used to illustrate this evolution. Along 
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the x‐axis, the engine processes of mixture formation, combustion, flows, and heat transfer 
are listed. As the simulations improve from left to right, the description of these processes 
improves. For example, for combustion, the simplest sub‐model is heat addition as used in 
the ideal (air standard) analyses. The next improvement for the combustion sub‐model is a 
finite rate expression that is a simple input. A further improvement would involve some form 
of modeling the turbulent flame. Finally, at the furthest right location, the combustion would 
be modeled with the complete partial differential governing equations with proper sub‐models 
for the turbulence, combustion reactions, and local heat transfer. The other engine processes 
improve from left to right in a similar manner.

Along the y‐axis, the algorithms used to find the thermodynamic properties are listed. 
Starting at the bottom and proceeding to the top, the algorithms become progressively 
more thorough and representative of the actual working fluid. At the bottom, the proper-
ties are determined for pure air with constant specific heats. This would be the approach 
used in the ideal (air standard) cycle analyses. As the simulations improve from bottom to 
the top, the properties are more completely described. These improvements include using 
chemical equilibrium descriptions for the combustion products, using chemical kinetics to 
predict emissions, and at the most complete level, using complete chemistry at all times 
to have the most accurate depiction of the species concentrations and the thermodynamic 
properties.

The intersection of an engine process description and a thermodynamic property approach 
provides a specific type of engine simulation. The least accurate of both the process descrip-
tion and the property approach intersects at the “air standard cycles” while some of the 
intermediate intersections are for versions of the thermodynamic cycle simulation. The final 
intersection at the top, right‐hand corner represents a complete computational fluid dynamic 
solution. This does not exist, but is a goal of current development.
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Appendix 3.A: A Brief Summary of the Thermodynamics of the “Otto” 
Cycle Analysis3

This appendix contains a brief summary of the thermodynamics associated with the sim-
ple “Otto” cycle analysis. As described in the main text, the “Otto” cycle analysis is based 
on several simplifying assumptions and approximations. The analysis assumes adiabatic and 
reversible compression and expansion, and constant volume heat addition at TDC. Since the 
analysis does not include any gas exchange strokes, the geometric compression ratio is the 
effective compression ratio. Other simplifications may be found in complete descriptions of 
the analysis [3].

The results of the “Otto” cycle analysis are well known, and include the increase of thermal 
efficiency with increases of compression ratio and with increases of the ratio of specific heats. 
Examples of these results are provided below. Outside of these two parameters, however, the 
“Otto” cycle analysis provides little useful information. But the importance of compression 
ratio and the ratio of specific heats is significant, and the following will elaborate on these 
features of the “Otto” cycle results.

Of particular interest to the work presented in this book is the role of the ratio of specific 
heats. The ratio of specific heats is often given the symbol gamma (γ), and for simplicity 
“gamma” will be used in the following discussion as a replacement for the phrase “ratio of 
specific heats.”

Although gamma is the property used throughout this discussion, the specific heats are the 
parameters of direct interest. Gamma and the specific heats are related:
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3 Another version of the material in this appendix is available in Reference 41.
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Figure 3.A.1  The cylinder pressure (relative to the initial pressure) as a function of the cylinder 
volume (relative to the minimum volume) for the compression stroke for three values of gamma for a 
compression ratio of 16. Source: Caton 2014b. Reproduced with permission from Elsevier
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Figure 3.A.1 shows the cylinder pressure (relative to the initial pressure, p1) as functions 
of the cylinder volume (relative to the minimum volume, Vmin at TDC) for three values of 
gamma for a compression ratio of 16. The compression work is proportional to the area 
under the curves. As the above expressions indicate, the compression work increases as 
gamma increases. The differences are modest for these conditions. For increases of gamma, 
however, this increase of compression work has a slightly negative effect for the overall 
cycle.

The heat addition (that simulates combustion) results in temperature and pressure increases, 
and these increases depend on the specific heats
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As the specific heats decrease (gamma increases), the temperatures and pressures after the 
heat addition increase. These higher pressures provide the potential for higher expansion work. 
This is the major effect of the specific heats on engine performance, and these effects are clearly 
illustrated elsewhere in this book for actual engines with progressive combustion processes.
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For the “Otto” cycle, Figure 3.A.2 shows the cylinder pressure (relative to the initial pres-
sure) as functions of the cylinder volume (relative to the minimum volume) for three values of 
gamma for the heat addition portion of the cycle. “State 2” (end of compression) is assumed to 
have a p2/p1 of 50 for consistency. For this evaluation, a heat addition of 2600 kJ/kg is assumed. 
The resulting cylinder pressure after the heat addition is highest for the highest gamma value. 
This is the dominant characteristic that leads to higher efficiencies as gamma increases.

For the (adiabatic) expansion work,
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Figure 3.A.2  The cylinder pressure (relative to the initial pressure) as a function of the cylinder volume 
(relative to the minimum volume) for the heat addition for three values of gamma for a compression ratio 
of 16. All three results should be located at V/Vmin of 1.0, but for clarity they are shown slightly off set 
from this value. Source: Caton 2014b. Reproduced with permission from Elsevier
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As the specific heats decrease (gamma increases), the expansion work decreases. This is a 
slightly negative effect for the overall cycle. Figure 3.A.3 shows the cylinder pressure (relative 
to the initial pressure) as functions of the cylinder volume (relative to the minimum volume) 
for three values of gamma for the expansion stroke. For consistency, p3/p1 was the same for 
all three cases with a value of 200. The same starting point is important for a fair comparison. 
The differences between the three curves are modest, but the increase of gamma does result in 
a slightly negative effect for the overall cycle.

Figure 3.A.4 shows the non‐dimensional work (described in the above equations) as func-
tions of gamma for the compression and expansion strokes for a compression ratio of 16. The 
compression work increases and the expansion work decreases as gamma increases. Both of 
these trends are slightly negative relative to the overall efficiency.

In summary, the dominant effect of higher gamma (lower specific heats) are higher tem-
peratures and pressures during the heat release portion of the cycle, and this increases the 
potential for greater expansion work. For the expansion and compression portions of the cycle, 
however, the lower specific heats (higher gamma) have a slightly negative impact on the net 
work delivered. The results presented elsewhere in this book support these conclusions for 
actual engine cycles and provide quantitative values for these increases.
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Figure 3.A.3  The cylinder pressure (relative to the initial pressure) as a function of the cylinder 
volume (relative to the minimum volume) for the expansion stroke for three values of gamma for a 
compression ratio of 16. Source: Caton 2014b. Reproduced with permission from Elsevier
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The results described above are combined for a complete cycle. Figure 3.A.5 shows 
the cylinder pressure (relative to the initial pressure) as functions of the cylinder volume 
(relative to the minimum volume, TDC) for two  values of gamma for the complete cycle. 
Only two  values of gamma are used for clarity. For the highest gamma (γ = 1.40), the 
state points (1, 2, 3, and 4) are denoted. This case is the solid line. The case with the lower 
gamma (γ = 1.20) is denoted with the dashed line. Each of the portions of this cycle may 
now be considered.

Since state 1 is the same for both cases, the compression stroke starts at the same pressure. 
For the higher gamma case, the final pressure (state 2) is higher and this is consistent with the 
higher work associated with the higher gamma.

For the heat addition portion of the cycle (state 2 to state 3), the higher gamma case results 
in a higher final pressure. This case begins at a slightly higher pressure (state 2), but as shown 
in Figure 3.A.2, the higher gamma case will produce a higher final pressure.

For the expansion stroke, the interpretation is not as direct. Since the starting point (state 3) 
is different for the two cases, the actual effect of gamma on expansion work is not obvious. 
From Figure 3.A.4, however, the expansion work would be less for the higher gamma case if 
state 3 was the same. In the actual cycle, the expansion work is less largely due to the lower 
pressure (state 3) associated with the lower gamma.

Figure 3.A.4  The non‐dimensional work for the compression and expansion strokes as functions 
of gamma for a compression ratio of 16 based on the “Otto” cycle analysis. Source: Caton 2014b. 
Reproduced with permission from Elsevier
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Figure 3.A.5  The cylinder pressure (relative to the initial pressure) as a function of the cylinder 
volume (relative to the minimum volume) for the “Otto” cycle for two values of gamma for a 
compression ratio of 16. Source: Caton 2014b. Reproduced with permission from Elsevier

Figure 3.A.6 shows the “Otto” cycle thermal efficiency as functions of gamma for two  
compression ratios. Increasing gamma increases the thermal efficiency in a major way. Fur-
ther, this illustrates that the net effect of increasing gamma on thermal efficiency is due to the 
positive effect during the heat addition. And these results confirm the statement that higher 
gamma during compression and expansion produces relatively minor negative effects.

As Figure 3.A.6 demonstrates, small changes of gamma result in significant increase of 
the efficiency. For example, for a compression ratio of 16, the change from a gamma of 
1.2 to 1.3 (about an 8% increase) results in an increase of the thermal efficiency of 13.9%, 
absolute (about a 33% relative increase). As described elsewhere in this book, an important 
contribution to the increased efficiencies of advanced, high efficiency engines can be shown to 
be the increase of gamma for these types of engines (see related case study on high efficiency 
engines).

In summary, the ideal cycle analysis produces results which are much too optimistic, and 
the analysis does not include many of the engine operating and design parameters. This is an 
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Figure 3.A.6  The “Otto” cycle thermal efficiency as functions of gamma for compression ratios of 8 
and 16. Source: Caton 2014b. Reproduced with permission from Elsevier

elementary approach to understanding engine operation, but does provide the correct trends 
with respect to compression ratio and the ratio of specific heats. As shown in this appendix, 
modest increases of the ratio of specific heats (gamma) result in significant increases of the 
thermal efficiencies.
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4
Properties of the Working Fluids

4.1  Introduction

This chapter is concerned with the required algorithms to compute the properties of the work-
ing fluids. The thermodynamic properties needed for solving the first law relations include 
the internal energy, enthalpy, gas constant, molecular mass, and a number of property deriv-
atives. In addition, entropy is needed to complete any second‐law analysis. These properties 
are needed as functions of time (crank angle) for the cylinder contents and for any material 
entering the cylinder. Most of the following description of the determination of composi-
tion and property values for the engine cycle simulation closely follows the procedures and 
nomenclature used by Heywood [1].

Depending on the specific processes during a cycle, the thermodynamic properties may be 
for mixtures of air, fuel vapor, and combustion products. The concentrations of the combus-
tion products may be “frozen” for the lower temperatures, or these concentrations may be 
based on an instantaneous determination of chemical equilibrium for higher temperatures. In 
general, the determination of the equilibrium composition of the products is somewhat com-
plex and one of the computationally intensive aspects of cycle simulations.

This chapter will include descriptions of the algorithms used for determining the thermo-
dynamic properties for the (i) unburned mixtures, (ii) burned mixtures, and (iii) equilibrium 
compositions. This chapter will conclude with examples of the thermodynamic properties of 
the working fluids as functions of temperature, pressure and equivalence ratio.

4.2  Unburned Mixture Composition

The unburned mixture during the compression stroke prior to combustion consists of the inlet 
mixture of air and fuel, and the residual cylinder contents of combustion products from the 
preceding cycle. The residual fraction is defined as

x
m

mr
r

c

= (4.1)
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where mr is the residual mass and mc is the trapped charge mass. If exhaust gas recirculation 
(EGR) needs to be considered, this may be incorporated as follows:

EGR EGR

i

(%) =






×
m

m
100 (4.2)

where mEGR is the recycled exhaust gas mass and mi is the inducted mass. The burned gas 
fraction1 is therefore defined as

x
m m

m
x xb

EGR r

c
r r

EGR=
+

= 



 −( ) +

100
1 (4.3)

In general, the determination of the species in the burned gas fraction is a major part of 
determining the unburned mixture properties. For a simple hydrocarbon fuel (CHy), the reac-
tion may be represented (for one mole of O2 reactant) as

εφ ε φ ψC H O N

CO H O COCO H O CO

+ − + + →
+ + +

2 1 2 2 2

2 22 2

( )

n n n nn n nH O NH O N
2 2 22 2 2+ + (4.4)

where ψ  is the molar N/O ratio (= 3.7732 for pure air), y is the molar H/C ratio of the fuel, 
φ  is the fuel–air equivalence ratio, ni is the moles of species i per mole of O2 reactant, and 
ε = +( )4 4/ y . In the next subsection, the ni values are determined.

The unburned mixture (per mole of O2 reactant) contains the unreacted fuel and air (1–xb), 
and the burned gas fraction (xb). This mixture is represented by
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(4.5)

where Mf is the molecular mass of the fuel. Table 4.1 summarizes the moles of each species 
per one mole of reactant oxygen for both (a) the stoichiometric and lean cases and (b) the rich 
cases. The total unburned moles for both cases are:

n x
M

x nu b
f

b b= − +( ) + +








 +( )1

4 1 2
1

ε φ ψ (4.6)

The fuel molecular mass, Mf, for the assumed fuel molecule CHy( )α
 is

M yf = +( )α 12 (4.7)

1 The symbol, xb, is also defined later for the burned mass fraction during combustion. These two definitions are 
common in the literature, are related, and are easily distinguished by considering the context in which they are used.
2 The “3.773” for the molar N/O ratio is based on the use of an “apparent nitrogen species” which is weighted to 
include argon [1].
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and the mass of mixture (burned or unburned) per mole O2 in the mixture is given by

mRP = + +( ) +32 4 1 2 28 013φ α ψ. (4.8)

The molecular mass of the burned and unburned mixture, respectively, are given by

M
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= (4.9)

M
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u

= (4.10)

The values in Table 4.1 may be converted to mole fractions. For example, for oxygen in the 
burned gases of a lean or stoichiometric mixture,
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or simplifying,
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Table 4.1  Composition for the unburned mixtures (the moles of each species per 
one mole of reactant oxygen)

For ϕ ≤ 1.0 (stoichiometric and lean): For ϕ > 1.0 (rich):
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and (from below),

nb = − + +( )1 1ε φ ψ (4.14)

Therefore, combining,
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Each of the species may be converted to a mole fraction by this procedure.

4.2.1  Oxygen‐containing Fuels

The above may be extended to include alcohol or other oxygen‐containing fuels. In this case, 
the fuel is represented by CHyOz, and the balanced equation is
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where the following is defined
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Note the following:

y

z

y

=

=

=
+

C

H
C

O

ε 4

4

(4.18)

To use Table 4.1 for oxygen‐containing fuels, the following definitions are needed:
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The reactant expression is now

φ ε φ ε ψ* * *( )C H O N+ − + +2 1 2 2 2 (4.20)
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This reactant expression for oxygen‐containing fuels (excluding the “*”) is identical to the 
expression for the simple hydrocarbon. This allows Table 4.1 to be used for the composition 
for oxygen‐containing fuels using the following replacement:

●● replace ϕ with ϕ*
●● replace ψ with ψ*

4.2.2  Oxidizers

Conventional air (21%v O2) is the dominant oxidizer used by engines and in the following 
computations. Other oxidizers may be used, however. These other oxidizers may include pure 
oxygen, oxygen‐enriched air or oxygen‐depleted air. Examples of the use of oxygen‐enriched 
air are provided in one of the case studies.

4.2.3  Fuels

The majority of the following computations have been completed for isooctane as the fuel. 
Any pure fuel (or mixtures of pure fuels), however, may be used. As described above, the 
current formulations are designed for fuels of the form: CHyOz. Other forms of the fuel could 
be accommodated with some slight modifications of the above formulations. In any case, for 
use with the cycle simulation, the fuel properties need to be available in a form similar to that 
described above.

Table 4.2 lists eight fuels that have been used in previous computations using the cycle sim-
ulation described here. The list includes the fuel's molecular mass, stoichiometric mass air–
fuel ratio, lower heating value, exergy value, and the ratio of the exergy value and the lower 
heating value. Although the fuel properties span a significant range of values, engine perfor-
mance is similar for all fuels for the conditions examined [2]. The greatest differences were 
the values of the exergy destruction during combustion [2]. More details on engine results for 
different fuels are provided in one of the case studies.

Table 4.2  Fuel specifications [1]

Fuel
Molecular mass 

(kg/kmol) AF (stoich)
LHV 

(MJ/kgf)
Fuel exergy 

(MJ/kgf)
Fuel exergy/

LHV

Hydrogen, H2 2.016 34.15 120.0 113.5 0.946

Methane, CH4 16.04 17.17 50.0 49.9 0.998

Propane, C3H8 44.10 15.61 46.4 47.1 1.015

Hexane, C6H14 86.18 15.16 45.1 46.1 1.022

Isooctane, C8H18 114.2 15.07 44.4 45.5 1.025

Methanol, CH3OH 32.04 6.45 20.0 21.1 1.055

Ethanol, C2H5OH 46.07 8.97 26.9 28.4 1.056

Carbon monoxide 28.01 2.46 10.1 9.18 0.909
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With the above information, the unburned mixture composition is specified. Results for the 
mole fractions of the species and thermodynamic properties for the unburned mixtures for 
isooctane‐air mixtures will be provided later in this chapter.

4.3  Burned Mixture (“Frozen” Composition)

As mentioned above, for low enough temperatures, the chemical reactions are too slow to 
significantly alter the composition. For these cases, the composition is essentially frozen, and 
does not change until the next cycle. The frozen composition described next, therefore, is suf-
ficient for the residual gases, exhaust gas recirculation, and the low temperature product gases 
during expansion (below some temperature value).

For determining the frozen composition of the burned mixture, six major product species 
are considered. The general combustion equation for a fuel molecule of the form CHy with 
standard air for these six product species is

εφ ε φ ψC H O N

CO H O COCO H O CO

+ − + + →
+ + +

2 1 2 2 2

2 22 2

( )

n n n nn n nH O N2
H O N2 2 22 2

+ + (4.21)

where ψ  is the molar N/O ratio (= 3.773 for pure air), y is the molar H/C ratio of the fuel, 
φ  is the fuel–air equivalence ratio, ni is the moles of species i per mole of O2 reactant, and 
ε = +( )4 4/ y . The next step is to determine the composition (i.e., values for the ni). The 
following assumptions are used:

1.	 For lean and stoichiometric mixtures, nCO and nH2
 are assumed zero.

2.	 For rich and stoichiometric mixtures, nO2
 is assumed zero.

3.	 For rich mixtures, the “water gas” reaction is assumed to be sufficiently accurate to 
determine the nCO and nH2

. This case is explained in more detail next.

The water gas reaction is:

CO H CO H O2 2 2+ → + (4.22)

Typically, this reaction is assumed to be in equilibrium. An equilibrium constant may be 
defined as

K T
H O CO

CO H

( ) =
n n

n n
2

2 2

(4.23)

For this work, K(T) is assumed constant with a value of 3.5. Other approaches have assumed 
a polynomial expression for “K” in terms of temperature. The information leads to a quad-
ratic equation, which can be solved yielding expressions for the individual moles [1]. This is 
described next.

Using the above three assumptions and atom balances, expressions for the various ni for 
the combustion products may be determined. The total burned moles for the stoichiomet-
ric and lean cases are nb = − + +( )1 1ε φ ψ . The total burned moles for the rich cases are 
nb = − +( )2 ε φ ψ . Table 4.3 provides a summary of the expressions for the moles of each 
product species for (a) the stoichiometric and lean cases and (b) the rich cases.
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The value of “c” in the expressions in Table 4.3 is found from the solution of the following 
quadratic expression from the water–gas reaction:

K c K c K−( ) − − + + −{ } + −( ) =1 2 1 2 1 2 1 02 [ ( ) ] ( )φ εφ εφ εφ φ (4.24)

So, “c” may be found from,

c
b b ad

a
= − ± −2 4

2
(4.25)

where

a K= − 1

b K= − −( ) +( ) + −( )( )2 1 2 1φ εφ εφ

d K= −( )2 1εφ φ

4.4  Equilibrium Composition

For high temperature portions of the cycle, descriptions of the products of combustion are 
needed. These descriptions need to identify the major species and their concentrations. One 
approach that has been successful is to model the products of combustion as possessing the 
chemical equilibrium composition by using the instantaneous temperature and pressure for a 
given fuel and equivalence ratio. This is sometimes referred to as a “shifting equilibrium” and 
is based on the assumption that the species have enough time (reactions are fast enough) to 

Table 4.3  Composition for the burned mixtures based on the frozen species 
assumption (the moles of each species per one mole of reactant oxygen)

For ϕ ≤1.0
(Stoichiometric and lean): For ϕ >1.0(rich):

(moles of species i per mole of O2 reactant)

nCO2
= εφ n cCO2

= −εφ

nH O2
2 1= −( )ε φ n cH O2

2 1= − +( )εφ

nCO = 0 n cCO =

nH2
0= n cH2

2 1= − −( )φ

nO2
1= − φ nO2

0=

nN2
= ψ nN2

= ψ

nb = − + +( )1 1ε φ ψ nb = − +( )2 ε φ ψ
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continually adjust to the new conditions. For a speed of 5000 rpm, one crank angle of revolu-
tion is equivalent to about 0.03 ms. Therefore, the “relaxation time” of the chemical reactions 
must be less than this for the assumption of a shifting equilibrium to be valid. This evaluation 
depends on the kinetic rates of the relevant reactions at the temperature and pressure. In gen-
eral, for the major species during the high temperature portions of the cycle, these rates are 
fast enough such that this is a valid assumption.

The use of equilibrium compositions for the purpose of engine cycle simulations was rec-
ognized by the earliest modelers of engine cycles. For example, users of the air standard cycle 
models improved the models by using equilibrium compositions for the products. With the 
incorporation of equilibrium composition, the models have been known as fuel–air cycles to 
better reflect the fact that the air, fuel and products of combustion are considered. This early 
use of equilibrium compositions used charts. With the advent of computers, the use of charts 
was abandoned. By the early 1970s, the use of equilibrium compositions to describe the com-
bustion products was fairly routine [1].

Solution procedures for the complete equilibrium relations (described below) are complex 
and nonlinear. One reason for this complexity is that the concentrations of the various spe-
cies can range over many orders of magnitude [1]. A number of comprehensive equilibrium 
programs are available [3–7] for the complete determination of equilibrium compositions for 
a wide range of temperatures, pressures, and equivalence ratios. Comprehensive equilibrium 
programs are available from individuals, universities, and commercial entities. A number of 
these programs are available via the internet on various sites.

The comprehensive equilibrium programs described above are generally too extensive for 
the routine, repetitive use in an engine cycle simulation. For the purpose of this work, a limited 
version of these more complete programs is not only adequate, but preferred due to the more 
rapid execution associated with a more concise program. The following development is based 
on the work of Olikara and Borman [8].

For the purposes of this work, the equilibrium determinations are limited to a relatively 
small subset of possible gaseous species (12 product species) formed from the atoms: C, H, O, 
Ar and N. For consistency, the internal energy and enthalpy are defined to consist of both the 
sensible and chemical components. The equilibrium thermodynamic properties are functions 
of the composition (equivalence ratio) and two state variables (temperature and pressure). In 
general, the thermodynamic properties may be expressed as

β β φ= ( )T p, , (4.26)

where β is any property, T is temperature, p is pressure, and φ is the fuel–air equivalence ratio. 
The fuel–air equivalence ratio is defined as

φ =
( )
( )
AF

AF
stoich

actual
(4.27)

An appropriate fuel–air equivalence ratio must be used to obtain the accurate properties. 
Typically, for the inlet mixture, this is the actual equivalence ratio. For products, this is the 
equivalence ratio of a reactant mixture which would result in the required product composi-
tion. For products mixed with air or other species, the appropriate equivalence ratio is the one 
for an imaginary reactant mixture which would result in the desired composition.
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In general, the fuel and air may be assumed to react as follows:

x n m13 2 21 4 2C H O N O N Ar/ /n m l k + ( ) + −( ) + +{ }φ ψ ξ�  →
+ + + + + +

+ +
x x x x x x x

x x
1 2 3 4 5 6 7

8 2 9

H O N H OH CO NO

O H22 10 2 11 2 12O CO N Ar+ + +x x x

(4.28)

where C H O Nn m l k is the general fuel molecule (n and m must be non‐zero, but � and k are 
optional), ψ  is the molar N/O ratio (3.7733 for air), x1 through x12 are the mole fractions of the 
respective product species, and x13 is the moles of fuel to produce one (1.0) mole of total prod-
ucts. The moles of argon in the air is zero (since the nitrogen is based on “apparent” nitrogen 
with a weighted molecular mass of 28.16 to account for the argon); and, therefore, since ξ = 0 
then x12 0= . To solve for the remaining 12 unknown mole fractions, seven (independent) 
equilibrium expressions are available, four atom balances (for C, H, O, and N), and the fact 
that the mole fractions must sum to one:

x
i

i =
=
∑ 1 0

1

11

. (4.29)

The equilibrium expressions follow general formulations [3–8] and are listed here for com-
pleteness:
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(4.30)

The equilibrium constants are curve‐fits to the JANAF Thermochemical Tables [9]. The 
solution techniques for the above equation set are described by Olikara and Borman [8].

3 As mentioned above, the “3.773” for the molar N/O ratio is based on the use of an “apparent nitrogen species” which 
is weighted to include argon. This, of course, is consistent with the statement that the number of moles of pure argon 
is zero.
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4.5  Determinations of the Thermodynamic Properties

Once the compositions of the gas mixtures are known, the individual thermodynamic prop-
erties may be determined. The temperatures and pressures during engine cycles are such that 
the species may be approximated as ideal gases with a high level of accuracy. For ideal gas 
mixtures, the properties of the mixture are the mole‐ or mass‐weighted sums of the properties 
of the individual species. For example, for internal energy and enthalpy,

u x u

h x h

=

=
∑
∑

i i

i i

(4.31)

where xi are the mole fractions, and the properties are “per mole” values. The other thermody-
namic properties are obtained in similar ways.

The final aspect of defining the thermodynamic properties for the gas mixtures is to deter-
mine the individual properties for each species. These properties, for ideal gases, are only 
functions of temperature. The most successful approach for use in engine cycle simulations 
is to use polynomial curve‐fits to the property data for the species. This approach is used for 
many applications, not just for engine cycle simulations. The following is a brief summary of 
this approach, but more details are available elsewhere [1].

For example, for enthalpy, the following expression may be used:

h

RT
a

a
T

a
T

a
T

a
T

a

T
i

i
i i i i i= + + + + +1
2 3 2 4 3 5 4 6

2 3 4 5
(4.32)

where each of the aij are fit coefficients which are obtained from regression analysis using the 
actual data. These coefficients may be obtained from a variety of sources (e.g., Reference [1]).

As another example, the specific entropy of a mixture is determined by

s x smix i i= ∑ (4.33)

The specific entropy values for each species, si, include two parts:

s s R
p

pi
i

o
i u= −





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° ln (4.34)

The first part, si
°, depends only on temperature and is the specific entropy of species “ i ” 

when pi equals po. For all properties used here (and in the majority of combustion applica-
tions), the standard pressure, po, is 1.0 atm (101.325 kPa). Combining the above equations,

s s R
p

pi
i

o
mix u= −





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





°∑ ln (4.35)

This may be rearranged to use the mole fractions of each species,

s x s R
p

p
R
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i

i
mix i u

mix
u
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
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
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
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(4.36)
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s x s R x R
p
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mix i u i u
mix= −( ) −


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°∑ ln ln (4.37)

The standard specific entropy for each species may be determined from polynomial expres-
sions much like presented above for enthalpy:

s

R
a T a T
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T
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T
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T ai

°
= + + + + +

u
i i

i i i
i1 2

3 2 4 3 5 4
72 3 4

ln (4.38)

The coefficient, ai7, is selected for a certain datum temperature. This datum temperature is 
typically 298.15 K or 0 K. The current work uses 298.15 K.

Fuels: Heywood [1] uses a slightly different polynomial expression4 for the properties of 
the fuels. For enthalpy, he has used a dimensional form:

h A t
A

t
A

t
A

t
A

t
Af

f f f f
ff = + + + − +1

2 2 3 3 4 4 5
62 3 4

(4.39)

where t = T(K)/1000 and hf has units of cal/gmol‐K. The coefficients for different fuels are 
available from Heywood [1].

A similar approach is used for the entropy of fuels:

s A t A t
A

t
A

t
A

tf f
f f f

f
cal

gmol K
= + + + −1 2

3 2 4 3 5
22 3 2

ln ++ Af 7 (4.40)

where t is T(K)/1000. Since isooctane vapor is the fuel used the most in the current work, the 
coefficients for isooctane are listed in Table 4.4.

4.6  Results for the Thermodynamic Properties

With the above algorithms, a number of thermodynamic properties may be examined for a 
range of variables. The results presented in this section are not relative to specific engine oper-
ating conditions. Rather, the following are fundamental results as functions of temperature, 
pressure, and equivalence ratio. Property results as functions of engine operating conditions 
are presented in Chapter 7 and in some of the other chapters. For the following, the fuel is 
isooctane and the oxidizer is standard air. The properties of the unburned mixture will be dis-
cussed first, and then the properties for the burned mixtures will be discussed.

Table 4.4  Coefficients for polynomial fit for isooctane vapor [1]

Af1 Af2 Af3 Af4 Af5 Af6 Af7

−0.55313 181.62 −97.787 20.402 −0.03095 −60.751 51.007

4 Note the negative sign before Af5. This is consistent with the fit coefficients supplied here and in Reference 1.
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Figures 4.1 and 4.2 show the mole fractions of the species of the unburned mixture for 
isooctane‐air mixtures with a burned gas fraction of 10% (xb = 0.10) as functions of equiv-
alence ratio. Figure 4.1 shows the mole fractions (logarithmic scale) of seven species, and 
Figure 4.2 shows the mole fractions (linear scale) of five species for this case. Note that the 
mole fractions for nitrogen and oxygen are about an order of magnitude higher concentration 
than the other species. For this range of conditions, the nitrogen and oxygen account for about 
92% of the moles of the unburned mixture. For lean mixtures, the species are only nitrogen, 
oxygen, fuel, water, and carbon dioxide. For the rich mixtures, the additional species are car-
bon monoxide and hydrogen. As the mixture becomes richer from stoichiometric, the mole 
fractions of fuel, carbon dioxide and hydrogen increase, and the mole fractions of water and 
carbon dioxide decrease.

The mole fraction of the fuel increases linearly with equivalence ratio. Carbon dioxide and 
water vapor increase nearly linearly until an equivalence ratio of 1.0. Both of these species 
then decrease as the mixture becomes richer. Carbon monoxide and hydrogen are zero until 
the equivalence ratio is greater than stoichiometric. For mixtures richer than stoichiometric, 
carbon monoxide and hydrogen increase. At an equivalence ratio of 2.0, the mole fractions of 
carbon monoxide and hydrogen are about 2.1 and 1.8%, respectively. For these conditions, 
the total of these five species are always less than about 8% of the total unburned moles. For 
cases with higher burned gas fractions, the concentrations of the water, carbon dioxide, carbon 
monoxide and hydrogen would be higher.
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Figure 4.1  The mole fraction (log scale) for each species for the unburned charge as a function of 
equivalence ratio for a burned gas fraction of 0.10 for isooctane and air mixtures
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Next, the molecular mass of the unburned mixtures will be examined as a function of 
equivalence ratio and burned fraction (xb) for a range of temperatures. Figure 4.3 shows the 
molecular mass for the unburned mixture as functions of equivalence ratio for three values of 
the burned gas fraction5 (xb). For reference, Figure 4.3 also shows the value of the molecular 
mass for pure air. For these conditions, the unburned molecular mass ranges between 28 and 
32, and for cases with lower burned gas fraction, the values are greater than for pure air (due 
to the higher molecular mass of the fuel). Also, note that the higher the burned gas fraction, 
the lower the molecular mass due to the contribution of the products of combustion (see the 
following).

Figures 4.4 and 4.5 show the specific heat at constant pressure and the ratio of the specific 
heats, respectively, for unburned mixtures as a function of temperature for three constant 
equivalence ratios for a burned gas fraction of 0.1. The specific heat increases with temper-
ature, and with equivalence ratio. For these conditions, the specific heat at constant pres-
sure ranges from about 1.0 to 1.4 kJ/kg K. The ratio of specific heats for unburned mixtures 
decreases as temperature and equivalence ratio increases. For these conditions, the ratio of 
specific heats for unburned mixtures ranges from about 1.24 to 1.40.

Figure 4.2  The mole fraction for five of the species for the unburned charge as a function of 
equivalence ratio for a burned gas fraction of 0.10 for isooctane and air mixtures
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5 Note that for 0% EGR, the burned gas fraction is identical to the residual fraction.
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Figure 4.3  The molecular mass (Mu) for the unburned mixture as a function of equivalence ratio for 
isooctane and air mixtures
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Figure 4.4  The specific heat at constant pressure for unburned mixtures as functions of temperature 
for three equivalence ratios for a burned gas fraction of 0.1 for isooctane and air mixtures
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Next, results for the burned mixtures will be discussed. For these mixtures, the composition 
determined by equilibrium considerations is required for the higher temperatures. Results will 
be presented based on both the equilibrium compositions and the frozen mixtures.

Figures 4.6, 4.7, and 4.8 show the mole fractions of the species of the burned gases for 
isooctane‐air mixtures as functions of equivalence ratio for three temperatures (2000, 2500, 
and 3000 K, respectively) for 3000 kPa based on equilibrium and frozen assumptions. First, 
considering Figure 4.6, the oxygen mole fraction decreases from its highest values for the 
leanest mixtures to a value of zero at an equivalence ratio of 1.0. Water vapor and carbon 
dioxide increase from the leanest mixtures to their highest values near an equivalence ratio 
of 1.0. For water and carbon dioxide, the maximum values are 14.0 and 13.4%, respectively, 
for these conditions. As the mixture continues to become richer, the mole fractions of water 
and carbon dioxide decrease. Carbon monoxide and hydrogen are zero until the equivalence 
ratio is greater than stoichiometric, then the mole fractions for these two species increase. The 
mole fractions are about 0.17 and 0.135 for carbon monoxide and hydrogen, respectively, at 
an equivalence ratio of 2.0.

Figures 4.6 and 4.7 show both the equilibrium and frozen values for the mole fractions. For 
2000 K, the frozen approach provides similar values to the equilibrium approach; especially 
for lean mixtures. For 2500 K, the frozen approach is in less agreement with the equilib-
rium approach. For accurate engine cycle computations, the frozen approach is only used for 
temperatures less than about 1500 K. For the computations reported in this book, the frozen 
assumption was used only for temperatures below 1200 K—so accuracy was assured.
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Figure 4.5  The ratio of specific heats for unburned mixtures as functions of temperature for three 
equivalence ratios for a burned gas fraction of 0.1 for isooctane and air mixtures
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Figure 4.8 shows the mole fractions of the major species for equilibrium mixtures as a 
function of equivalence ratio for a constant temperature of 3000 K at a constant pressure of 
3000 kPa. As shown, the mole fractions of CO2 and H2O are maximum at stoichiometric or 
slightly rich conditions. The mole fraction of O2 continually decreases from the leanest con-
dition to the rich conditions. The mole fractions of CO and H2 continually increase from the 
leanest conditions to the richest conditions. Due to this relatively high temperature (3000 K), 
dissociation is significant. Due to the dissociation, the mole fraction of oxygen is non‐zero for 
slightly rich mixtures, and the mole fractions of carbon monoxide and hydrogen are non‐zero 
for lean mixtures and are significantly high for most of the rich mixtures.

Figure 4.9 shows the molecular mass (Mb) for burned mixtures as a function of equivalence 
ratio for three constant temperatures at a constant pressure of 3000 kPa based on equilibrium 
and frozen assumptions. For the conditions of Figure 4.9, the molecular masses for the burned 
mixtures range from about 26 to 29 kg/kmol. The molecular mass decreases slightly from low 
equivalence ratios to stoichiometric conditions. From stoichiometric to rich conditions, the 
molecular mass decreases more rapidly. This is due to the increasing concentrations of the 
lighter molecules (such as, CO, H2, and H2O) and the decreasing concentration of the heavier 
molecules (such as O2).
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Figure 4.8  The mole fractions of the burned gases as functions of equivalence ratio for a 
temperature of 3000 K and a pressure of 3000 kPa based on equilibrium assumptions for isooctane 
and air mixtures
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Figure 4.9  The molecular mass of the burned gases as functions of equivalence ratio for temperatures 
of 1000–3000 K and a pressure of 3000 kPa based on equilibrium and frozen assumptions for 
isooctane and air mixtures
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As the gas temperature increases, the molecular mass decreases due to the greater extent of 
dissociation of the heavier molecules such as CO2 and O2. As the temperature decreases (say 
below about 2000 K), the molecular mass does not significantly change for a specific equiva-
lence ratio. This is due to the decreasing importance of dissociation—the mixture is “frozen” 
in composition.

As noted above, the molecular mass decreases as the equivalence ratio increases due to the 
increasing concentrations of the lighter molecules (such as CO, H2, and H2O) and the decreas-
ing concentration of the heavier molecules (such as O2). For the lower temperatures, the 
molecular mass has a “sharp” change in value for an equivalence ratio of 1.0. This is largely 
a result of the discontinuous change in composition from the lean to rich conditions (see the 
derivation in Section 4.3). For the higher temperatures (say, above 2000 K), the dependence of 
the molecular mass on equivalence ratio is more continuous since the composition changes in 
a continuous fashion as dictated by the equilibrium determinations.

Figure 4.10 shows the specific heat at constant pressure for burned mixtures as a function of 
equivalence ratio for three temperatures for a pressure of 3000 kPa based on the equilibrium 
assumption. The specific heats increase as temperature increases, and they increase as the 
mixture increases from the leanest mixtures to near stoichiometric. As the mixtures become 
richer than stoichiometric, the specific heats first decrease and then increase slightly. These 
characteristics are generally a result of the species concentrations. As the concentrations of 
carbon dioxide and water increase, the specific heats increase. This is the major reason for the 
sharp increase near stoichiometric for the 2000 K case.

Figure 4.11 shows the ratio of specific heats (γ b) for equilibrium mixtures as functions of 
equivalence ratio for three constant temperatures at a constant pressure of 3000 kPa. These 
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Figure 4.10  The specific heat 
at constant pressure of the burned 
gases as functions of equivalence 
ratio for three temperatures for 
a pressure of 3000 kPa based 
on equilibrium assumptions for 
isooctane and air mixtures
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Figure 4.11  The ratio of 
specific heats of the burned 
gases as functions of equivalence 
ratio for three temperatures for 
a pressure of 3000 kPa based 
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assumptions for isooctane and air 
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curves are roughly the inverse of the curves in Figure 4.10 for the specific heats. The ratio of 
specific heats decreases as the equivalence ratio increases from low values to stoichiometric. 
A minimum value is attained at stoichiometric, and then the values increase as the equivalence 
ratio becomes richer. For these conditions, the ratio of specific heats ranges between about 
1.14 and 1.28. As explained above, the sharp change at stoichiometric is the result of the 
increase of the concentrations of carbon dioxide and water.

Figure 4.12 shows the specific heat at constant pressure for burned mixtures for the equilib-
rium compositions and for the frozen mixtures as functions of temperature for three pressures 
for an equivalence ratio of 1.0. The specific heats for the frozen mixtures are in good agree-
ment with the values for the equilibrium mixtures for temperatures below about 1800 K. For 
higher temperatures, the specific heats for the “frozen” composition under predict the specific 
heats. Further, for the equilibrium mixtures, the specific heats are also a function of the pres-
sure due to the importance of chemical dissociation. The high pressure cases result in some 
suppression of the dissociation.

Next, the functional characteristics of the specific internal energy for burned gases (ub) 
based on the equilibrium and frozen composition will be examined. These thermodynamic 
properties will be examined in a fashion which will help interpret the partial derivatives used 
in the energy equation (Chapter 5). These partial derivatives are based on the characteristics 
of the specific internal energy and the specific gas constant.

Figure 4.13 shows the specific internal energy as functions of temperature for a constant 
equivalence ratio of 1.0 for three pressures. As shown, the specific internal energy increases 
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Figure 4.12  The specific heat at constant pressure of the burned gases as functions of temperatures 
for three pressures for an equivalence ratio of 1.0 based on equilibrium and frozen assumptions for 
isooctane and air mixtures
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with increasing temperature. The higher pressures inhibit dissociation which slightly low-
ers the internal energy for the same temperature. The slopes of these curves are the partial  

derivative, 
∂
∂

u

T
C= v b, . This will be discussed later in the section on engine results.

Although not shown directly, the specific internal energy has only a modest dependence on 
pressure, and only for the highest temperatures. This modest dependence is due to chemical 
dissociation at the higher temperatures which is somewhat suppressed by high pressures. The  

partial derivative of significance is 
∂
∂

u

p
 and this derivative is small for all temperatures, and  

near zero for the lower temperatures.
Figure 4.14 shows the specific internal energy as a function of equivalence ratio for a con-

stant pressure of 2000 kPa for three temperatures. The specific internal energy decreases as 
the mixture goes from the most lean condition to stoichiometric, and increases as the mixture 
continues from stoichiometric to the rich conditions. Of particular importance is the slope of  

these curves which represents the partial derivative ∂
∂

u

φ
. As can be seen, the partial derivative  

is different on the lean side and rich side of stoichiometric for the low temperature cases. On  
the other hand, for the high temperature cases, the derivative is continuous.

Although not shown, the gas constant is nearly constant at low temperatures (say, below 
about 2000 K) for all pressures. For the higher temperatures, the gas constant increases with 
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Figure 4.13  The specific internal energy of the burned gases as functions of temperatures for three 
pressures for an equivalence ratio of 1.0 based on equilibrium assumptions for isooctane and air 
mixtures
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increasing temperature, and the higher pressures slightly inhibit this increase. The partial 

derivative of significance is 
∂
∂
R

T
b . This derivative is near zero for the low temperatures, and  

increases slightly for the higher temperatures. At 2000 K, this derivative is about 2.0 × 10−6 kJ/ 
kg‐K2. The gas constant is only a modest function of pressure and only significantly for the 

higher temperatures. The partial derivative, ∂
∂
R

p
b , is near zero for the lower temperatures and  

higher pressures (since dissociation is inhibited for these conditions).
The gas constant increases with increasing equivalence ratio for all temperatures. For the 

higher temperatures, the partial derivative, ∂
∂
Rb

φ
, is continuous with equivalence ratio. For  

the lower temperatures, the partial derivative, 
∂
∂
Rb

φ
, changes at an equivalence ratio of  

1.0. For example, for temperatures below 2000 K, for equivalence ratios less than 1.0, the par-
tial derivative is approximately equal to 0.0027 kJ/kg‐K. Again, information about the partial 
derivatives of some of the properties described here is relevant to the solution of the thermo-
dynamic relationships presented in Chapter 5.

Figure 4.15 shows the specific enthalpy of the reactants and products as functions of tem-
perature for an equivalence ratio of 1.0 for three pressures. This figure includes values from 
the unburned routines (including frozen composition for the residuals and low temperature 
products) as well as values from the equilibrium computations for these conditions. As shown 
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Figure 4.14  The specific internal energy of the burned gases as functions of equivalence ratio for 
three temperatures for 2000 kPa based on equilibrium assumptions for isooctane and air mixtures
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for the low temperature products, the specific enthalpy is well represented by the routines 
using fixed or frozen composition. For temperatures above 2000 K, however, the specific 
enthalpy for the frozen assumption becomes increasingly too low compared to the values 
obtained from the equilibrium computations. Further, the effect of pressure is important for 
the temperatures above 2000 K. This is a result of the increasing importance of dissociation at 
the higher temperatures, and of course, chemical dissociation will be affected by the level of 
pressure. Also note that as the pressure increases, the results tend toward those of the frozen 
composition due to the inhibiting effect of higher pressures on dissociation.

Figure 4.16 shows the specific entropy for reactant mixtures as functions of temperature for 
constant pressures of 100, 1000, and 10,000 kPa for an equivalence ratio of 1.0. As shown, the 
specific entropy increases with increases in temperature and pressure. Recall that the specific 
entropy has two components: a temperature component and a pressure component. This latter 
component exists even though the reactant mixture obeys the ideal gas relation.

Figure 4.17 shows the specific entropy for product mixtures as functions of temperature for 
constant pressures of 100, 1000, and 10,000 kPa for an equivalence ratio of 1.0. As was shown 
for reactant mixtures, the specific entropy increases with increases in temperature. Results in 
the figure are for both equilibrium compositions and for “frozen” compositions. As shown, 
the “frozen” composition provides excellent agreement with the equilibrium composition for 
temperatures below about 2000 K for these conditions. Above about 2000 K, the frozen com-
position is not accurate and the specific entropy for the equilibrium composition must be used.
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Figure 4.15  The specific enthalpy of the reactants and burned gases as functions of temperatures 
for three pressures for an equivalence ratio of 1.0 based on equilibrium and frozen assumptions for 
isooctane and air mixtures
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Figure 4.16  The specific entropy of the reactants as functions of temperatures for three pressures for 
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4.7  Summary

This chapter has presented the algorithms that are used to compute the thermodynamic 
properties. The working fluid in the engine may be mixtures of air, fuel, and combustion 
products. The properties needed for these mixtures include the internal energy, enthalpy, gas 
constant, molecular mass, and a number of property derivatives. For combustion products, two 
approaches were described: equilibrium and frozen compositions. For low enough product gas 
temperatures, the frozen composition was shown to be a good approximation to the equilib-
rium composition.

The thermodynamic properties have been presented in this chapter as functions of temper-
ature, pressure, and composition. In the section on the engine results, these properties will 
be revisited, but they will be examined for conditions of variable temperature, pressure, and 
composition that are consistent with specific engine operating conditions.
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5
Thermodynamic Formulations

5.1  Introduction

This chapter describes the development of the formulations of the thermodynamic relations 
for the engine cycle simulation. The overall process includes identifying the thermodynamic 
system, applying the first law of thermodynamics, identifying the heat and work interactions, 
and developing the resulting ordinary differential equations. These ordinary differential equa-
tions are most convenient in terms of pressure and temperatures. Many of the features of the 
overall cycle simulation have been documented elsewhere (e.g., see Reference 1).

As described in this chapter, the first law is applied to an open engine cylinder with volume 
changes according to the engine kinematics. Cylinder heat transfer is assumed positive into 
the system, and boundary work (due to the volume change) is assumed positive out of the sys-
tem. The energy values (internal energy and enthalpy) are all consistent with the same datum, 
and hence include the appropriate chemical energy. In other words, during combustion, the 
“energy release” is automatically provided by the difference of the thermodynamic states 
between reactants and products. This approach is in contrast to a simple use of the heating 
value of the fuel and the fuel mass burned. The procedure which uses the total energy values 
is a more accurate approach, and captures any chemical dissociation and other such effects. 
As part of the case study on combustion, the relation of these two approaches is quantified.

This chapter will include descriptions of the approximations and assumptions used in the 
development, and the details of the thermodynamic formulations for the various models. Items 
(such as heat transfer correlations) needed for solving the resulting differential equations are 
presented in the following chapter, and results are included in their own chapters. In par-
ticular, results for items such as internal energy as functions of temperature are presented in 
Chapter 7. In all cases, energy conservation is achieved. Results illustrating the partition of 
the fuel energy among items such as work, cylinder heat transfer and exhaust are included in 
Chapter 7 (and in some of the other chapters).
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5.2  Approximations and Assumptions

The major assumptions and approximations used in the development include the following:

  1.	 The thermodynamic system is the cylinder contents (see Figure 5.1).
  2.	 The engine is in steady‐state such that the thermodynamic state at the beginning of each 

cycle (two crank‐shaft revolutions) is equivalent to the state at the end of the cycle.
  3.	 For the compression, expansion, and exhaust processes, the cylinder contents are spatially 

homogeneous and occupy one zone.
  4.	 For the intake process, two zones (each spatially homogeneous) are used. One zone 

consists of the fresh charge and the other zone consists of the residual gases.
  5.	 For the combustion processes, one‐zone, two‐zone and three‐zone approaches are 

outlined.
  6.	 The thermodynamic properties (including pressure and temperature) vary only with time 

(crank angle) and are spatially uniform in each zone.
  7.	 The instantaneous composition is obtained from generally accepted algorithms [1] and 

the species obey the ideal gas equation of state (see Chapter 4).
  8.	 The instantaneous thermodynamic properties are computed from established formula-

tions [1] based on the appropriate compositions (see Chapter 4).
  9.	 The flow rates are determined from quasi‐steady, one‐dimensional flow equations, and the 

intake and exhaust manifolds are infinite plenums containing gases at constant tempera-
ture and pressure (see Chapter 6).

10.	 The fuel is completely vaporized and mixed with the incoming air.
11.	 The combustion efficiency is 100% (i.e., no unburned fuel1).
12.	 The blow‐by is zero.

The majority of the above assumptions and approximations have been validated and used 
in a number of previous simulations (e.g., References 1–3). Note that many other sub‐models 
may be developed for use with the simulation. These sub‐models could include, for exam-
ple, models for knock, exhaust gas recirculation (EGR), oxygen enriched inlet air, and over‐
expanded engines. The use of some of these sub‐models is illustrated in the case studies at the 
end of this book.

The current form of the simulation is limited to in‐cylinder processes. For simplicity, the 
combustion chamber was assumed to be a cylindrical shape. For this work, all cylinders of a 
multiple‐cylinder engine are assumed to be identical, to possess the same thermodynamics, 
and to operate with identical conditions. This means, therefore, that overall results for a mul-
tiple‐cylinder engine are obtained by multiplying the results from the single‐cylinder analysis 
by the number of cylinders.

1 The use of the Wiebe function for the mass fraction burned (described below) results in a small amount of unburned 
fuel at the end of the combustion period. For example, for values of the constants a = 5.0 and m = 2.0, this small 
amount is 0.67% of the original fuel mass. This results in a fuel consumption of 99.33%. Further details of this are 
provided in Chapter 6.
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5.3  Formulations

The primary feature used in the development of this cycle simulation is the first law of ther-
modynamics which is utilized to derive expressions for the time (crank‐angle) derivative of 
the pressure, gas temperatures, and volumes in terms of engine design variables, operating 
conditions, and sub‐model parameters.

The following description is divided into three parts: (i) the one‐zone consideration (inlet, 
compression, expansion, and exhaust processes), (ii) the two‐zone consideration for the com-
bustion process (burned and unburned zones), and (iii) the three‐zone consideration for the 
combustion process (adiabatic, boundary layer, and unburned zones).

5.3.1  One‐Zone Formulation

Figure 5.1 is a schematic of the engine cylinder which shows cylinder heat transfer, work, and 
intake and exhaust flows. The first law of thermodynamics for the one‐zone formulation for 
this system is

dE

dt

dQ

dt

dW

dt
m h m h= − + −� �in in out out (5.1)

The only significant energy of the system is internal energy (U), and the only significant 
work term is due to the piston motion (system boundary motion). So eq. (5.1) becomes

d mu

dt
Q pV m h m h

( ) = − + −� � � �in in out out (5.2)

Expanding,

mu um Q pV m h m h� � � � � �+ = − + −in in out out (5.3)

Figure 5.1  Schematic of the one‐zone thermodynamic system. Source: Caton 1999. Reproduced with 
permission from ASME
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Since, in general, the thermodynamic properties are functions of temperature, pressure and 
equivalence ratio (composition), the derivative of u may be written as

� � � �u
u

T
T

u

p
p

u
= + +

∂
∂

∂
∂

∂
∂φ

φ (5.4)

(For the case of a premixed fuel–air inlet mixture, the time derivative of the equivalence 
ratio, �φ, is zero.)

To obtain a derivative of the gas temperature which is independent of the pressure, an 
expression for the derivative of the pressure, �p, is needed. This may be obtained from the 
derivative of the ideal gas equation of state:

� � � � �p mRT mRT mRT pV V= + + −( ) / (5.5)

The derivative of R may be given by

� � � �R
R

T
T

R

p
p

R
= + +

∂
∂

∂
∂

∂
∂φ

φ (5.6)

Combining eqs. (5.3) through (5.6), the following expression is obtained for �T :

�T
G P

mC Pv

= +
+

( )

( )

1

1
1

2
(5.7)

where,

G Q pV m h m h um= − + − −( )� � � � �in in out out (5.8)

P G P C1 1 2 2= =α α/ and v/ (5.9)

α
φ

φ
β φ

φ1 = + − − +




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
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u u p

V
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R
mRT pV

∂
∂

∂ ∂ ∂
∂

� � � �/










(5.10)

α
β2

1 1= +






∂ ∂ ∂
∂

u p
p

T R

R

T

/
(5.11)

β = −






1
p

R

R

p

∂
∂ (5.12)

where the term ∂ ∂u T/  is the specific heat at constant volume, Cv.
Integration of eq. (5.7), therefore, provides a value for the average, one‐zone gas tempera-

ture. The corresponding cylinder pressure is then found from the ideal gas equation,

p
mRT

V
= (5.13)
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For the solution of eq. (5.7), several partial derivatives of the thermodynamic properties are  

needed (e.g., 
∂
∂

∂
∂

∂
∂

u

p

R

p

R

T
, , ,...). These partial derivatives were discussed in Chapter 4.

For the inlet process, an expression similar to eq. (5.7) is needed, but this expression must 
account for the two different substances that exist during intake (fresh charge and residual 
gases). This expression is somewhat more complicated, but in general, has the same form. For 
this situation, a mass rate of mixing is required, and for the inlet process, this is given by the 
inlet flow rate.

5.3.2  Two‐Zone Formulation

For a spark‐ignition engine, the flame propagation proceeds from the spark into the unburned 
gases. Behind the flame, a burned gas zone is created. To capture this flame propagation 
more precisely, multiple zones are used. First, the formulation is presented for two zones: 
an unburned zone and a burned zone. Then, the formulation is extended such that the burned 
zone may be divided into an adiabatic core zone and a boundary layer zone (three‐zone 
formulation).

First, the two‐zone formulation will be presented. Figure 5.2 is a schematic of the two 
zones. As shown, the combustion gases are divided into a burned and an unburned portion. 
The total heat transfer is divided into portions for each zone. Figure 5.3 shows the details of 
the mass transfer between the two zones. The burned zone entrains mass from the unburned 
zone as the flame front proceeds.
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Figure 5.2  Schematic of the two‐zone thermodynamic system
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The energy equations for the two zones are2

d mu

d
Q pV m h

( )
= − +b

b b b uθ
� � � (5.14)

d mu

d
Q pV m h

( )
= − +u

u u u uθ
� � � (5.15)

As before, the derivatives may be expanded,

m u m u Q pV m hb b b b b b b u� � � � �+ = − + (5.16)

m u m u Q pV m hu u u u u u u u� � � � �+ = − + (5.17)

The derivative of the internal energy may then be found for each zone,

�
� � �

u
Q pV m h u

mu
u u u u u

u

=
− + −( )

(5.18)

�
� � �

u
Q pV m h u

mb
b b b u b

b

=
− + −( )

(5.19)

Of course, for the unburned zone for an ideal gas,

( )h u R Tu u u u− = (5.20)

Therefore, the two equations are,

�
� � �

u
Q pV m R T

mu
u u u u u

u

=
− +

(5.21)

�
� � �

u
Q pV m h u

mb
b b b u b

b

=
− + −( )

(5.22)

Figure 5.3  Schematic of the expansion of the burned zone toward the unburned zone

(u) (b)

Qu Qb

2 The subscript “u” denotes the unburned zone, and the subscript “b” denotes the burned zone.
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Since, in general, the thermodynamic properties are functions of temperature, pressure and 
equivalence ratio (composition), the derivative of ub may be written as

� � � �u
u

T
T

u

p
p

u
b

b

b
b

b b= + +
∂
∂

∂
∂

∂
∂φ

φ (5.23)

where the specific heat at constant pressure for the burned gases has been identified

C
u

Tv b
b

b
, =

∂
∂ (5.24)

For the unburned component, the derivatives of the internal energy with respect to pressure 
and equivalence ratio are zero. Therefore,

� � �u
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u v u u= =

∂
∂ , (5.25)

Combining,
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Now, an expression for the derivative of pressure, p, is needed. This may be obtained from 
the derivative of the ideal gas equations of state (one for the burned component and one for 
the unburned component):

pV m R Tb b b b= (5.29)

pV m R Tu u u u= (5.30)

and adding eqs. (5.29) and (5.30):

pV m R T m R T= +( )b b b u u u (5.31)

And the derivative of eq. (5.31) is

� � � � �
�

pV pV m R T m R T m T R

m R T m

+ = + + +
+

b b b b b b b b b

u u u   uu u u u u u
� �R T m T R+

(5.32)
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Since the unburned mixture is fixed in composition:

�Ru = 0 (5.33)

And since,

� �m mb u= − (5.34)

Now, eq. (5.32) provides
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The derivative of Rb may be given by
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Combining,
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Solving for �p,
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In addition to the above expressions, expressions are needed for the unburned and burned 
volumes. From volume continuity,

� � �V V Vb u= − (5.40)
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By obtaining the derivative of eq. (5.30), the following may be found for �Vu:
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or,
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To summarize, the five main ordinary derivative equations are
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The solution of the above set of ordinary differential equations (ODEs) is described 
below. Once the unburned and burned temperatures (Tu and Tb, respectively) are known, 
an overall, average cylinder gas temperature may be determined from the overall energy 
balance:

m u m u m ucyl cyl u u b b= + (5.44)

Since the overall cylinder internal energy (ucyl) is not known, an estimate is obtained for the 
overall cylinder temperature:

T
m C T m C T

m Ccyl
est u v u u b v b b

cyl v cyl

=
−, ,

,
(5.45)
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Using the ideal gas equation, the corresponding estimated cylinder pressure may be found:

p
m R T

V
est cyl cyl cyl

cyl

= (5.46)

Now the internal energy may be obtained,

u function T pcyl
est

cyl
est est= ( , ,...) (5.47)

The overall cylinder temperature (and pressure) is (are) adjusted at each time step until the 
energy balance (eq. 5.44) is satisfied.

5.3.3  Three‐Zone Formulation

The next step is to divide the burned zone into the boundary layer and adiabatic core zones. As 
mentioned elsewhere in this book, the use of a three‐zone formulation is particularly advan-
tageous for capturing the high temperatures associated with combustion. This will be shown 
to be especially important for determining nitric oxide emissions which are a strong function 
of the gas temperature. Figure 5.4 is a schematic of the engine cylinder with the three zones 
during combustion, and Figure 5.5 is a schematic of the details of the boundary layer and adi-
abatic zones which shows the mass exchange between the various zones.

Initially, the boundary layer has zero mass, and the adiabatic core is equal to the burned 
mass. As shown, the boundary layer increases in mass by entraining mass from the adiabatic 
core. The rate of mass entrainment of the boundary layer is dictated by the thermodynamics 
and temperature relations (described below). All the burned gas heat transfer is assigned to 
the boundary layer.
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b

Figure 5.4  Schematic of the three‐zone thermodynamic system. Source: Caton 2003. Reproduced 
with permission from ASME
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For these additional two zones, the formulation of the energy equation is similar to the 
above for the overall system. The first law, then, for the two additional zones3:

d mu

d
pV m h m h

( )
= − + −a

a b u bl aθ
� � � (5.48)

d mu

d
Q pV m h

( )
= − +bl

b bl bl aθ
� � � (5.49)

Expanding these equations yields:

m u m u pV m h m ha a a a a b u bl a� � � � �+ = − + − (5.50)

m u m u Q pV m hbl bl bl bl b bl bl a� � � � �+ = − + (5.51)

But mass conservation for the burned zone:

� � �m m ma b bl= − (5.52)

Combining,

�
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u
pV m h m h m m u

ma
a b u bl a b bl a

a

=
− + − − −( )

(5.53)

�
� � �

u
pV m h u m h u

ma
a b u a bl a a

a

=
− + − − −( ) ( )

(5.54)

and since,

h u R Ta a a a− = (5.55)

3 The subscript “a” denotes the adiabatic zone, and the subscript “bl” denotes the boundary layer.

Figure 5.5  Schematic of the adiabatic and boundary layer zone. Source: Caton 2007. Reproduced 
with permission from ASME
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then,
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(5.57)

Also, as before, the time derivatives of the internal energies may be expressed as,

u fnc T pa a= ( , , )φ (5.58)

Therefore,
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Similarly,
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and therefore,
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Combining,
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This relation may be rearranged,
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Next, from the ideal gas equations of state,

pV m R Ta a a a= (5.67)

pV m R Tbl bl bl bl= (5.68)

And the derivative of these expressions,

� � � � �pV pV m R T m R T m T Ra a a a a a a a a a a+ = + + (5.69)
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where,
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and,
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The above derivatives of the ideal gas relations for the two zones can be solved for �Va  
and �Vbl

�
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or,
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Similarly,
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or,
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And, finally, volume continuity requires,

� � �V V Vbl b a= − (5.77)

The growth of the boundary layer is dictated by the mass and energy conservation relations 
for the burned zone. A choice at this point is how the average boundary layer temperature is 
defined. One classical definition for the average boundary layer temperature is related to the 
wall temperature and the adiabatic zone temperature.

T
T T

T Tbl
a wall

a wall

=
−

ln( / )
(5.78)

In addition, the derivative of this expression may be derived,
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To summarize, the new unknowns for the boundary layer and adiabatic core zones are Ta, 
Tbl, Va, Vbl, ma and mbl. A number of differential relations may be derived for these variables. 
Because these relations are highly nonlinear and exhibit complex interrelations, not all com-
binations of the above equations were successful. After extensive trials, the following six 
ordinary differential equations for these variables were found to be the most robust in terms 
of obtaining stable solutions.
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5.4  Comments on the Three Formulations

The three different formulations (based on one, two, or three zones) presented in this chapter 
provide increasing resolution on the details of the combustion process. The overall thermody-
namics, however, are the same for each formulation. For example, the overall instantaneous 
cylinder pressure and the performance parameters are the same regardless of the number of 
zones selected to depict the combustion process. The two‐ and three‐zone formulations pro-
vide items such as the temperatures of the unburned and burned gases which are not available 
from the one‐zone formulation.

5.5  Summary

This chapter has presented the detail thermodynamic formulations for the engine cylinder 
contents which results in a set of differential equations for temperatures, pressures, volumes, 
and masses as functions of time (crank angle). For the combustion process, these formulations 
were derived for zones one, two, and three in the cylinder. The rest of the material in this book 
is based on the three‐zone formulations. To solve the differential equations obtained from 
the formulations a number of items are needed such as the mass fraction burn, cylinder heat 
transfer, flow rates, and property data. Chapter 6 describes these items.
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6
Items and Procedures for Solutions

6.1  Introduction

This chapter will include descriptions of the items needed to solve the ordinary differen-
tial equations described in Chapter 5. These items include the thermodynamic properties 
(Chapter 4), cylinder volume, rate of change of the cylinder volume, surface areas, expressions 
for the combustion process (mass fraction burned), cylinder heat transfer, mass flow rates, and 
algorithms for the friction. The algorithms for the friction will be illustrated with values as 
functions of engine parameters. In addition, this chapter will include a brief overview of the 
way nitric oxide emissions could be computed (a case study will supply much more detail). 
The chapter will end with a brief discussion of the solution procedures.

6.2  Items Needed to Solve the Energy Equations

6.2.1  Thermodynamic Properties

The thermodynamic properties needed for solving the first law expressions in Chapter 5 include 
the instantaneous values of the specific internal energy, specific enthalpy, specific gas constant, 
molecular mass, entropy, exergy, and six property derivatives. The algorithms used for determin-
ing the properties were described in Chapter 4. Chapter 9 describes the property relations needed 
to quantify the second law considerations. All the properties are needed as a function of time 
(crank angle) for the cylinder contents for the three zones, and for any matter entering the cylinder.

Depending on the specific processes during a cycle, the thermodynamic properties may be 
for different mixtures of air, fuel vapor, and combustion products. The concentrations of the 
combustion products may be “frozen” for the lower temperatures, or these concentrations may 
be based on an instantaneous determination of chemical equilibrium (e.g., see References 1,2) 
for higher temperatures. Complete descriptions of the algorithms used for determining the 
compositions are presented in Chapter 4.

Once the composition is known, the individual thermodynamic properties may be deter-
mined. The properties of each species in the mixture are first determined for the given 
temperature and pressure by the use of polynomial curve‐fits (e.g., Reference 2) to the 
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thermodynamic data. The overall mixture properties are then determined by suitable expres-
sions. For example, for the specific internal energy,

u x uk i i
i

= ∑ � (6.1)

where uk is the mixture specific internal energy for unburned (k = u) or burned mixtures 
(k = b), xi is the mole fraction of species i and �ui is the specific internal energy for species i on 
a per mole basis. For entropy, a similar expression is used,

s R
p

p
x s R xk

o
i i

o
i

i

= −




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+ −∑u uln ( ln )� (6.2)

where sk is the mixture specific entropy for the unburned or burned mixture, Ru is the universal 
gas constant, p is the mixture pressure, po is the reference pressure, and �si

o is the temperature 
dependent portion of the specific entropy for species i on a per mole basis.

Entropy and exergy are more fully discussed in Chapter 9 on the second law analyses.

6.2.2  Kinematics

The kinematics and geometry of reciprocating engines were briefly mentioned in Chapter 2 
(engine overview). Some of the details are provided here for completeness.

Figure 6.1 is a simple sketch of the key geometrical items of a conventional reciprocating 
engine. The bore and stroke are denoted as “B” and “S.” The piston travels between “top dead 
center” (TDC) and “bottom dead center” (BDC). The volume above the TDC position is the 
clearance volume (Vc), the volume between BDC and TDC is the displaced volume (Vd), and 
the sum of Vc and Vd is the total cylinder volume (Vtot). The compression ratio (CR) is an 
important geometric parameter.

CR
V

V

V V

V

V

V
= =

+
= −tot

c

c d

c

d

c

1 (6.3)

Note that this is the geometric compression ratio and is determined solely by the geometry. 
In practice, due to valve timings, the effective or actual compression ratio can be different. The 
effective compression ratio is used by the cycle simulation in this work.

The crank radius, a, is related to the stroke

S a= 2 (6.4)

The connecting rod length is given by the symbol �.
The final geometrical measure is the distance from the crank center to the end of the connect-

ing rod—this is given the symbol “s” in the following and is a function of crank angle position.
For the simulation, an important item is the instantaneous cylinder volume. This may be deter-

mined from simple trigonometry. The cylinder volume at any crank angle position, θ, is given by

V V
B

a s= + + −c
π 2

4
( )� (6.5)
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From the triangular relationship, an expression for “s” is

s a a= + −cos ( sin ) /θ θ�2 2 2 1 2 (6.6)

Combining the above two relations provides an expression for the instantaneous volume,

V V
B

a a a= + + − + −c
π θ θ

2
2 2 2 1 2

4
( cos ( sin ) )/� � (6.7)

Also needed is the rate of change of cylinder volume:
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1sin
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where, if B and a have units of meters, then �V  has units of “m3/rad.”
In addition to the instantaneous cylinder volume and rate of change of cylinder volume, the 

instantaneous surface area is needed for the heat transfer

A A A A= + +top side bottom (6.9)

Figure 6.1  Schematic of the engine cylinder and piston
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For a combustion chamber with a right circular cylinder shape,

A A
B

top bottom= = π 2

4
(6.10)

And the surface area on the sides (cylinder walls) at any crank angle position is the product 
of the perimeter and the distance from the top to the piston (xside),

A Bxside side= π (6.11)

x a sside = + −( )� (6.12)

The total instantaneous surface area is then given by,

A
B

B a s= + + −2
4

2π π ( )� (6.13)

6.2.3  Combustion Process (Mass Fraction Burned)

The mass fraction of fuel (or fuel mixture) burned (xb) may be determined from a first‐law 
analysis of the measured cylinder pressure [2]. The result of this analysis is almost always an 
“S” shape curve. The mass fraction burned is defined as

x
m

mb
f burned

f total

=
( )
( ) (6.14)

The current work has used the Wiebe function [3] to represent the mass fraction burned

x aym
b = − −{ }+1 1exp (6.15)

where y is a non‐dimensional time variable,

y =
−θ θ
θ

o

b
(6.16)

and where “a” and “m” are parameters that are selected to provide a match with experimental 
information. The values that provide a good match with the data depend on complex functions 
of the turbulence, chemistry, fuel, equivalence ratio, chamber geometry, and a number of other 
features. The values used here are based on the recommendation of Heywood [2]:

a m5.0 and 2.0= = (6.17)

In eq. 6.16, θ is the current crank angle, θo is the crank angle for the start of combustion, 
and θb is the burn duration (crank angle duration of combustion). In general, the combustion 
duration is a complex function of temperature, pressure, turbulence, composition, chemistry 
and other factors. For the work reported here, the combustion duration is specified. Other work 
has used empirical relationships to predict the combustion duration based on engine speed, 
load, equivalence ratio and other engine parameters.
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Figure 6.2 shows the mass fraction burned as a function of the fraction of the combustion 
duration variable, y, using the Weibe function (a = 5.0; m= 2.0) and a cosine function. The 
cosine function is a good alternative to the Weibe function and captures the major features of 
the mass burn curve.

x yb = −{ }1

2
1 cos( )π (6.18)

For slightly more precision, however, the rest of the work reported here will use the Wiebe 
function.

For most of the work reported here, the combustion duration is based on 0–100% fuel 
burned. Other definitions of the combustion duration exist. One popular definition is 10–90% 
fuel burned. This is a particularly useful definition for use with experimental work. Since the 
start of combustion is gradual, detecting the exact 0% point is difficult if not impossible. The 
10% point is much easier to detect from experimental data.

The combustion duration definitions are related. Figure 6.3 shows the mass fraction burned 
as a function of the fraction of the combustion duration. Denoted on the figure are the 10% 
and 90% fuel burned locations. As this demonstrates, the 10–90% period is much shorter than 
the 0–100% period for typical burn profiles. For the Wiebe constants used here, the relation 

Figure 6.2  Mass fraction burned as function of the fraction of the burn duration using either the 
Wiebe or the cosine function
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is a factor of 0.48. That is, the if the 0–100% burn duration is 60°CA, then the 10–90% burn 
duration is 28.8°CA.

The Wiebe function and the cosine function capture the main features of the combustion 
process. The burning process begins slowly due to the low initial temperatures and turbu-
lence. As the process develops, the burning becomes more rapid and the mass fraction burned 
increases more rapidly. Then, as the process begins to reach completion, the rate of the mass 
fraction burned becomes slower due to less reactant, dilution by combustion products and 
cooling as the flame front reaches the far walls.

Any expression which is selected to represent the mass fraction burned must satisfy the end 
conditions. These end conditions include

x y

x x y

b

b b final

at

at

= =

= ( ) =

0 0

1
(6.19)

where the final mass fraction burned, (xb)final, will have a value near 1.0, but for some expres-
sions may be less than 1.0. In addition to eq. 6.19, the expression may satisfy the derivative 
conditions at the end points. Namely,

�
�
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b
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= =
= →

0 0

0 1
(6.20)

Figure 6.3  The mass fraction burned as a function of the fraction of the burn duration
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For the Wiebe function (eq. 6.15), the final mass fraction burned depends on the value of the 
constant “a.” Figure 6.4 shows the final mass fraction burned as a function of “a.” For values 
of the constant “a” greater than 7.0 the final value is nearly 1.0. For the value of “a” used in 
this work (a = 5.0), the final mass fraction burned is 0.9933. This means that for all cases using 
this value of “a,” at the end of combustion, 0.67% of the original fuel remains unburned. This 
is essentially insignificant and, if anything, represents a portion of the unburned fuel that is 
probable for most engines.

6.2.4  Cylinder Heat Transfer

The cylinder heat transfer is a complex phenomenon that remains an active area of engine 
research. A vast literature is available that discusses various aspects of this topic. In the case 
study concerning cylinder heat transfer, actual quantitative evaluations are provided. Addi-
tional comments on cylinder heat transfer correlations may be found in [4].

At this point, however, only the basics will be described. The overall convective heat trans-
fer to the cylinder gases is given by

�Q h A T T= −c wall( ) ( )θ (6.21)

Figure 6.4  The final mass fraction burned as a function of the constant “a” using the Wiebe function
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where hc is the instantaneous convective heat transfer coefficient, A is the instantaneous sur-
face area, Twall is the cylinder wall temperature, and T is the instantaneous one‐zone gas tem-
perature. A number of correlations for the instantaneous convective heat transfer coefficient 
(hc) have been proposed and used throughout the years. Further discussion of the choice of the 
heat transfer correlation is provided as part of the case study on cylinder heat transfer.

During the combustion process, the total heat transfer is allocated to the various zones (but 
the total is still given by eq. 6.21). This allocation may be completed in a number of ways. For 
this work, the heat transfer is assumed to be proportional to the surface area of each zone. The 
appropriate surface area is assumed to be proportional to the volume raised to the 2/3 power. 
In addition, the heat transfer is proportional to the temperature difference. For example, since 
the unburned zone temperature is lower, the proportion of the heat transfer allocated to the 
unburned zone should be lower as well. This results in the following for the individual allo-
cated heat transfer values:

� �Q
V

V

T T

T Tu
u

total

wall u

wall

=




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−
−







2 3/

QQtotal (6.22)

� � �Q Q Qb total u= − (6.23)

Since the burned zone is divided into an adiabatic core and a boundary layer, the burned 
zone heat transfer is assigned in total to the boundary layer.

6.2.5  Mass Flow Rates

The next item is the mass flow rates for use in the energy equation. These may be found from 
basic considerations outlined elsewhere (e.g., see Reference 2). These relationships are based 
on the following assumptions and approximations:

●● The flow is quasi‐steady
●● The flow is one‐dimensional
●● The flow is reversible
●● The flow is adiabatic
●● The flow discharge coefficients are assumed constant1

Since a real flow would not conform to the above assumptions and approximations, these 
considerations are corrected by use of an empirical discharge coefficient (CD),

CD
actual mass flow rate

ideal mass flow rate
= (6.24)

Discharge coefficients are functions of the flow geometry, Reynolds number, Mach num-
ber, and the gas properties [2]. For purposes of this study, the discharge coefficient has been 
assumed constant with a value of 0.7, which is a typical average value [2].

1 Note that within the scope of this work, the flow discharge coefficients easily could be a function of instantaneous 
valve lift.
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The flow rates may be determined from the following relationships. The flow rates may be 
either subsonic or sonic. The subsonic flow rates are given by
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where At is the actual open flow area, pu is the upstream pressure, R is the specific gas con-
stant, Tu is the upstream gas temperature, pt is the throat (or downstream) pressure, and γ  is 
the ratio of specific heats.

On the other hand, the flows may be sonic (also known as choked or critical) if the upstream 
pressure is sufficiently high relative to the downstream pressure such that
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If the flows are sonic, then the flow rate is given by
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The actual open flow area, At, is based on a “curtain” area definition at the throat (valve 
opening),

A C D L( )t D v= π θ (6.28)

where Dv is the valve diameter, and L( )θ  is the instantaneous valve lift. Since the valve lift 
profiles are not necessarily known, this work has used a standard assumption for the valve lift 
based solely on the maximum lift and the valve open duration, and using a sinusoidal shape as 
recommended by Sherman and Blumberg [5]:

L L( ) sinmax
vo

dur

θ = π
θ − θ

θ






(6.29)

where Lmax is the maximum valve lift, θvo is the crank angle of the valve opening, and θdur is 
the valve open duration.

Figure 6.5 shows the instantaneous valve lift as functions of crank angle for both the exhaust 
and for the intake for the base engine considered here. The valve lift is a sinusoidal function 
of crank angle. The valve overlap period is denoted.

Figure 6.6 shows the instantaneous ideal open flow area as functions of crank angle for 
both the exhaust and for the intake for the base engine considered here. The ideal open flow 
area is,

A D L( )ideal v= π θ (6.30)

This area is proportional to the valve lift, and remains a sinusoidal function of crank angle. 
As with the previous figure, the valve overlap period also is denoted in Figure 6.6.
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The formulation used in the cycle simulation includes the capability for “reverse” flows. 
These are flows that are counter to the normal direction. For example, when the inlet valves 
are open and the inlet manifold pressure is lower than the cylinder pressure, flows will be from 
the cylinder into the manifold. Similarly, when the exhaust valves are open and the exhaust 
manifold pressure is higher than the cylinder pressure, flows will be from the exhaust man-
ifold into the cylinder. By comparing the manifold and cylinder pressure at each instant, the 
direction of the flow can be determined. Results in Chapter 7 will illustrate this feature.

6.2.6  Mass Conservation

In addition to the energy equation described above, mass conservation must be satisfied 
throughout the computation. The instantaneous change in the cylinder mass is equal to the net 
result of the mass flow rates.

dm

dt
m m= −� �in out (6.31)

6.2.7  Friction

Information concerning engine friction is needed for a variety of reasons. One of these rea-
sons is to use realistic frictional losses to determine “brake” quantities. Engine friction is 
estimated with a series of algorithms which have been developed for current (1990s) spark‐
ignition engines. The friction algorithms used here are based on the algorithms proposed by 
Sandoval and Heywood [6] which were updated correlations originally published by Patton 
et al. [7]. Original work by Bishop [8] has been used as a starting point for a number of these 
algorithms. For the current work, the algorithms are used exactly as presented.

The total friction will be given by

fmep fmeptotal various= ∑ (6.32)

The overall friction is divided into the following components:

Rubbing: 1.  Crankshaft:
Main bearings
Seals for main bearings
Work of moving lubricant (turbulent dissipation)

2.  Reciprocating:
Connecting rod bearings
Pistons and piston skirts
Piston rings (no gas pressure)
Increase of piston ring friction due to gas pressure loading

3.  Valvetrain:
Camshaft bearings
Cam followers
Valve actuation mechanisms

(continued)
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Pumping: 1.  Intake system
2.  Intake valves
3.  Exhaust system
4.  Exhaust valves

Auxiliaries: 1.  Oil pump
2.  Water pump
3.  Alternator

Introducing these components:

fmep fmep fmep fmeptotal rub pump aux= + + (6.33)

Next, the fmeprub and fmepaux may be expressed in terms of their components:

fmep fmep fmep fmeprub crank recip valve= + + (6.34)

fmep fmep fmep fmepaux oil-pump water-pump alt= + + eernator (6.35)

And the components of fmepcrank, fmeprecip, and fmepvalve may be expressed in terms of even 
smaller aspects:

fmep fmep fmep fmepcrank bearings seals dissip= + + (6.36)

fmep fmep fmep fmep frecip conrod piston rings= + + + mmepgas-loading (6.37)

fmep fmep fmep fmepvalve cam followers actuati= + + oon (6.38)

Algorithms have been developed for each of these components [6].
To illustrate the results of the friction algorithms, the algorithms were applied for a 

5.7 liter V‐8, spark‐ignition engine. The friction algorithms require much detail about the 
engine. For example, required information includes the number and size of bearings, the num-
ber of valves, the type of valve mechanism, and the type and location of the camshaft. Sando-
val and Heywood [6] may be consulted for specific examples of this information.

For the 5.7 liter V‐8, spark‐ignition engine, Figure 6.7 shows the various components of the 
friction as functions of engine speed for a part load condition with an inlet manifold pressure 
of 50 kPa (which results in a bmep of about 325 kPa). For this constant load condition, the 
pumping friction increases slightly with increases of engine speed. The mechanical friction 
due to the auxiliaries, reciprocating components, and (to a lesser extent) crank components 
increases as engine speed increases. The mechanical friction of the valve train decreases 
slightly with increases of speed.2

2 At relatively low engine speeds, the valve train friction is dominated by valve spring compression which explains 
the higher relative friction. At high speeds, however, inertia plays a major role as the acceleration of the tappet has a 
negative value (and this acceleration becomes more negative as engine speed increases) resulting in a slight decrease 
of the valve train friction.
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Figure 6.8 shows the same data as presented in Figure 6.7, but the data are shown in an accu-
mulative fashion. For these conditions, the reciprocating component is the largest contributor 
to the mechanical component of the total friction. The pumping friction is a major portion of 
the total friction due to the part load condition. The figure shows the total mechanical compo-
nent for the base case (1400 rpm).

Figure 6.9 shows data similar to that presented in Figure 6.3, but for an inlet pressure of 
95 kPa (which represents WOT). Due to higher cylinder pressures, the total friction is higher 
than the previous case—especially for the higher speeds. The pumping friction is much less at 
lower speeds, but does increase for higher speeds.

Figure 6.10 shows the total friction as functions of engine speed for an inlet pressure of 
50 kPa for two compression ratios. The higher compression ratio results in higher friction due 
to higher cylinder pressures—especially for lower speeds.

Figure 6.11 shows the various friction components as functions of inlet manifold pressure 
(load) for a constant engine speed of 1400 rpm. The mechanical components increase nearly 
linearly with increasing inlet manifold pressure. The pumping component decreases as inlet 
manifold pressure increases (reflecting less throttle losses). The net effect for these conditions 
is that the total friction decreases as inlet manifold pressure increases.
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6.2.8  Pollutant Calculations

As mentioned above, thermodynamic simulations may be of some use for estimating pol-
lutant emissions. Of the regulated emissions, thermodynamic simulations have had the most 
success in estimating nitric oxides emissions for homogeneous charge engines (approximated 
by SI engines). This success is largely due to the fact that the nitric oxide formation and 
destruction processes are primarily functions of temperature, pressure, and residence time. In 
addition, the nitric oxide processes are not strongly affected by surfaces, complex chemistry, 
or physical process descriptions (such as mixing or diffusion). Hydrocarbon, carbon monox-
ide, and soot emissions may be estimated, but due to the complex physical and chemical pro-
cesses, these estimates have not been as successful. More information on these topics may be 
found in Heywood [2]. Calculations of nitric oxide emissions using the thermodynamic cycle 
simulation are reported in one of the case studies in this book.

6.2.9  Other Sub‐models

The above items (for the solution of the mathematical formulations presented in Chapter 5) 
provide all the necessary components to obtain engine performance output values such as 
work, power, torque, and mean effective pressure. Other sub‐models, however, can be used 
to enhance the simulation or to provide additional features. For example, the prediction of 
knock in the end gases may be added by providing a relationship for autoignition of the 
unburned gases. This is at best an approximation since the knock phenomena is a complex 
chemical process. Further comments on modeling the knock phenomena are available (e.g., 
References 9,10).

Other examples of additional sub‐models include items such as exhaust gas recirculation 
(EGR) and oxygen‐enriched reactants. These are described later in this book in the chapters 
on results and case studies. Finally, the simulation may be modified in many ways to con-
sider other engine configurations or applications. As an example, an over‐expanded engine is 
described and evaluated in one of the following case studies.

6.3  Numerical Solution

The instantaneous cylinder conditions (temperatures, pressure, volumes, masses, and 
thermodynamic properties) as a function of crank angle are obtained by the simultaneous 
numerical integration of the various differential equations. Since a number of the differ-
ential equations are themselves dependent on the other variables, an iterative approach was 
chosen. That is, the set of differential equations was evaluated, and then the results from 
this evaluation were used to determine the final values of the derivatives. For the two‐zone 
portion, two iterations were sufficient for convergence. For the three‐zone portion, four iter-
ations were necessary.

A number of numerical methods are available to solve a set of differential equations like 
the ones outlined in Chapter 5. Both the Runge–Kutta technique and a simple Euler technique 
were evaluated. The two methods provided surprisingly similar results. Since the application 
of the Euler technique was more straightforward, it was selected for this work. A description 
of the sensitivity to the time step interval for the calculations is presented next.
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The number of calculations per crank angle relates to both the time to complete the compu-
tation and the accuracy of the final result. Figure 6.12 shows the ratio of the thermal efficiency 
from different numbers of calculations per crank angle and the thermal efficiency value as 
determined for eight calculations per crank angle (ηfinal). The result is highly nonlinear, and 
acceptable results (less than 0.3% difference) are obtained for four or more calculations per 
crank angle. The time to complete the computation, on the other hand, is fairly linear with the 
number of calculations per crank angle. That means that doubling the number of calculations 
doubles the amount of time.

6.3.1  Initial and Boundary Conditions

To complete the required input information, the boundary conditions for the inlet (temperature 
and pressure) and for the exhaust (pressure) are specified. For most of the work reported here, 
these three quantities were specified. In other work, these values could be found as functions 
of the operating conditions via empirical relationships.

To begin a particular engine cycle calculation, several parameters are not known. The initial 
amount of exhaust gases (residual), and the initial cylinder gas temperature and pressure must 
be assumed. The complete calculation is repeated until the final values agree (within a speci-
fied tolerance) with the initial values. Depending on the specified tolerances and the first 
values selected, this procedure usually finds convergence within about three complete cycles. 
Figure 6.13 shows the ratio of the residual mass fraction (“f”) for the current cycle and the 
final value as functions of the calculation cycle for two different starting values of the residual 
fraction. The two starting values were selected to be significantly different. The solid line 
represents the progression from a very poor first value (off the scale of the figure), but by the 
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third cycle, the residual fraction is essentially at its final value. The dashed line represents the 
progression from a better estimate of the initial value (about 6% too high), but in this case as 
well, the residual fraction is essentially at its final value by the third cycle. For results reported 
here, the calculations are continued until at least cycle number “5” to insure convergence.

6.3.2  Internal Consistency Checks

A number of calculations may be completed to serve as internal consistency checks. These 
types of calculations do not validate the overall computations from a fundamental perspective, 
but do serve to at least verify that the computed results are self‐consistent. For example, the 
mass and the energy of the burned zone must equal the masses and energy in the adiabatic 
and boundary layer zones. Other such mass and energy balances can be used throughout the 
simulation.

6.4  Summary

This chapter has provided descriptions of the items needed to solve the ordinary differential 
equations described in Chapter 5. These items included the thermodynamic properties 
(Chapter 4), the cylinder volume, the rate of change of the cylinder volume, the surface areas, 
expressions for the combustion process (mass fraction burned), cylinder heat transfer, mass 
flow rates, and algorithms for the friction. The algorithms for the friction were illustrated with 
values as functions of engine parameters. In addition, this chapter included a brief overview of 
the way nitric oxide emissions could be computed (a case study at the end of this book includes 
much more detail). The chapter ended with a brief discussion of the solution procedures.
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7
Basic Results

7.1  Introduction

This chapter provides some examples of the results from engine thermodynamic simulations 
with an emphasis on the first law of thermodynamics. These results will focus on the cylinder 
conditions for the base case. The following chapter (Chapter 8) will provide global, perfor-
mance results for a range of operating and design parameters, and Chapter 9 will provide 
results based on the second law of thermodynamics. The current chapter includes sections on 
the engine specifications and operating conditions, detailed time‐resolved results, and over-
all energy results. The presentation in this chapter includes highly detailed results. This is 
designed to not only highlight the basic results but also illustrate the range of information that 
is available from these types of simulations.

7.2  Engine Specifications and Operating Conditions

Almost all of the results presented in this book are for the same engine: a 5.7 liter, V–8 con-
figuration with a bore and stroke of 101.6 and 88.4 mm, respectively. Table 7.1 lists the engine 
specifications. For the Wiebe combustion parameters, the following values were used as rec-
ommended by Heywood [1]: m = 2.0 and a = 5.0. The combustion duration was 60°CA. For 
the cylinder heat transfer, the correlation recommended by Woschni [2] has been used with 
an htm of 1.0.

A base case operating condition has been selected for the following results. This condition 
is a part load condition that is near frequent operating conditions for many light‐duty driving 
cycles, and includes an engine speed of 1400 rpm and a bmep of 325 kPa. Table 7.2 lists some 
of the values of parameters (and “how obtained”) which were needed in this work. The inlet 
pressure (50 kPa) was selected to obtain a bmep of 325 kPa, and the combustion start was 
selected to maximize the brake torque (MBT).
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Table 7.2  Some engine and fuel input parameters (base case: 325 kPa, 1400 rpm)

Item Value used How obtained

Displaced volume (dm3) 5.733 Computed

Compression ratio 8.0 Input

AFstoich 15.07 Computed

Equivalence ratio 1.0 Input

Inlet (air‐fuel) temperature 319.3 K Input

Inlet pressure (kPa) 50.0 Input

Exhaust pressure (kPa) 102.6 From algorithm [3]

Start of combustion (°bTDC) 22.0 Determined for MBT

Combustion duration (°CA) 60 Input

Cylinder wall temp (K) 450 Input

Mech frictional mep (kPa) 68.3 From algorithm [3]

Heat transfer multiplier (htm) 1.0 Input

Heat transfer correlation Woschni Input

Fuel LHV (kJ/kg) 44,400 For isooctane [1]

Fuel exergy (kJ/kg) 45,670 For isooctane [1]

Table 7.1  Engine specifications

Item Value

Number of cylinders 8

Bore (mm) 101.6

Stroke (mm) 88.4

Crank rad/con rod ratio 0.305

Inlet valves:

  Diameter (mm) 50.8

  Max Lift (mm) 10.0

  Opens (°CA aTDC) 357

  Closes (°CA aTDC) −136

Exhaust valves:

  Diameter (mm) 39.6

  Max lift (mm) 10.0

  Opens (°CA aTDC) 116

  Closes (°CA aTDC) 371

Valve overlap (degrees) 14°
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7.3  Results and Discussion

Tables 7.3 and 7.4 list results from the simulation for this 325 kPa, 1400 rpm condition. The 
net indicated and brake thermal efficiencies were 31.5% and 26.0%, respectively. The associ-
ated net indicated and brake specific fuel consumption values were 257.2 and 311.5 g/kW‐h, 
respectively. The energy distribution indicates that about 23.7% and 44.1% of the fuel energy 
was assigned to heat transfer and exhaust gas energy, respectively. Also listed are the peak 
cylinder pressure (1904 kPa at 16.0°aTDC) and the peak cylinder temperature (2393 K). The 
maximum gas temperature in the burn zone is 2554 K at 10.2°aTDC. Other results listed in 
Table 7.3 are described below.

Table 7.4 lists items such as total mass (air + fuel vapor + residuals) per cylinder, and fuel 
energy and exergy inputs per event for each cylinder. Also listed are the cylinder one‐zone 
temperature (1265 K) at TDC and the cylinder pressure (1250 kPa) at TDC. In addition, the 
table lists the fuel energy (0.894 kJ/cyl) and the fuel exergy (0.916 kJ/cyl).

Table 7.3  Results for the base case∗

Value

Item Net Indicated∗∗ Brake

mep (kPa) 393.2 324.6

sfc (g/kW·hr) 257.2 311.5

η (%) 31.5 26.0

Torque (N·m) 178.8 147.7

Power (kW) 26.2 21.6

ppeak (kPa) 1904

CA of ppeak 16.0

max Tb (K) 2554

CA of max Tb 10.2

Tpeak (K) 2393

Texh (K) 1331

�mfuel (g/s) 1.88

�mair (g/s) 28.3

Residual fraction 0.104

Energy distribution:

  Brake work (%) 26.03

  Friction (%) 5.50

  Heat loss (%) 23.69

  Exhaust (%) 44.11

  Unused (%) 0.68

Total (%) 100.0

∗Results for Tswitch = 1200 K, and ΔCA = 0.25°
∗∗Net indicated is for all four strokes.
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7.3.1  Cylinder Volumes, Pressures, and Temperatures

The presentation of the results will begin with some of the basic considerations such as cylin-
der volume, and then will progress to cylinder pressures and temperatures. Figure 7.1 shows 
the instantaneous cylinder volume as a function of crank angle for one cylinder of the base 
case engine with a compression ratio of 8. The cylinder volume as a function of crank angle 
is a sinusoidal type curve. The minimum and maximum volumes are the clearance and total 
volumes, respectively.

Figure 7.2 shows the rate of change of cylinder volume as a function of crank angle. This 
quantity is proportional to the piston velocity. The rate of change of the cylinder volume is 
zero at TDC and BDC, and will be maximum at some point in between TDC and BDC. The 
first maximum value after TDC for these conditions occurs at 75°aTDC.

Figure 7.3 shows cylinder pressures and temperatures as functions of the crank angle for 
the base case conditions. Both the motoring and firing pressures are included. The start and 
end of combustion are indicated for reference. The motoring pressure is nearly symmetrical 
about TDC (0°aTDC) with a maximum pressure of about 720 kPa. The firing pressure has a 
maximum of 1904 kPa at 16.0°aTDC. The one‐zone (average of all zones) cylinder gas tem-
perature increases rapidly during the combustion period and reaches a maximum of 2393 K 
at 27.8°aTDC.

Figure 7.4 shows the cylinder pressure as a function of cylinder volume for the base case 
conditions. The start and end of combustion are denoted, as are the valve events. For this part 
load condition, the “pumping loop” represents work done to the cylinder gases during the gas 
exchange. The area of the compression‐expansion “loop” is proportional to the gross indicated 
work done by the gases.

Figure 7.5 shows the log of the cylinder pressure as a function of the log of the cylinder 
volume. This figure provides an alternative representation of the cylinder pressure and vol-
ume relationship. In particular, the “pumping loop” is shown in more detail, and the nearly 

Table 7.4  Additional results for the base case

Item Value

Volume at TDC (dm3/cyl) 0.1024

Volume at BDC (dm3/cyl) 0.8191

Total mass, valves closed (g/cyl) 0.3609

Air mass (g/cyl) 0.3234

Fuel mass (g/cyl) 0.0201

Residual mass (g/cyl) 0.0374

Overall temperature at TDC (K) 1265

Cylinder pressure at TDC (kPa) 1250

Average gas constant at TDC (kJ/kg‐K) 0.2790

Fuel energy for each event (kJ/cyl) 0.8940

Fuel exergy for each event (kJ/cyl) 0.9159
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Figure 7.1  Instantaneous cylinder volume as a function of crank angle for a compression ratio of 8
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linear “log p versus log V” characterizes a polytropic process1 for portions of the compres-
sion and expansion processes. For these conditions, the compression process has a polytropic 
constant, n, of 1.313, and the expansion process has a polytropic constant of 1.288. This 
exponent reflects both the ratio of specific heats and heat transfer. Values for the exponent 
typically range from about 1.25 to 1.35 for most engines for a range of operating conditions. 
Due largely to the high gas temperatures and the significant cylinder heat transfer during the 
expansion stroke, the polytropic constant for the expansion stroke is always smaller than the 
value for the compression stroke.

Figure 7.6 shows the average overall (one‐zone) gas temperature, and the temperatures 
associated with each zone as functions of crank angle for the base case conditions. At the 
bottom of the figure is the unburned zone temperature which remains below about 1000 K. 
The boundary layer temperatures range between about 1050 and 1250 K. The adiabatic zone 
has the highest temperatures, and for this case, a maximum of about 2625 K is attained. 
The burned zone temperatures represent the temperatures of the boundary layer and adiaba-
tic zones. After combustion, the burned zone temperature and the average temperature are 
the same.

1 A polytropic process is a process which obeys pVn = constant.
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Figure 7.6  Multiple zone cylinder gas temperatures as functions of crank angle for the base case 
conditions
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Figure 7.7 shows the cylinder pressure and the average, one‐zone, gas temperature as func-
tions of crank angle for the complete four strokes (720°CA) for the base case conditions. Also 
noted on the figure are the open and close crank angles for each of the valves. At exhaust 
valve open (EVO), both the pressure and temperature change slope as the mass flow out adds 
to the expansion decrease of pressure and temperature. At intake valve open (IVO), a further 
decrease occurs for both the pressure and temperature. After exhaust valve close (EVC), the 
temperature increases slightly during the portion of flow that is from the intake manifold back 
into the cylinder (see figure 7.9 with mass flow rates).

7.3.2  Cylinder Masses and Flow Rates

Figure 7.8 shows the cylinder mass for each zone as functions of crank angle for the base case 
conditions for a period near TDC. The unburned (mu) and burned (mb) zone masses are recip-
rocals of each other—one increases and one decreases such that the total mass (mtotal) remains 
constant. The boundary layer mass (mbl) begins to become significant at about TDC, and con-
tinues to increase until the computations are terminated at 90°aTDC. The mass (mad) of the 
adiabatic zone is equal to the mass of the burned zone minus the mass of the boundary layer.
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Figure 7.8  Cylinder mass in the 
various zones as functions of crank 
angle for the base case conditions. 
Source: Caton 2001. Reproduced with 
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Figure 7.9 shows the mass flow rates as functions of crank angle for both the intake and 
exhaust flows for the base case conditions. The positive flow rates are the flow rates in the 
natural directions—the intake flow is positive into the cylinder and the exhaust flow is positive 
out of the cylinder. The “blow‐down” after the exhaust valve opens (EVO) attains a maximum 
flow of about 42.6 g/s, and then the exhaust flow decreases. The displacement phase of the 
exhaust flow results in a maximum of about 16 g/s. The flow is back into the cylinder during 
the valve overlap period—the time between the intake valve open and the exhaust valve close 
times. When the intake valve first opens (IVO), the flow is into the intake manifold. The flow 
reverses shortly after the exhaust valve closes. The first mass into the cylinder is the mass that 
previously flowed into the intake manifold. Once that mass has returned, then the fresh air and 
fuel vapor mixture flows into the cylinder. The intake flow attains a maximum flow rate of 
about 32 g/s and then decreases. At the end of the intake valve open period, the flow reverses 
back into the manifold. For this condition, at the end of the intake valve open period, the 
cylinder pressure is greater than the intake manifold pressure which causes the reverse flow.

7.3.3  Specific Enthalpy and Internal Energy

Figures 7.10 and 7.11 show the average specific enthalpy and internal energy, respectively, as 
functions of temperature for the base case conditions. These curves have similar shapes but the 

Figure 7.9  Exhaust and intake mass flow rates as functions of crank angle for the base case conditions. 
Source: Caton 2015. Reproduced with permission from John Wiley & Sons, Inc

100 200 300 400 500 600

F
lo

w
 r

at
es

 (
g

/s
)

–20

–10

0

10

20

30

40

50

Fresh
charge

EVO

1400 rpm
bmep = 325 kPa

 = 1.0
MBT timing

Intake
flow

Exhaust
flow

EVCIVO

IVC
Cyl gases

back In

ϕ

Crank angle (°aTDC)



Basic Results� 109

Temperature (K)

0 500 1000 1500 2000 2500 3000

A
ve

ra
g

e 
en

th
al

p
y 

(k
J/

kg
m

ix
)

–3000

–2000

–1000

0

1000

Combustion
starts (–22)

EVO
(116)

Combustion
Ends (38)

IVO
(357)

EVC
(371)

IVC
(–136)

hproducts

hreactants

Fresh
charge
enters
(401)

bmep = 325 kPa
1400 rpm

MBT,  = 1.0ϕ
Figure 7.10  Average mixture 
enthalpy as a function of the 
one‐zone temperature for the 
base case conditions

Temperature (K)

0 500 1000 1500 2000 2500 3000

A
ve

ra
g

e 
in

te
rn

al
 e

n
er

g
y 

(k
J/

kg
m

ix
)

-3000

-2000

-1000

0

1000

Combustion
starts (–22)

EVO
(116)

Combustion
ends (38)

IVO
(357)

EVC
(371)

IVC
(–136)

uproducts

ureactants

Fresh
charge
enters
(401)

bmep = 325 kPa
1400 rpm,  = 1.0

MBT timing
ϕ

Figure 7.11  The specific 
internal energy for the 
mixtures as functions of the 
one‐zone, overall cylinder gas 
temperature for the base case 
conditions. Source: Caton 2001. 
Reproduced with permission 
from ASME



110� An Introduction to Thermodynamic Cycle Simulations for Internal Combustion Engines

absolute values are different. Also denoted on the figures are selected crank angle “times” such 
as the start of combustion, exhaust valve opening (EVO), and so forth. The specific enthalpy 
and internal energy increase during compression, attain a maximum, and then decrease dur-
ing combustion and through expansion. After the reverse flow into the intake manifold, the 
fresh charge (at 401°aTDC) begins to enter the cylinder and the specific enthalpy and internal 
energy begin to increase until they attain their original values at intake valve close.

7.3.4  Molecular Masses, Gas Constants, and Mole Fractions

Figure 7.12 shows the molecular mass of the mixture as functions of crank angle for the base 
case conditions. Two curves are provided: a solid curve for the detail species (including equi-
librium), and a dashed curve for the “frozen” species approximation. Again, denoted on the 
figure are selected crank angle “times.” Beginning at intake valve close (IVC), the molecular 
mass remains constant during the compression process. During combustion, the molecular 
mass decreases until near the end of combustion. The molecular mass remains at low values 
until the fresh charge begins to enter the cylinder. At this point, the molecular mass increases 
until it has the value at intake valve close. For these conditions, the molecular mass of the 
mixture varies between 28.5 and 30.2.

The molecular mass of the mixture as determined by using the frozen species assumption is 
in general agreement with the values determined from the equilibrium composition assump-
tion (Figure 7.12). At all times, the two values are well within 1% agreement. As an example 
of the detailed information provided, the results based on the equilibrium composition shows 
some variation of the molecular mass after combustion until the exhaust valve opens. Dur-
ing this portion, some dissociated species are recombining and the molecular mass decreases 
slightly.

For these conditions, the simulation “switches” from the detailed properties to the frozen 
properties at a temperature of 1200 K (crank angle of 290°aTDC). Although for the scale of 
Figure 7.12, this switch appears significant, the actual change of the molecular mass is from 
28.51 to 28.61 (less than a 0.3% difference). This feature is described in more detail below.

Figure 7.13 shows the gas constants as functions of the temperature for the base case condi-
tions. The figure shows the gas constants for the burned gas (Rb, upper dashed line), unburned 
gas (Runb, lower dashed line), and complete mixture (Rmix, solid line). The gas constant for 
the unburned gas remains unchanged since the composition is fixed. The gas constant for the 
burned gas changes only slightly—mostly near the end of combustion due to dissociation 
and other reactions. The gas constant for the mixture increases from the start of combustion, 
attains a maximum value near the end of combustion, and then decreases during the intake 
process as fresh charge enters the cylinder.

Table 7.5 lists the results for the mole fractions of the species at two specific crank angles 
for the base case conditions. The two crank angles are 290.00°aTDC and 290.25°aTDC, 
and represent the point where the computation “switched” from the equilibrium to the “fro-
zen” assumption. This allows a comparison between the estimated values from the “frozen” 
assumption and from the equilibrium computations. The “switch” temperature between the 
equilibrium and frozen assumption is 1200 K for this work. At a crank angle of 290.25°aTDC, 
the temperature decreases below 1200 K, and the composition is computed from the “frozen” 
assumption. The major species (oxygen, nitrogen, carbon dioxide, and water) are in excellent 
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agreement, but the minor species are set to zero for the “frozen” assumption. As shown at 
the bottom of the list, the overall molecular mass is in good agreement between the two 
approaches (within about 0.3%).

Figure 7.14 shows the mole fractions of the major species and the one‐zone average temper-
ature as functions of crank angle for the base case conditions. During the combustion period, 
the fuel and oxygen mole fractions decrease to near zero, and the carbon dioxide and water 
mole fractions increase to near their maximum values. Once fresh charge begins to enter the 
cylinder, the oxygen and fuel mole fractions begin to increase, and the carbon dioxide and 
water mole fractions decrease to near their minimum values (as part of the residual mass). 
Note that at the crank angle (290°aTDC), where the switch from equilibrium composition to 
frozen composition occurs, the lines for the mole fractions are continuous and no change can 
be detected (at least for the scale of this plot).

Figure 7.15 shows the mole fractions of some of the other more minor species and the 
one‐zone average temperature near TDC as functions of crank angle for the base case con-
ditions. These species (CO, OH, H2, NO, H, and O) are largely a result of dissociation reac-
tions, and are highly dependent on temperature. As combustion starts, these species increase, 
attain their maximum values, and then during the expansion process, continue to decrease to 
near‐zero concentration levels. Carbon monoxide, of all of these species, attained the highest 

Figure 7.12  Average 
molecular mass for the 
mixture as functions 
of overall, one‐zone 
temperature for the  
base case conditions—
for detailed properties 
and for the “frozen” 
assumption
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Table 7.5  Species results for the base case: Comparison of concentrations for “Frozen” and 
equilibrium assumptions

Item Equilibrium Frozen

CA 290.00 290.25

Temp (K) 1200.1 1199.9

Mole fractions:

  O2 0.00172 0.001177

  N2 0.7353 0.7353

  CO2 0.1239 0.1240

  H2O 0.1394 0.1395

  Fuel vapor 0.000093 0.000093

  H2 1.798 × 10−07 0.0

  CO 2.184 × 10−07 0.0

  H 8.221 × 10−11 0.0

  N 3.555 × 10−18 0.0

  O 2.398 × 10−10 0.0

  NO 4.418 × 10−06 0.0

  OH 5.042 × 10−07 0.0

MW (g/gmol) 28.61 28.71



Basic Results� 113

Crank angle (°aTDC)

–180 0 180 360 540

M
o

le
 f

ra
ct

io
n

0.00

0.05

0.10

0.15

0.20

0.25

T
em

p
er

at
u

re
 (

K
)

0

500

1000

1500

2000

2500

Temp

O2

H2O

CO2

Fuel

O2

bmep = 325 kPa
1400 rpm,  = 1.0

MBT timing
ϕ

Figure 7.14  Mole fractions 
of major species and one‐zone 
cylinder gas temperature as 
functions of crank angle for the 
base case conditions

Crank angle (°aTDC)

–30 0 30 60 90

M
o

le
 f

ra
ct

io
n

10–6

10–5

10–4

10–3

10–2

10–1

T
em

p
er

at
u

re
 (

K
)

500

1000

1500

2000

2500

Temp

CO

H

O

H2

NO

OH

bmep = 325 kPa
1400 rpm,  = 1.0

MBT timing

Combustion ϕ

Figure 7.15  Mole 
fractions of minor 
species and the one‐zone 
cylinder gas temperature 
as functions of crank 
angle for the base case 
conditions



114� An Introduction to Thermodynamic Cycle Simulations for Internal Combustion Engines

concentration—about a mole fraction of 0.01 (1.0%). The nitric oxide (NO) reported here is the 
equilibrium concentration for the instantaneous conditions. The case study on nitric oxide emis-
sions describes the relation of the equilibrium and actual nitric oxide exhaust concentrations.

7.3.5  Energy Distribution and Work

Table 7.6 is a summary of the energy and exergy values for the base case. The fuel energy is 
divided among work, friction, heat transfer, net exhaust, and unburned fuel. The fuel exergy 
is divided among the same items plus destruction during the combustion processes and intake 
mixing processes. These quantities are listed in both energy units (kJ) and as percentages (%) 
of the fuel energy or exergy. The quantities for the brake work and friction combine to provide 
the values for the net indicated work. Note that the pumping work is already a part of the work 
values and cannot be listed separately. Further comments on these types of energy and exergy 
distributions are provided next and in subsequent chapters.

Figure 7.16 shows a “pie” chart of the energy distribution for the base case conditions. 
Energy inputs into the defined thermodynamic system (the cylinder contents) are from the fuel 
and the pumping work. This approach is used so that the pumping work can be identified, but 
the comments provided above are still accurate. The energy outputs are the gross indicated 
work, heat transfer, net exhaust gas energy, and unburned fuel. The gross indicated work con-
sists of the brake work, mechanical friction, and pumping work. For this operating condition, 
significant energy is associated with the heat transfer and exhaust gas flow. Again, subsequent 
chapters will provide much more discussion of the energy distribution as functions of engine 
operating and design parameters.

Figure 7.17 shows the energy items as a function of crank angle for the base case con-
ditions. The energy units are set to equal 1.0 kJ at the start (IVC) for convenience. The dark 
line represents the cylinder total energy throughout the four strokes. The total energy starts 
and ends at 1.0 kJ. During the compression stroke, the total cylinder energy increases due to 
compression work. After TDC, the total energy continues to decrease due to work extraction, 
heat losses, and exhaust flow. Once the fresh charge enters (401°aTDC), the total energy 
increases back to the original value.

Table 7.6  Summary of energy values for the base case

Energy Exergy

Item Value (kJ) Percent (%) Value (kJ) Percent (%)

Brake work 0.2326 26.02 0.2325 25.38

Friction 0.0490 5.50 0.0490 5.35

Indicated work 0.2816 31.52 0.2815 30.73

Heat loss 0.2118 23.70 0.1758 19.19

Net flow out 0.3943 44.11 0.2490 27.19

Destruction (comb) n/a n/a 0.1896 20.70

Destruction (intake) n/a n/a 0.0138 1.51

Fuel not used 0.0060 0.68 0.0062 0.68

Total 0.8939 100.0 0.9159 100.0
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After TDC at the end of the compression stroke (Figure 7.17), work continues to be extracted, 
and at the end of the cycle, the net indicated work is the value listed in Table 7.6, 0.282 kJ. 
The energy associated with the heat transfer is designated below the line for the work. The 
majority of the heat transfer is during the expansion process due to the high temperatures. At 
the end, the total heat transfer equals 0.212 kJ. A figure similar to Figure 7.17 will be used in 
Chapter 9 to illustrate a similar distribution of exergy as a function of crank angle for this case.

Finally, Figure 7.18 shows the instantaneous and accumulated work, and the cylinder pres-
sure as functions of crank angle for the base case. Work produced by the system (output) is 
a positive quantity. During the compression process, the instantaneous work is negative (into 
the gases) until TDC. The instantaneous work reaches a peak slightly after TDC and then 
decreases during the remainder of the expansion process. The instantaneous work is slightly 
negative during the exhaust stroke and then slightly positive during the intake stroke. The 
final value of the accumulated work (0.282 kJ) represents the work for the cycle. Chapter 8 
contains further discussion concerning these work values.

7.4  Summary and Conclusions

This chapter has provided detailed results from the engine cycle simulation for one operating 
condition (bmep = 325 kPa; 1400 rpm). The results are largely illustrated as functions of crank 
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angle. Cylinder volume, the derivative of the cylinder volume, temperatures, pressures, cyl-
inder mass, and flow rates were illustrated as functions of crank angle and cylinder volume. 
Some of the properties were also described. Enthalpy, internal energy, molecular mass, and 
gas constant were shown as functions of the one‐zone gas temperature. In addition, the mole 
fractions of the major and some minor species were illustrated as functions of crank angle. 
Finally, the distributions of energy and exergy were described for this operating condition. For 
this one operating condition, some general findings and conclusions may be listed.

●● The engine cycle simulation includes three zones during combustion. The maximum one‐
zone cylinder gas temperature and pressure were 2393 K and 1904 kPa, respectively. The 
maximum burned and adiabatic zone gas temperatures were 2554 K and 2625 K, respec-
tively.

●● Portions of the compression and expansion processes satisfied a polytropic process with 
exponents of 1.313 and 1.288, respectively.

●● When the intake valve first opens, the mass flow is from the cylinder into the intake system 
and from the exhaust system into the cylinder. Starting at 401°aTDC, fresh charge enters 
the cylinder.

●● Plots of specific enthalpy and internal energy illustrate the process from reactants to 
products.

●● For the equilibrium composition assumption, species concentrations for CO, OH, H2, NO, 
H, and O are provided.

●● Energy and exergy distributions, and comments on the role of pumping work are provided.
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8
Performance Results

8.1  Introduction

This chapter provides examples of the overall engine performance results which include items 
such as power, torque, mean effective pressures, thermal efficiencies, specific fuel consump-
tion, and volumetric efficiencies. Other results include the distribution of the fuel energy 
among work, friction, heat transfer, and exhaust as functions of load and speed. Also, the 
results include thermal efficiency as functions of engine design and operating variables. In 
addition, items such as the residual mass fraction, exhaust pressure, and exhaust temperatures 
are presented. Finally, a brief discussion on the thermodynamics of the use of exhaust gas 
recirculation (EGR), and of pumping work are provided.

8.2  Engine and Operating Conditions

The engine examined in this chapter is the same 5.7 liter, V–8 configuration described pre-
viously. Many of the following results are for one cylinder of the engine. The engine speci-
fications and some of the input parameters are provided in Chapter 7. For the most part, the 
following results are based on the variation of one engine operating or design parameter while 
all other parameters remain at their base values. The major parameters for the base condition 
include a bmep of 325 kPa, a speed of 1400 rpm, an equivalence ratio of 1.0, MBT start of 
combustion timing, a burn duration of 60°CA, a cylinder wall temperature of 450 K, and a 
compression ratio of 8.0. The fuel is isooctane, C8H18, with a LHV of 44,400 kJ/kg, the heat 
transfer correlation is from Woschni [1], and htm is 1.0.

8.3  Performance Results (Part I)—Functions of Load and Speed

The first set of results are presented as functions of load and speed. This will be followed by 
a second set of results which are functions of engine operating and design parameters. Fig-
ure 8.1 shows the classic presentation of engine performance results—either obtained from 
experiments or from simulations. The figure shows total engine power and torque as functions 
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of engine speed for a wide‐open throttle (WOT) condition. For purposes of the computations, 
the inlet pressure was assumed constant with a value of 95 kPa. For each engine speed, the 
combustion timing was adjusted to provide the highest brake torque (MBT timing). For these 
conditions, the torque is between about 350 and 420 N‐m, and has a maximum value at about 
2200 rpm. A maximum torque at some intermediate engine speed is a result of the increasing 
importance of friction at the higher speeds, and the increasing importance of the heat transfer 
at the lower speeds. The characteristics of heat transfer and friction are explored later in this 
section. Due to the fairly constant torque, the power increases almost linearly with engine 
speed.

The results in Figure 8.1 capture the major thermodynamic aspects of engine operation for 
WOT. As mentioned in several places in this book, the simulation does not explicitly consider 
knock or other combustion irregularities. In practice, an engine may be designed with vari-
ous strategies to avoid these combustion difficulties including operating at other than MBT 
timing, and operating with equivalence ratios above stoichiometric (ϕ > 1.0). In addition, any 
unsteady fluid flow features in the intake or exhaust system would alter the character of these 
results. These unsteady flow features are often called “wave” effects, and designing intake and 
exhaust systems to take advantage of these features is known as “tuning” the flow systems [2]. 
These features, although not used in these calculations, can be incorporated into the simula-
tion if the data are known.
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Figures 8.2–8.4 explore the distribution of the fuel energy among the work, friction, heat trans-
fer, and exhaust as functions of engine load for one cylinder. Engine load is represented by bmep. 
These three figures are different ways to examine the same data. Figure 8.2 shows the actual 
energy quantities (kJ) for these conditions. Starting from the bottom of the figure, the energy 
assigned to the brake work increases linearly from zero (idle) to its maximum value at WOT. 
Friction is assigned the next increment of energy, and (on this scale) appears fairly constant with 
load. Heat transfer is the next quantity, and it increases (in terms of “kJ”) as load increases. The 
net sensible energy contained in the exhaust gas is the final increment, and this energy increases 
(in terms of “kJ”) with load. The net sensible exhaust energy is the sensible energy in the exhaust 
gases minus the sensible energy in the intake gases. The small unburned energy (about 0.7%) 
is not shown due to the scale of the figure. The final line on top represents the total fuel energy.

Figure 8.3 shows the percentage of the fuel energy for the brake work, heat transfer, and 
exhaust energy as functions of load. On this basis, the values for the brake work represent the 
brake thermal efficiency. The brake work starts at zero (no shaft work out) and increases until 
WOT. This increase is largely the result of the decreasing importance of the heat transfer and 
pumping work as load increases. The percentage of the fuel energy devoted to heat transfer 
decreases as load increases. Although the actual (kJ) heat transfer increases with load (see 
Figure 8.2), the percentage decreases since the fuel energy increases more rapidly. The per-
centage of the fuel energy that eventually leaves with the exhaust gas remains high (∼44%) 
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and is fairly constant as a function of load. For this figure, the total of the three quantities are 
typically in the mid‐90%. The totals will be exactly 100% with the addition of the percentages 
for friction energy and the energy associated with the unburned fuel. This is shown more 
clearly in the next figure.

Figure 8.4 shows the distribution of the fuel energy on an “accumulated” basis as functions 
of load for this condition. From the bottom of the figure, the items are brake work, friction, 
heat transfer, net sensible exhaust energy, and the unburned fuel. Again, on a percentage basis, 
the net sensible exhaust energy is fairly constant, the heat transfer and friction decrease in 
importance, and the brake work increases as engine load increases.

The results in Figures 8.2–8.4 illustrate a few general features related to engine perfor-
mance as functions of load. First, for all loads, a large portion (∼40%) of the fuel energy 
remains in the exhaust and is eventually expelled from the engine. This is a consequence of 
the difficulty of converting thermal energy into work. This aspect will be discussed in other 
parts of this book in more detail. Second, for low loads, the percentage of the fuel energy that 
is converted to work is low. For engine loads greater than about 50% of the WOT load, the 
conversion percentage is higher.

Figures 8.5–8.8 illustrate the distribution of the fuel energy among the work, friction, heat 
transfer, and exhaust as functions of engine speed for one cylinder. As with Figures 8.2–8.4, 

Figure 8.5  Actual energy values for one cylinder for work, friction, heat transfer, and exhaust energy 
as functions of engine speed for a bmep of 325 kPa
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Figure 8.6  Percentages of brake 
work, heat transfer, and exhaust 
energy as functions of engine speed 
for a bmep of 325 kPa
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these figures are based on the same data, but provide different ways to examine the results. 
Figure 8.5 shows the actual energy quantities (kJ) for these conditions. Starting from the bot-
tom of the figure, the energy assigned to the brake work remains fairly constant on this scale 
from 800 to 3000 rpm. Friction is assigned the next increment of energy, and increases slightly 
with increases of speed. Heat transfer is the next quantity, and it decreases (in terms of “kJ”) as 
speed increases. Although the actual rate (kJ/s) of heat transfer increases with speed, the heat 
loss (kJ) decreases with increasing speed because of the decreasing real time available for the 
heat transfer. The net sensible energy contained in the exhaust gas is the next increment, and 
this energy increases (in terms of “kJ”) with load. The small unburned energy (about 0.7%) is 
shown next to the top line. The final line on top represents the total fuel energy.

Figure 8.6 shows that the percentage of the fuel energy for the brake work, heat transfer 
and exhaust energy as functions of engine speed. On this basis, the values for the brake work 
represent the brake thermal efficiency. The brake work percentage is fairly constant (on this 
scale), but actually has a slight maximum at an intermediate speed. Figure 8.7 shows the brake 
work as a function of engine speed with a reduced scale. For this scale, a maximum of the 
brake work percentage is observed for an engine speed of about 1800 rpm for these condi-
tions. This maximum is the result of the decreasing importance of the relative heat transfer and 
increasing importance of friction as engine speed increases.

Figure 8.6 also shows that the percentage of the fuel energy devoted to heat transfer decreases 
as engine speed increases. This is largely due to the smaller amount of real time for heat transfer 

Figure 8.8  Distribution of the fuel energy as functions of engine speed for a bmep of 325 kPa
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as engine speed increases (as mentioned above). The percentage of the fuel energy that leaves 
with the exhaust gas increases from about 40% to 48% as engine speed increases from 800 rpm 
to 3000 rpm. For this figure, the totals of the three quantities are typically in the mid‐90%. The 
totals will be exactly 100% with the addition of the percentages for friction energy and the 
energy associated with the unburned fuel. This is shown more clearly in Figure 8.8.

Figure 8.8 shows the distribution of the fuel energy on an “accumulated” basis as functions 
of engine speed for this condition. From the bottom of the figure, the items are brake work, 
friction, heat transfer, net sensible exhaust energy, and the unburned fuel. Again, on a per-
centage basis, the net sensible exhaust energy increases, the heat transfer decreases, friction 
increases slightly, and the brake work remains roughly constant as engine speed increases.

The results in Figures 8.5–8.8 illustrate a few general features related to engine perfor-
mance as functions of engine speed. The major conclusion is that, for these conditions, the 
brake work as a percentage of the fuel energy will typically be a maximum for an intermediate 
speed. This, as mentioned above, is a result of the balance between increasing friction and 
decreasing relative heat transfer as engine speed increases. The case study on cylinder heat 
transfer has more information on these items.

The next set of Figures 8.9–8.13 will illustrate various quantities as functions of engine 
speed for several loads. Figure 8.9 shows the brake thermal efficiency as functions of engine 
speed for three values of bmep and for WOT. The brake efficiency is a strong function of load 

Figure 8.9  Brake thermal efficiency as functions of engine speed for three bmep levels and WOT
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Figure 8.10  Brake specific 
fuel consumption as functions 
of engine speed for three bmep 
levels and WOT
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and a more modest function of speed. The strong function of load is partly due to the need 
for throttling for the lower loads and the resulting pumping work, and due to the increasing 
importance of heat transfer for the low loads (see Figure 8.3). For each load, the thermal effi-
ciency is maximum for one engine speed as mentioned above.

For completeness, Figure 8.10 shows the brake‐specific fuel consumption (bsfc) as func-
tions of engine speed for three values of bmep and for WOT. As defined in Chapter 2, the 
bsfc is essentially the inverse of the thermal efficiency. The comments above concerning the 
thermal efficiencies (Figure 8.9) apply to the results of Figure 8.10.

Figure 8.11 shows the volumetric efficiency as functions of engine speed for three values 
of bmep and for WOT. The volumetric efficiency is based on ambient air density at 300 K 
and 100 kPa. As described in Chapter 2, other definitions could be used for the volumetric 
efficiency. A common alternative definition might use the manifold conditions. Since the man-
ifold air temperature will probably be higher than the ambient, this definition (based on the 
manifold temperature) will result in slightly higher volumetric efficiencies than the definition 
used here. In any case, the trends of the results will be similar. As shown in Figure 8.11, the 
volumetric efficiency is only slightly a function of engine speed and a more significant func-
tion of engine load. Again, the significance of load is largely due to the throttling for the low 
loads. Also, again, the computations do not include any “wave” effects which could increase 
or decrease the actual volumetric efficiency.

Figure 8.12 shows the average, one‐zone, gas temperatures during the combustion period 
as functions of engine speed for three values of bmep and for WOT. For the conditions exam-
ined, the average combustion temperatures range from about 1590 K to about 1710 K. The 
temperatures increase the most up to about 1600 rpm and then increase at a somewhat slower 
rate with speed. The combustion temperatures increase with increases of load with the highest 
temperature for WOT at the highest speed. For any load (bmep), the gas temperatures increase 
with increases of speed due to the decreasing importance of heat transfer.

Figure 8.13 shows the peak cylinder pressure as functions of engine speed for three values of 
bmep and for WOT. The peak cylinder pressure ranges from about 1260 kPa to about 4370 kPa 
for these conditions. The peak pressure is a strong function of engine load and a modest func-
tion of engine speed. The highest cylinder peak pressure is for WOT at the highest engine 
speed. The crank angle of the peak cylinder pressure is a function of the engine operating and 
design parameters. These crank angle values are provided in the case study on combustion.

8.4  Performance Results (Part II)—Functions of Operating/Design 
Parameters

The rest of this chapter will examine engine performance as functions of engine operating and 
design parameters.

8.4.1  Combustion Timing

The timing of the combustion event is critical to obtaining maximum performance. For a 
spark ignition engine, the spark timing can be adjusted to advance (earlier) or retard (later) 
the start of combustion. After the spark, chemical reactions begin, but the energy release does 
not immediately increase the cylinder pressure. After a period known as the “ignition delay,” 
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reactions proceed which are characterized as the start of combustion. This ignition delay is a 
complex function of the local (near the spark plug) conditions including turbulence, tempera-
ture, species compositions and pressure. For purposes of this work, the timing will be related 
to the start of combustion and not the spark timing.

Figure 8.14 shows the brake thermal efficiency, peak one‐zone gas temperature, and aver-
age energy exhaust temperature (times a factor of 1.8) as functions of the relative start of 
combustion for an inlet pressure of 50.0 kPa and 1400 rpm. The relative combustion timing is 
related to the actual MBT timing. So if the MBT timing is −22° aTDC, then a relative timing 
of −10° is an actual timing of –32°aTDC. The relative combustion timing for MBT is denoted 
on the figure as 0.0°CA. The brake thermal efficiency (and brake torque, bmep, …) decreases 
as the timing is advanced or retarded from the MBT timing.

At the top of Figure 8.14 is the peak gas temperature which is highest for the most advanced 
timing and decreases as the timing is retarded. This is because for advanced (early) start of 
combustion, the gases are compressed for a longer period which increases the peak pressure 
and peak temperature. Also, Figure 8.14 shows the average energy exhaust temperature 
(which is described in more detail below) which is the lowest for the most advanced tim-
ing and increases as timing is retarded. This is because during expansion, the temperatures 
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associated with the most advanced timings are expanded to temperatures which are lower 
than the temperatures for the more retarded timings. In addition, for the advanced timings, the 
gases have more time for heat transfer.

Figure 8.15 shows the distribution of the fuel energy among the work, friction, heat transfer, 
and net exhaust energy as functions of the relative combustion timing. The brake work was 
described for Figure 8.14 and has the same character in Figure 8.15 (but the scale is larger). 
Friction remains about the same as a function of combustion timing. The relative cylinder heat 
decreases as the timing is retarded from the most advanced timings. This is consistent with the 
higher gas temperatures for the more advanced timings. On the other hand, the net sensible 
energy in the exhaust increases as the timing is retarded from the most advanced timings. 
The exhaust gas temperatures (not shown) are consistent with the exhaust energy: the exhaust 
temperatures are highest for the most retarded timings (see Figure 8.14).

8.4.2  Compression Ratio

Figure 8.16 shows the net indicated and brake thermal efficiencies as functions of compres-
sion ratio for conditions which included a bmep of 325 kPa, 1400 rpm, stoichiometric mixture, 

Relative combustion timing (°CA)

–20 –10 0 10 20

P
er

ce
n

ta
g

e 
fu

el
 e

n
er

g
y 

(%
)

0

20

40

60

80

100
pin = 50.0 kPa, 1400 rpm

Indicated
workAdvanced

Friction

Retarded

Heat
transfer

Net sensible
exhaust energy

Unburned
fuel

Brake
work

Figure 8.15  Distribution of the fuel energy as functions of the relative combustion timing for an inlet 
pressure of 50 kPa



132� An Introduction to Thermodynamic Cycle Simulations for Internal Combustion Engines

and MBT combustion timing. The thermal efficiencies increase with increasing compression 
ratio. This is a well‐known and appreciated feature of reciprocating engines. The simple 
“Otto” ideal, air standard cycle, shows that the thermal efficiency increases with compression 
ratio (r),

η = − −1 1r k

Although this expression is not quantitatively accurate [2], the trend of increasing efficien-
cies with increasing compression ratio is correct. This feature is a result of the mechanical 
advantage for higher compression ratios. As is well known, however, maximum compression 
ratios are limited by spark knock for spark ignition engines, and limited by maximum pres-
sures for all engines. In spite of these constraints, designs for engines continue to strive to use 
the highest compression ratio that is consistent with providing the highest performance.

Figure 8.16 shows that although the thermal efficiencies increase with compression ratio, 
the rate of this increase becomes lower at the higher compression ratios. Further, the increase 
of the brake thermal efficiency as compression ratio increases is somewhat mitigated at the 
higher compression ratios due to increasing friction. For these conditions, the brake thermal 
efficiency does not increase significantly for compression ratios greater than about 16.
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Figure 8.17 shows the distribution of the fuel energy as a function of compression ratio for 
these conditions. The brake work increases, the friction increases, the heat transfer increases, 
and the exhaust energy decreases as compression ratio increases. The major conclusion from 
these results is that, for higher compression ratios, the engine is more successful in converting 
the thermal energy into work and less of the fuel energy remains in the exhaust gases. This is 
true even though the friction and heat transfer increase as compression ratio increases.

8.4.3  Equivalence Ratio

Figure 8.18 shows the net indicated and brake thermal efficiencies as functions of equivalence 
ratio for a bmep of 325 kPa and 1400 rpm. Thermal efficiencies increase as the equivalence 
ratio decreases. The increase is more rapid for the rich mixtures since less fuel energy is 
unburned. As discussed next, increasing efficiencies are largely a result of decreasing heat 
transfer and decreasing use of the throttle (for constant load) as the equivalence ratio decreases.

Figure 8.19 shows the distribution of the fuel energy as a function of equivalence ratio 
for these conditions. As the equivalence ratio decreases from stoichiometric, the brake 
work increases, the friction (percentage) increases, and the heat transfer decreases. As the 
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Figure 8.18  Net indicated and 
brake thermal efficiency as functions 
of equivalence ratio for a bmep of 
325 kPa and 1400 rpm

Equivalence ratio

0.5 0.6 0.7 0.8 0.9 1.0 1.1 1.2 1.3

P
er

ce
n

ta
g

e 
o

f 
fu

el
 e

n
er

g
y 

(%
)

20

25

30

35

40

bmep = 325 kPa
1400 rpm, MBT timing

Indicated efficiency

Brake efficiency

Equivalence ratio

0.5 0.6 0.7 0.8 0.9 1.0 1.1 1.2 1.3

P
er

ce
n

ta
g

e 
o

f 
fu

el
 e

n
er

g
y 

(%
)

0

20

40

60

80

100
1400 rpm, bmep = 325 kPa

Friction

Indicated
work

Heat
transfer

Net Sensible
exhaust
energy

Unburned
fuel

Brake
work

Unburned
fuel

Figure 8.19  Distribution of 
the fuel energy as functions of 
equivalence ratio for a bmep of 325 
kPa and 1400 rpm



Performance Results� 135

equivalence ratio changes, the percentage of the fuel energy in the sensible energy component 
of the exhaust gases is nearly constant. For the rich mixtures, the heat transfer decreases as the 
equivalence ratio increases from stoichiometric. The heat transfer decreasing from stoichio-
metric for both lean and rich mixtures is largely a consequence of the decreasing temperatures 
on both sides of stoichiometric.

Also, for the rich mixtures, as the equivalence ratio increases from stoichiometric, the 
unburned amount of fuel increases. This, of course, is due to the lack of sufficient oxygen to 
completely oxidize the fuel.

8.4.4  Burn Duration

Figure 8.20 shows the net indicated and brake thermal efficiencies as functions of the burn 
duration for a bmep of 325 kPa, 1400 rpm, and MBT combustion timing. The thermal effi-
ciencies increase as the burn duration decreases. For burn durations less than about 30°CA, 
however, the gains are small. In practice, very short burn durations may be problematic due to 
roughness, noise and engine durability issues.

8.4.5  Inlet Temperature

Figure 8.21 shows the net indicated and brake thermal efficiencies and the bmep as functions 
of the inlet temperature for an inlet pressure of 95 kPa (WOT) and 1400 rpm. As the inlet 

Figure 8.20  Net indicated and brake thermal efficiency as functions of burn duration for a bmep of 
325 kPa and 1400 rpm
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temperature increases, the efficiencies decrease due to increasing heat losses and decreasing 
volumetric efficiencies. Also, as the inlet temperature increases, the bmep decreases due to the 
decreasing inlet charge density. Note that, for a constant part load condition, this effect may be 
somewhat less. For a part load case, as the inlet temperature increases, the inlet pressure would 
need to increase to provide the same output and this may result in modest or no reductions of 
the efficiencies.

8.4.6  Residual Mass Fraction

Figure 8.22 shows the residual mass fraction as functions of engine speed for three values of 
bmep and for WOT. As engine speed and load increase, the residual fraction decreases. For 
the conditions examined, the residual fraction ranges from about 5% to 17%. These are typical 
values, but for lower loads and lower speeds, the residual fraction could be even higher [2].

8.4.7  Exhaust Pressure

The next two figures show the exhaust pressure as functions of speed and load. Although the 
exhaust pressure was determined from an algorithm [3] (and not from any fundamental ther-
modynamics), the values do affect the final results. Figure 8.23 shows the exhaust pressure 
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Figure 8.22  Residual mass 
fraction as functions of engine 
speed for three bmep values and 
for WOT
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as a function of engine speed for three values of bmep and for WOT. The exhaust pressure 
increases with increases of engine speed and load. Overall, for these conditions, the exhaust 
pressure ranged from about 102 kPa to 122 kPa. As listed in Chapter 7, the exhaust pressure 
for the case with a bmep of 325 kPa at 1400 rpm is 102.6 kPa.

Figure 8.24 shows the exhaust pressure as a function of the inlet pressure for four engine 
speeds. Dotted lines are included in the figure to designate three engine loads. As the inlet 
pressure increases, the exhaust pressure increases for each engine speed. The highest exhaust 
pressures are for WOT operation at the highest speed.

Figure 8.25 shows the brake thermal efficiencies as functions of the load (bmep) for 1400 
rpm for two constant exhaust pressures: 95 kPa and 120 kPa. The exhaust pressures used in 
the previous calculations (see Figures 8.23 and 8.24) were between these two values. The 
effect of the exhaust pressure is somewhat modest on the brake thermal efficiency and is most 
significant for the conditions near or at WOT.

Figure 8.26 shows the brake and net indicated thermal efficiencies as functions of the 
exhaust pressure for WOT (pin = 95 kPa) for 1400 rpm. The efficiencies decrease nearly line-
arly as exhaust pressure increases, but the effect is modest. For these conditions, as the exhaust 
pressure increases from 96 kPa to 120 kPa (about a 25% increase), the efficiencies decrease 
about 3% (relative).
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Figure 8.26  Net indicated and 
brake thermal efficiencies as 
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8.4.8  Exhaust Gas Temperature

Knowledge of the temperature of the exhaust gases is important to understand the energy dis-
tribution, for turbocharging applications, and for applications of exhaust emission reduction 
systems. From an energy utilization perspective, the exhaust gas temperature that corresponds 
to the exhaust gas energy is the most useful. The energy average exhaust gas temperature is,

T
m C T d

m C d
exh

exh p exh i exh

exh p exh

= ∫
∫
�

�
, ,

,

θ

θ

where Ti exh,  is the instantaneous exhaust gas temperature. In other words, the average energy 
exhaust gas temperature is proportional to the exhaust gas energy. This is different than a time‐
average exhaust gas temperature which may not capture the full implications of the energy 
flow [4]. A comparison of these two exhaust temperatures is provided below. In some cases, 
this temperature is known as a “mass average” exhaust temperature. This would be exact 
where the specific heats in the numerator and denominator are the same.

Figure 8.27 shows the energy average exhaust gas temperature as functions of engine 
speed for WOT and three bmep levels. This figure shows that the average energy exhaust 
gas temperature increases with speed. This is largely due to the higher temperatures and the 
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reduction of time for heat transfer as speed increases. The effects of engine load are different 
for lower temperatures and higher temperatures. For these conditions, the change occurs at 
about 2300 rpm. At lower speeds, the temperature difference dominates and the higher loads 
possess the higher exhaust temperatures for the same engine speed. For the higher speeds, the 
greater mass flow for the higher loads results in low exhaust temperatures. The change in the 
cylinder gas temperature as functions of engine speed may be reviewed in Figure 8.12.

Often exhaust gas temperatures are measured with one or more small thermocouples 
inserted into the exhaust gas stream. The thermocouples will respond with an average temper-
ature which may be related to a “time average.” A time average exhaust temperature for the 
exhaust valve open period may be defined as,

T
T d

d

T d
exh time avg

i exh i exh

EVOP
, ,

, ,= =∫
∫

∫θ

θ

θ
θ∆

where Ti exh,  is the instantaneous exhaust gas temperature and ∆θ EVOP is the exhaust valve open 
period. For the base case conditions (325 kPa bmep), Figure 8.28 shows the energy average 
and time average exhaust gas temperatures as functions of engine speed. In this case, the time 
average exhaust temperature is about 50–90 K lower than the corresponding energy average 
exhaust temperature.
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Note that the thermocouple will respond to the exhaust gases during the exhaust valve open 
period as well as during the exhaust valve close period. The exhaust valve close period is typ-
ically on the order of 65% of the total time, and so, the thermocouple is not measuring only 
the flowing gases but also the “stagnant” gases from the previous cycle. The thermocouple 
temperatures are closer to the time average exhaust gas temperature for the complete 720°CA 
than to the energy average exhaust temperatures. Some experimental work has shown that the 
time average exhaust gas temperatures may be about 100 K lower than the energy average 
exhaust gas temperature [4]. In addition, thermocouple temperatures in the exhaust port or 
manifold will be lower than the temperatures of the gas at the exhaust valve. This latter loca-
tion is important for precise energy accounting (unless sufficient detail of the heat loss of the 
port/manifold is included).

The calculation above for the time average exhaust temperature was for the exhaust valve 
open (EVO) period. To complete the calculation for the complete 720°CA requires informa-
tion or assumptions about the valve closed portion. In particular, an exhaust port heat transfer 
submodel is needed to accurately complete this calculation. In addition, any residual motion 
in the port should be included as well. Although not necessarily difficult, these features were 
not implemented and so the above was not completed for the full 720°CA.

8.4.9  Exhaust Gas Recirculation

Exhaust gas recirculation has been used since the late 1960s to reduce combustion tempera-
tures and thereby reduce the formation of nitric oxides (NOx). The use of EGR is quite effec-
tive for nitric oxide reductions since it is readily available and somewhat inert with little 
oxygen. Over the years, applications of EGR have become more and more successful. Ther-
modynamic engine cycle simulations can be used to evaluate the characteristics of EGR for 
a range of operating and design variables. Several studies [5–7] have been published with 
many more details than can be presented here. Since the case study on nitric oxide emissions 
includes results for the effects of EGR, this aspect of the use of EGR is omitted here. In this 
subsection, the results will focus on the thermal efficiencies and overall engine performance.

The use of EGR typically involves some degree of cooling of the recirculated exhaust gases 
before entering the inlet system. Since this amount of cooling is engine‐specific and is gen-
erally unknown, the current work will examine two configurations which bracket the levels 
of cooling. For the highest level of cooling, the exhaust gas will be assumed to be cooled to 
the inlet temperature (319.3 K). This configuration will be called the “cooled” configuration. 
For zero cooling, the exhaust gas will be assumed to retain all its energy and enter the inlet 
system at the exhaust temperature. This latter configuration will be called the “adiabatic” con-
figuration. These two EGR configurations result in inlet mixture temperatures that bracket the 
possible temperatures in practice.

The use of EGR alters several aspects of the thermodynamics compared to not using EGR. 
With EGR, the inlet mixture will contain species such as carbon dioxide and water vapor. 
These species and differences in gas temperatures throughout the cycle will change the ther-
modynamic properties. All of these effects are automatically included in the following com-
putations.

Figure 8.29 shows the inlet mixture temperature as functions of the EGR level for both EGR 
configurations. For the cooled EGR configuration, the inlet temperature is always at 319.3 K. 
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For the adiabatic EGR configuration, the inlet temperature increases in temperature as the 
EGR level increases. For the use of EGR, the exhaust gas temperature decreases as the EGR 
level increases since combustion temperatures decrease due to the dilution. For the adiabatic 
EGR configuration, this means that as the EGR level increases, the exhaust gas temperature 
decreases—therefore, the rate of increase of the inlet mixture temperature decreases for the 
higher EGR levels.

Figure 8.30 shows the net indicated and brake thermal efficiencies as functions of the EGR 
level for both EGR configurations for a bmep of 325 kPa (part load case) and 1400 rpm. Both 
efficiencies increase with increasing EGR level, and the results are similar for the two EGR 
configurations. Such similar results for the two configurations are limited to cases where the 
inlet pressure is less than atmospheric (throttled). In addition, these results are based on suc-
cessful combustion for all EGR levels. For conventional engines, combustion deteriorates at 
some level of EGR (say, ∼20%). These two aspects are discussed below.

The increases of the thermal efficiencies with increasing EGR levels for part load are the 
result of lower gas temperatures, lower heat transfer, increased ratio of specific heats, reduced 
dissociation near top dead‐center, and lower pumping work. This latter advantage is due to the 
fact that to attain the same bmep, the inlet pressure increases (less throttle) for increasing EGR 
level. These items are quantified in the related publications [5–7].
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The results in Figure 8.30 illustrate an interesting feature of the trade‐offs for throttled (inlet 
pressure less than atmospheric) cases which the engine cycle simulation captures. The cooled 
EGR configuration has the higher gross indicated efficiency (not shown here) largely due to 
the lower heat losses relative to the adiabatic configuration. The adiabatic configuration, how-
ever, has lower pumping work compared to the cooled EGR configuration since less throttle 
is needed. These two effects are about equal, and the overall result is that the net indicated 
efficiencies are about the same for the two EGR configurations.

The results in Figure 8.30 also show that the cooled EGR configuration results in slightly 
higher brake thermal efficiencies compared to the adiabatic EGR configuration. This is largely 
a result of the higher mechanical friction for the adiabatic configuration due to the higher cyl-
inder pressures. So although the adiabatic configuration has an advantage of lower pumping 
work, it has higher mechanical friction. One conclusion from these results is that cooling the 
exhaust gas as much as practical leads to the best thermodynamic performance (and as shown 
in a Chapter 16, will lead to the highest level of nitric oxide reductions).

As mentioned above, the two EGR configurations result in similar efficiencies because a 
part load (bmep = 325 kPa) case was examined. The case study on high efficiency engines, on 
the other hand, is based on conditions which include inlet pressures above atmospheric. For 
these cases, the two EGR configurations result in much different efficiencies. The adiabatic 
EGR configuration results in decreasing efficiencies as EGR increases. Further discussion of 
this may be found in the case study on high efficiency engines.
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One aspect of using EGR that needs to be discussed is that most conventional combustion 
systems will exhibit poor performance as the EGR level increases [8,9]. As the EGR level 
increases, the burn duration and cycle‐to‐cycle fluctuations will increase. Eventually a level of 
EGR is reached where engine operation becomes rough and unstable and hydrocarbon emis-
sions increase rapidly. Obviously, these aspects have not been included in the previous compu-
tations. Figure 8.31 shows the thermal efficiencies as functions of EGR level for the cooled 
EGR configuration. Also included in this figure are examples of possible actual values of 
efficiencies for cases where the combustion process is not completely successful. The actual 
curves will depend on the specific engine, but most engines will result in similar trends to that 
represented in Figure 8.31. Much more on this topic is available in the open literature [5–9].

8.4.10  Pumping Work

Pumping work is often not explicit in energy balance considerations, but deserves to be men-
tioned for completeness. Recall that in Chapter 2, the pumping work was identified as the 
work required to move gases into and out of the control system (cylinder contents). For the 
cases examined in this book where the exhaust pressure is greater than the inlet pressure, this 
work is always into the system. For the four‐stroke cycle, the pumping work is, of course, for 
only two strokes or one revolution. Note that in all the above results all the fuel energy was 
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accounted for without introducing the pumping work. As explained below, pumping work is 
an indirect consideration of the energy balance.

The following two figures will illustrate values for the pumping work as functions of load 
and speed. Figure 8.32 shows energy items such as the heat transfer, the gross indicated work, 
the net indicated work, and the brake work as percentages of the fuel energy. This figure 
shows these items as functions of load (bmep) for an engine speed of 1400 rpm. The gross 
indicated work represents the potential work from the compression and expansion strokes, 
and decreases very slightly as the load increases. The curve below the one for the gross work 
represents the net indicated work, and the difference between these two curves is due to the 
pumping work. As the load increases, the pumping work decreases due to less throttling. The 
bottom curve represents the brake efficiency. The heat transfer energy is indicated by the top 
curve and the curve for the indicated work. Note that as more throttle is used (lower bmep), the 
heat transfer percentage increases slightly. This is discussed in more detail below.

Figure 8.32 is essentially the same as Figure 8.4 with the curve for the gross indicated 
work added. This allowed the pumping work to be clearly denoted. Of particular importance, 
however, is that Figure 8.4 shows the complete distribution of the fuel energy without the 
consideration of the pumping work.
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Figure 8.33 shows similar items as shown in Figure 8.32, but as functions of engine speed. 
The gross indicated work increases slightly as engine speed increases. The next curve is the 
indicated efficiency, and the difference between the two is the pumping work. The bottom 
curve is the brake efficiency, and this is the same curve as in Figure 8.8. The slight increase 
of the pumping work as engine speed increases is largely due to the increasing mass flows 
as speed increases. Note that for this case the inlet pressure (throttle) was nearly constant. As 
before, the heat transfer energy is indicated by the top curve and the curve for the indicated 
work. As discussed above, the heat transfer percentage is greatest for the lower speeds due to 
the longer available times for the heat transfer (relative to higher speeds).

The next discussion illustrates the accumulated work for each of the four strokes. These 
results are related to Figure 7.18 in Chapter 7 which showed the instantaneous work as a func-
tion of crank angle for the case with a bmep of 325 kPa and at 1400 rpm. Figure 8.34 shows 
the various accumulated work values as percentages of the fuel energy for each stroke. In this 
figure, the positive values are work out of the system. The expansion and compression strokes 
combine to provide the gross indicated work. The intake stroke provides a positive work out, 
but the exhaust stroke provides a greater amount of work into the system. The combination 
of the intake and exhaust strokes (the next bar) represents the pumping work which is into 
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the system. Finally, the last bar represents the net indicated work (the gross work minus the 
absolute value of the pumping work). The net indicated work as illustrated in Figure 8.34 
has a value of 31.5% which is the net indicated thermal efficiency for this case. An important 
feature of these results is that the pumping work is already integrated into the value of the 
indicated work. This is another reason why the pumping work is not a direct part of the fuel 
energy distribution.

Although, as mentioned above, the pumping work is not a direct part of the fuel energy 
distribution, the pumping work does affect the overall performance. The pumping work 
affects the final performance in two major ways. First, a part of the gross work must be 
used to move the gases into and out of the cylinder—this is the pumping work. Although 
this is not a direct use of fuel energy (the pumping work is into the system), it does reduce 
the potential of the gross work. Second, the throttling (reduced inlet pressure) associated 
with the pumping work results in a lower inlet charge density, and therefore, less fuel 
energy is available.

The next figure is designed to quantify the importance of the pumping work. Figure 8.35 
shows a comparison of the fuel energy distribution for a part load case (bmep = 325 kPa) and 
a WOT case (bmep = 891 kPa) for 1400 rpm. The pumping work is shown above the 100% 
line for each case since this work is an input to the cylinder (and not part of the fuel energy). 
As expected, the pumping work is much higher for the part load case compared to the WOT 
case—about nine times higher. Also note that the average ratio of specific heats for the com-
pression and expansion strokes for the two cases are 1.228 and 1.230. Since these values are 
almost the same, the role of the ratio of specific heats for this comparison is negligible.

For this comparison, note that the relative heat transfer is significantly lower for the WOT 
case compared to the part load case. As explained elsewhere, even though the actual heat 
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transfer energy is higher for the WOT case, the relative heat transfer is lower since the fuel 
energy is much higher for the WOT case. This is an important aspect of this comparison. In 
other words, the throttling has reduced the incoming charge density and therefore the incom-
ing fuel mass. This means that even for the same absolute heat transfer, the relative heat trans-
fer would decrease. This is quantified next.

By examining the energy distribution for these two cases, a subtle but important aspect 
of the pumping work can be ascertained. As shown, the net indicated thermal efficiency 
increased by about 4.3% (absolute) as the part load case transition to the WOT case. For these 
conditions, the relative heat transfer decreased by about 4.9% (absolute). This suggests that 
the WOT case is more efficient than the part load case, at least in part, because of a favorable 
heat transfer situation. Other engine conditions have been examined, and this comparison 
consistently shows that the favorable heat transfer is a major reason engine conditions with 
higher inlet pressures are more efficient than part load cases.

8.5  Summary and Conclusions

This chapter has presented a fairly complete set of overall engine performance results as func-
tions of speed, load, timing, equivalence ratio, compression ratio, and inlet temperature. In 
addition, the effects of the use of EGR on performance were provided. These results illustrate 
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the value of the thermodynamic engine cycle simulations. From these results, some general 
findings and conclusions can be stated regarding the thermodynamics of engines.

●● With respect to engine speed, heat transfer is more important at low speeds and friction is 
more important at higher speeds. This most often leads to a maximum of performance at 
some intermediate speed.

●● Although heat transfer rates increase with engine speed, the time available for the heat 
transfer decreases with increasing speed. The net result is that the fraction of the fuel energy 
associated with the heat transfer decreases with increasing speed.

●● For a throttled engine, the pumping work is dominant for low loads (less than 50% of the 
WOT condition).

●● In general, the energy remaining in the exhaust gases is significant (for the conditions exam-
ined, about 40% of the fuel energy). This is indicative of the difficulty of converting thermal 
energy into work.

●● The highest cylinder pressures and temperatures exist for WOT at the highest engine  
speeds.

●● For each operating condition, maximum performance is obtained for start of combustion 
(MBT timing) that minimizes the compression work and maximizes the expansion work.

●● As the start of combustion retards from the most advanced timings, peak cylinder gas tem-
peratures decrease and exhaust gas temperatures increase.

●● As is well known, increasing compression ratio increases power, torque, and efficiencies. 
These gains are greatest for the increasing low compression ratios, and diminish for increas-
ing higher compression ratios. Further, brake parameters increase less than net indicated 
parameters because of the increasing friction for higher compression ratios.

●● Operation with lean mixtures provides higher thermal efficiencies due to lower gas temper-
atures, lower heat losses, lower pumping work (for the same engine load), and higher ratios 
of specific heats.

●● Shorter burn durations provide higher performance since the energy release can occur closer 
to TDC. For the conditions examined, burn durations shorter than about 30°CA did not 
provide significant improvements.

●● For WOT, increasing inlet air temperatures decreases performance.
●● The residual mass fraction is lowest for WOT and high engine speeds.
●● The exhaust pressure increases with engine speed and load.
●● The average exhaust temperature increases with engine speed. For lower speeds, the exhaust 

temperature increased with increases of load; while for the higher speeds, the exhaust tem-
perature decreased slightly with increases of load.

●● The average energy exhaust temperature is typically higher than a time average exhaust gas 
temperature.

●● The use of moderate EGR levels improves performance due to lower gas temperatures, 
lower heat losses, lower pumping work (for the same engine load), and higher ratios of spe-
cific heats. In actual applications, higher levels of EGR will result in combustion difficulties 
and deteriorating performance.

●● Pumping work has an indirect influence on engine performance, and is not part of the fuel 
energy inventory. The pumping work reduces the potential of the gross work. Also, these 
results showed that for part load operation, a large part of the efficiency decrease is due to 
increases of the relative heat transfer.
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●● The lower inlet pressures associated with part load reduce the inlet charge density (reducing 
the inlet fuel). The reduced inlet fuel is, of course, responsible for the reduced work output 
at part load.
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9
Second Law Results

9.1  Introduction

The majority of the previous results were based solely on the use of the first law of thermody-
namics (i.e., on the use of energy conservation concepts). This chapter is focused on results 
mainly from the second law of thermodynamics. An important thermodynamic property 
related to these analyses is exergy. This chapter will introduce, define, and use the property 
exergy. A unique aspect of these analyses is that exergy (unlike energy) can be destroyed. Pro-
cesses that destroy exergy include combustion, mixing and heat transfer across a temperature 
difference. Comprehensive results from the second law will be provided. Most of these results 
will illustrate the distribution of the fuel exergy among work, heat transfer exergy, exhaust 
exergy, and destroyed exergy. Basic background information on the second law of thermody-
namics and exergy may be found in numerous references (e.g., [1–3]).

While the use of a second law analysis is not necessary for general engine performance 
computations, the insight provided by a second law analysis is invaluable in understanding 
the details of the overall thermodynamics of engine operation. The second law of thermo-
dynamics is a rich and powerful statement of related physical observations that has a wide 
range of implications with respect to engineering design and operation of thermal systems. 
For example, the second law can be used to determine the direction of processes, to establish 
the conditions of equilibrium, to specify the maximum possible performance of thermal sys-
tems, and to identify those aspects of processes that are detrimental to overall performance.

The engine cycle simulation was used to explore the performance of a spark‐ignition engine 
from the perspective of the second law. The next subsection will review the concept of exergy. 
This will be followed by results as functions of engine operating and design parameters.

9.2  Exergy

Related to the analysis based on the second law of thermodynamics is the concept of exergy 
(which is also known as essergy (essence of energy), availability, and available energy 
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(see e.g., 1). Exergy, a thermodynamic property of a system and its surroundings, is a meas-
ure of the maximum useful work that a given system may attain as the system is allowed to 
reversibly transition to a thermodynamic state which is in equilibrium with its environment. In 
other words, only a portion of a given amount of energy is “available” to produce useful work 
(the exergy), while the remaining portion of the original energy is “unavailable” for producing 
useful work [1].

In general, the processes of interest are the thermal, mechanical, and chemical processes. 
An example of the thermal aspect of exergy is a case where the system temperature is above 
the environmental temperature. By utilizing an ideal heat engine (such as a Carnot engine), a 
portion of the energy (the exergy) from the system could be converted to work until the system 
temperature equaled the environmental temperature (the remaining energy is, therefore, the 
unavailable portion of the energy). An example of the mechanical aspect of exergy is a system 
which is at a pressure above the environment. By utilizing an ideal expansion device (such as 
an ideal turbine), the energy of the system could be converted to work until the system pres-
sure equaled the environmental pressure.

A final consideration is the chemical aspect of exergy.1 This aspect considers the potential 
to complete work by exploiting the concentration differences of the various species relative to 
the related concentrations in the environment. The consideration of the species concentration 
component of exergy is often neglected (particularly when considering mobile engine appli-
cations) due to the practical difficulties of implementing such a system and the relatively 
small amounts of work produced. The current study will also neglect this contribution. Other 
authors have also recommended neglecting the species concentration aspect of exergy for 
engine applications [4,5].

9.3  Previous Literature

A large number of previous investigations employing the second law of thermodynamics or 
exergy analyses with respect to internal combustion engines have been completed. Several 
literature reviews are available that summarize these previous publications (e.g., References 
6,7). These investigations have used thermodynamic cycle simulations, experimental data, or 
a combination of simulations, and experiments. Investigations that have used the second law 
of thermodynamics to study internal combustion engines in a detailed manner date back to 
the late 1950s, but the majority of these investigations have been completed since the 1980s. 
Descriptions of some of these previous investigations may be found in References 6,7. Also, 
the results presented below are related to a number of publications (e.g., References 8–10).

9.4  Formulation of Second Law Analyses

The second law analysis depends on a determination of the instantaneous values of entropy 
(see Chapter 4). In addition, to determine the entropy production due to irreversibilities, 

1 The chemical aspect of exergy by convention refers to the concentration differences between the species in the 
system and in the environment [3]. In contrast, the (chemical) fuel energy is included in the exergy terms since the 
total (chemical and sensible) energy is used for the internal energy and enthalpy.
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entropy balances must be completed. For any portion of the cycle, an entropy balance may be 
constructed. In general, the balance is

∆S S S S S SQ= − = − + +end start in out σ (9.1)

where Send is the total entropy at the end of the period, Sstart is the total entropy at the start of 
the period, Sin is the total entropy transferred into the system due to flows, Sout is the entropy 
transferred out of the system due to flows, SQ is the entropy transferred with the heat transfer 
process, and σ  is the total entropy generated by any internal irreversibilities. The entropy 
transferred into the system with any heat transfer (defined positive into the system) is given by

S
Q

T
dtQ = ∫
�

(9.2)

where T is the temperature on the boundary of the system where the heat transfer occurs. For 
the single‐zone portion of the simulation, this may be replaced with the system temperature, T. 
For the multiple‐zone portion of the simulation, this temperature would be either the unburned 
gas temperature (Tu), the burned gas temperature (Tb), or the boundary layer temperature (Tbl).

The terms Sin and Sout are given by

S m s dt

S m s dt

in in in

out out out

=

=

∫
∫
�

�
(9.3)

For completeness, the entropy generated by any internal irreversibilities is often described by

σ σ= ∫ �cv dt (9.4)

where �σcv is the rate of entropy generation for the control volume. The entropy generated by 
irreversibilities will be obtained from the entropy balance given by eq. 9.1

σ = − − + −S S S S SQend start in out (9.5)

In certain cases, the rate of entropy generation may be needed for a given portion of the 
cycle. This may be determined by differentiating eq. 9.5

� � � �σ σ= = − + −d

dt

dS

dt
S S SQ

sys
in out (9.6)

where d dt/σ  is the rate of entropy generation due to irreversibilities, dS dt/sys  is the rate of 
change of the system entropy, �Sin is the rate of entropy transferred into the system via mass 
flow in, �Sout is the rate of entropy transferred out of the system via mass flow out, work out or 
destruction, and �SQ is the rate of entropy that is transferred with the heat transfer according to

�
�

S
Q

TQ = (9.7)

Once the thermodynamic properties (including entropy) are known for a given cycle sim-
ulation, the exergy may be computed. In this development, the kinetic and potential energies 
are neglected (and can be shown to be negligible). Since the overall engine operation includes 
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both closed system and open system portions, two forms of exergy (system and flow exergy) 
are needed. At all times, for the complete system, the system specific exergy is

b u u p v v T s so o o o o= − − − − − −( ) ( ( )) ( ) (9.8)

where b is the specific exergy (or exergy for closed systems), u, v, and s are the specific inter-
nal energy, the specific volume, and the specific entropy, respectively, uo, vo and so are the 
specific internal energy, specific volume and specific entropy for the restricted dead state 
(described below), respectively, and po and To are the pressure and temperature of the dead 
state, where the subscript “o” is for the dead state.

The term, po(v–vo), represents the work completed against the atmosphere at po, and hence, 
is not useful. The two negative signs for this term have been used to emphasize that for cases 
where the system‐specific volume is less than the specific volume of the restricted dead state 
then this work is subtracted since it cannot be used. The second negative sign accounts for the 
fact that as the volume expands, the work is done by the system.

The dead state is defined as the conditions of the environment at a temperature of To and a 
pressure of po. This is chosen since when a system is in complete equilibrium with its local 
environment, there is no opportunity for the system to produce any further useful work and the 
system is at its “dead” state. Since the contents of the system are not allowed to mix or react 
with the environment, this dead state is not complete and is often referred to as a “restricted” 
dead state [3]. The recommended [1] temperature and pressure for the dead state conditions 
are 298.15 K and 101.325 kPa (1 atm). In addition to the dead state temperature and pressure, 
the composition of the dead state must be specified.

The selection of the composition of the dead state is important when considering the chem-
ical exergy component. Since the current work and most of the previous work have neglected 
this component, the selection of the composition is not important for the relative values of 
exergy. On the other hand, the composition of the dead state does affect the absolute values 
of the exergy. This has an implication on the magnitude of these values and whether they are 
positive or negative. This work has used standard air for the dead state composition.

The second form of exergy is for the flow periods (open system), and the flow exergy (or 
exergy for flows), bf, is given by

b h h T s so o of = − − −( ) ( ) (9.9)

where h is the specific enthalpy, ho and so are the specific enthalpy and specific entropy of the 
restricted dead state, respectively, and s is the specific entropy of the flowing matter. For flows 
out of the system, the flowing matter is the cylinder contents, and for flows into the system, 
the flowing matter must be specified.

The total system exergy (B) is determined from the specific exergy (b) and the system mass (m),

B m b= (9.10)

Exergy is not a conserved property, and hence, may be destroyed by irreversibilities such 
as heat transfer through a finite temperature difference, combustion, friction, or mixing pro-
cesses. To determine the destroyed exergy, an exergy balance is used. Between any end states, 
the change in the exergy may be related to the relevant processes:

∆
∆

B B B

B B B B B BQ W

= −
= − + − −

end start

in out dest
(9.11)
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where ΔB is the change of the total system exergy for a process, Bend is the total exergy at 
the end of the period, Bstart is the total exergy at the start of the period, Bin is the total exergy 
transferred into the system accompanying flow into the system, Bout is the exergy transferred 
out of the system accompanying flow out of the system, BQ is the exergy transferred accompa-
nying the heat transfer, BW is the exergy transfer due to work, and Bdest is the exergy which is 
destroyed by irreversible processes. This relation may be used to ascertain the destruction of 
exergy by solving eq. 9.11 to find Bdest. That is

B B B B B B BQdest start end in out W= − + − + − (9.12)

For work interactions, the exergy is equal to the useful work (the work minus the work done 
against the surroundings):

B W WW surr= − (9.13)

where the work done against the surroundings is given by

W p V Vosurr end start= −( ) (9.14)

For heat transfer, the exergy which is transferred out of the system is equal to the “availa-
ble” portion of the heat transfer

B
T

T
QQ

o= −



∫ 1 δ (9.15)

where BQ is the exergy of the heat transfer, δQ is the differential heat transfer which is trans-
ferred at a system (boundary) temperature of T. The exergy that transfers into the system (Bin) 
and out of the system (Bout) due to flows is given as

B m b dti i f i= ( )∫ � , (9.16)

where bf,i is the specific flow exergy, the subscript “i” refers to each individual flow (for this 
study, intake or exhaust).

In addition to the above exergy balance (eq. 9.12), the exergy destroyed may also be deter-
mined from the change in entropy due to irreversibilities as follows:

B T Iodest σ= = (9.17)

where σ  is the change in entropy due to irreversibilities as determined for the entropy balance 
described above (eq. 9.5), and I is the exergy destruction due to irreversibilities (this is the 
common nomenclature). This approach (eq. 9.17) was used in the current study to serve as an 
internal consistency check.

Similar to the discussion in the above section on entropy, the rate of exergy destroyed may 
be needed for certain portions of the cycle. This may be obtained by differentiating eq. 9.12 
to obtain

dB

dt

dB

dt
B B B BI Q W

dest sys
in out= = − + − + −� � � � � (9.18)

where dB dt/dest  is the rate of destroyed exergy, dB dt/sys  is the rate of change of exergy of the 
system, �Bin is the rate of exergy transferred into the system accompanying any mass flow into 
the system, and �Bout is the rate of exergy transferred out of the system accompanying any mass 
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flow out of the system, �BQ is the rate of exergy transferred accompanying the heat transfer, and 
�BW is the rate of exergy transferred out of the system due to work done by the system.

For completing the exergy balances, values are needed for the exergy of the fuel. Recall 
that for the energy of the fuel, the lower heating value (LHV) evaluated for a constant pressure 
process is the accepted standard for these purposes [5].

LHV H n h n hp T i f i
P

j f j
R

o o
= − = −° °∑ ∑( ) , , ,∆ (9.19)

where ∆H p To o,  is the change in enthalpy for reactants (R) to products (P) at the reference 

pressure (po) and temperature (To), and hf
°  is the enthalpy of formation for the species i or j.

By definition, the fuel exergy Bfuel( ) is given by the Gibbs free energy2

B G T po ofuel = −( ) ,∆ (9.20)

and

( ) ( ) ( ), , ,∆G g gT p P T p R T po o o o o o
= −{ } (9.21)

where ∆GT po o,  is the change in the Gibbs free energy for reactants (R) to products (P) at the 
reference conditions. In a manner consistent with the definition of the LHV, the Gibbs free 
energy is defined for a composition change from reactants (liquid fuel and air) to gaseous 
combustion products.

For a given fuel, the ratio of these numbers is a constant,

( )

( )
,

,

∆
∆

G

H
T p

T p

o o

o o

(9.22)

For isooctane, this constant is 1.0286 [5]. This constant is used to determine the value of the 
fuel exergy by multiplying this number with the fuel's heating value

B
G

H
LHV m

T p

T p
f

o o

o o

fuel =
( )

( )
( )

,

,

∆
∆ (9.23)

The exergy destroyed during combustion (CD) will be expressed as a percentage of the fuel 
exergy

CD
B

B
= ×dest

fuel

100% (9.24)

9.5  Results from the Second Law Analyses

9.5.1  Basic Results

Once the first law analysis has been completed, the thermodynamic conditions of all state 
points during the cycle are known. Quantities such as entropy and exergy then can be obtained, 
and a second law analysis can be completed. The following results are based on the same 

2 Recall that the specific Gibbs free energy is given by g= h−Tos.
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base case condition examined in Chapter 7 and Chapter 8. This was a part load condition 
and includes a bmep of 325 kPa at 1400 rpm. Figure 9.1 shows the cylinder one‐zone gas 
temperature as a function of the specific entropy for the base case conditions. In this figure, 
specific crank angles are indicated. Starting with the intake valve close (IVC) crank angle 
(136°bTDC), the gas temperature increases while the specific entropy remains nearly constant 
(a nearly isentropic process). The entropy actually increases slightly during the beginning of 
the compression process due to slight heating of the gases from the hot cylinder walls. During 
the last stages of the compression process, the entropy decreases slightly as the hot gases lose 
energy to the cylinder walls. The scales necessary for this figure, however, do not permit these 
modest effects to be clearly shown.

At the start of combustion (22°bTDC), the specific entropy increases proportionately with 
the increase in temperature (due to the irreversibilities associated with the combustion pro-
cess). The entropy reaches a maximum value near the end of combustion (38°aTDC), and then 
the entropy decreases slightly as temperatures decrease more rapidly during the expansion 
stroke. At a crank angle of 116°aTDC, the exhaust valve opens (EVO), and a blow‐down pro-
cess begins (and the gases in the cylinder continue the expansion process). Blow‐down ends 
at about 159°aTDC (see Figure 7.9), and the decrease in entropy becomes more significant 
(more like a constant pressure process).
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Figure 9.1  The temperature‐specific entropy property diagram for the base case conditions. 
Source: Caton 1999. Reproduced with permission from ASME
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At 357°aTDC, the intake valve opens (IVO), and due to the intake manifold pressure being 
lower than the cylinder pressure, cylinder mass flows back into the inlet manifold. This is a 
near constant volume process where the entropy change is modest. At 371°aTDC, the exhaust 
valve closes (EVC), and the flow into the intake manifold ends. At 401°aTDC, fresh intake 
charge begins entering the cylinder, and the specific entropy steadily decreases. Finally, at 
584°aTDC (IVC), the thermodynamic state returns to the exact same conditions as at the start 
(136°bTDC) of the cycle.

Figure 9.2 shows the total system entropy as a function of crank angle. Although the data is 
similar to that in Figure 9.1, Figure 9.2 includes both the effects of changes of specific entropy 
as well as any effects of mass changes. As shown, during compression the total entropy 
remained almost constant reflecting the nearly reversible compression process (with negli-
gible heat loss for this scale). Once combustion starts, the total entropy increases rapidly. At 
the end of combustion, the total entropy decreases slightly due to heat loss. Once the exhaust 
valve opens, however, the total entropy decreases rapidly due mainly to the mass flow out. 
Total entropy only begins to increase after the exhaust valve closes (EVC). Once fresh charge 
enters the cylinder, the total entropy increases rapidly as cylinder mass increases. At about 
538°aTDC, the flow reverses back into the inlet manifold, and the total entropy decreases a 
small amount. As required, the final value of the total entropy equals the initial value.

Figure 9.2  Total entropy as a function of crank angle for the base case conditions. Source: Caton 1999. 
Reproduced with permission from ASME
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With the properties of entropy, internal energy, and specific volume, eq. (9.8) can be used 
to determine the specific exergy for these conditions. Figure 9.3 shows the specific exergy 
as a function of gas temperature. As shown, starting with IVC, the specific exergy increases 
slightly due to the addition of compression work. As combustion begins (22°bTDC), the 
specific exergy decreases due to combustion irreversibilities, heat transfer, and work extrac-
tion. The specific exergy continues to decrease even after the maximum temperature. The 
exhaust valve opens and exhaust blow‐down occurs. The specific exergy continues to decrease 
while the temperature decreases. Finally, the new charge enters and the specific exergy begins 
to increase almost linearly back to its starting value.

With knowledge of the specific exergy and the cylinder mass, the total system exergy may 
be determined from eq. (9.10). Figure 9.4 shows the total system exergy as a function of crank 
angle for this case. As shown, the total exergy increases during the compression stroke due to 
the addition of exergy through the work done during compression. Then as combustion starts, 
the total exergy begins to decrease due to the combustion irreversibilities, the work being 
extracted, and the heat transfer. When the exhaust valve opens, the total exergy continues to 
decrease due to the extracted work, heat loss, and mass flow out. Finally, fresh charge enters 
the cylinder and the exergy increases back to the original value at IVC. Note that during the 

Figure 9.3  The specific exergy as a function of the one‐zone, gas temperature for the base case 
conditions. Source: Caton 1999. Reproduced with permission from ASME
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last portion of the intake stroke, a bit of mass returns to the inlet manifold thus reducing the 
total exergy back to the initial value.

Figure 9.4 also shows the time evolution of the work, exergy destruction, exergy moved 
with the heat transfer, and the exergy transfer due to the flows. The final values of these quan-
tities are the values at the right of the figure for IVC. These final values are presented next.

Figure 9.5 shows the percentage of the fuel energy and fuel exergy that is assigned to each 
of the energy and exergy items for the base case. The left bar is for the energy quantities and 
the right bar is for the exergy quantities. From the bottom, the first item is the indicated work. 
This is the same value on a “kJ” basis for both the energy and exergy bars, but the percent-
ages are slightly different since the lower heating value (energy) and the fuel exergy values 
are slightly different (see Table 7.2, Chapter 7). The next item is the heat transfer. The energy 
percentage is 23.7%, and the exergy percentage is 19.2%. This difference is, of course, due to 
the fact that only a portion of the energy is exergy. This is even more dramatic for the net sen-
sible exhaust gas — the values for the energy and exergy are 44.1% and 27.2%, respectively. 
In other words, even though a significant amount of energy is in the exhaust, not all of this 
energy is available for doing useful work.

On the right bar (exergy), additional quantities are shown. These are for the destruction of 
exergy. The largest is due to the combustion process and equals 20.7% for these conditions. 

Figure 9.4  Total exergy as a function of crank angle for the base case conditions. Source: Caton 1999. 
Reproduced with permission from ASME
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As explained above, the combustion process is highly irreversible and this is reflected in the 
high level of exergy destruction. The next item is the exergy destruction due to the inlet charge 
mixing with the cylinder contents. For this case, this was 1.5%. This mixing process contrib-
utes much less to the degradation of the exergy than the combustion process. The final item 
for both the energy and exergy bars is the unburned fuel (0.7%).

9.5.2  Parametric Results

The remaining results in this chapter will focus on the effects of engine design and operating 
parameters from a second law perspective. Most of the results will focus on the distribution 
of the exergy among the energy items (such as work, heat transfer, and exhaust), and on the 
contributions to the destruction of exergy.

Figure 9.6 shows the percentage of the fuel exergy for work, heat transfer, exhaust, and 
destroyed exergy as functions of engine load for 1400 rpm. This figure can be compared to 
Figure 8.4 in Chapter 8 which was for the energy values. Starting at the bottom of the figure, 
the brake and indicated work increase with increasing bmep. Since “work” is 100% exergy, 
these curves are the same as shown earlier for the energy values. The percentage of the fuel 
exergy associated with the heat transfer decreases as bmep increases. The net sensible exhaust 
exergy increases very slightly as bmep increases. The exergy destroyed during the combus-
tion process is nearly constant as bmep increases. The final item at the top of the figure is the 
percentage of the fuel exergy associated with the unburned fuel and with the exergy destruc-
tion during the inlet process due to the mixing of the fresh charge with the existing cylinder 
contents.

Figure 9.5  The percentage of fuel energy and exergy for work, heat transfer, exhaust and destroyed 
for the base case conditions. Source: Caton 1999. Reproduced with permission from ASME
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Figure 9.7 is similar to Figure 9.6, but shows all the items as a function of engine speed 
for a bmep of 325 kPa. Figure 9.7 (for exergy) can be compared to Figure 8.8 (for energy) 
in Chapter 8. At the bottom of Figure 9.7, the brake work is nearly constant as engine speed 
increases. This is mainly due to the constraint of constant bmep. The friction percentage 
increases slightly with increases of engine speed. The net indicated work increases slightly as 
speed increases. The percentage of the fuel exergy associated with the heat transfer decreases 
slightly as speed increases. As mentioned in Chapter 8, this is due to shorter “real” time 
available for the heat transfer as engine speed increases. The percentage of the fuel exergy 
associated with the exhaust increases slightly as speed increases. The percentage of the fuel 
exergy destroyed during the combustion process is nearly constant with increases of speed. 
The percentage of the fuel exergy associated with the unburnt fuel and with the destruction 
during the inlet process increase very slightly as speed increases.

Some of the above items are now examined in more detail. Figure 9.8 shows the percentage 
of the fuel exergy moved to the cylinder walls due to heat transfer as functions of engine speed 
for three values of bmep. This percentage ranges from about 15% to 34%. The percentage of 
exergy moved decreases with increases of speed and with increases of load. For the defined 
system, as long as the temperature of the energy does not change, no exergy is destroyed 
during the cylinder heat transfer process — the exergy is only transferred out of the system. 

Figure 9.6  The percentage of the fuel exergy for work, heat transfer, exhaust and destroyed as 
functions of engine load for 1400 rpm
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Comments at the end of this chapter will discuss the destruction of exergy as the heat transfer 
energy reaches the cylinder walls.

Figure 9.9 shows the exergy transferred out of the system due to the exhaust flow as func-
tions of engine speed for three values of bmep. This percentage ranges between about 23% 
and 31%, and increases with engine speed. This increase with engine speed is largely due to 
the decrease of the heat transfer with engine speed. The effect of engine load is modest. The 
exergy that is transferred out of the system due to the exhaust flow is largely the net result of 
the exergy balance. This means that the exergy not assigned to work, heat transfer or destroyed 
may be transferred out of the system.

Figure 9.10 shows the percentage of the fuel exergy that is destroyed during the combus-
tion process as functions of engine speed for two values of bmep. This percentage decreases 
slightly with increases of speed and even much less with increases of load. The percent-
age for these conditions ranges from about 20.4% to 21.0%. For an engine speed change 
between about 1000 and 2500 rpm, the change of the exergy destruction is less than about 
2% (relative percentage). A major conclusion of these second law analyses is that the exergy 
destruction during combustion is fairly constant (at about 20.5%) for a range of engine 
parameters.

Figure 9.7  The percentage of the fuel exergy for work, heat transfer, exhaust and destroyed as 
functions of engine load for a bmep of 325 kPa
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Figure 9.8  The percentage of the 
fuel exergy moved to the cylinder 
walls due to heat transfer for three 
values of bmep
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Figure 9.9  The percentage of 
the fuel exergy transferred with 
the exhaust flow for three values 
of bmep
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Figure 9.11 shows the percentage of the fuel exergy that is destroyed during the inlet flow 
process due to the mixing of the fresh charge with the existing cylinder contents. The per-
centage is small and ranges from about 1.0% to 2.5% for these conditions. This percentage 
decreases with increases of load, and has a modest and mixed response to increases of engine 
speed.

Figure 9.12 shows the percentage of the fuel exergy destroyed during the combustion pro-
cess as functions of equivalence ratio for a bmep of 325 kPa and 1400 rpm. Stoichiometric (an 
equivalence ratio of 1.0) is identified in the figure. For the conditions examined, the percent-
age ranges from about 19% to 25%. Unlike most of the other engine parameters, equivalence 
ratio has a relatively significant impact on the exergy destruction during combustion. This 
is primarily due to the significant effect that equivalence ratio has on combustion tempera-
tures. For mixtures leaner than stoichiometric, the percentage increases as equivalence ratio 
decreases. Of course, the combustion temperatures decrease as the mixture becomes leaner 
due to the dilution.

For mixtures richer than stoichiometric, the results can be presented in two fashions. Since 
for rich mixtures, some of the fuel is either unburned or only partially burned, the basis of 
the “percentage of fuel exergy” may have two values. One approach is to consider only fuel 
that participates in the reaction, and the other approach is to consider all the fuel. The figure 

Figure 9.10  The percentage of the fuel exergy destroyed during the combustion process as functions 
of engine speed for two values of bmep
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Figure 9.11  The percentage of 
the fuel exergy destroyed due to 
inlet mixing
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the fuel exergy destroyed during the 
combustion process as functions of 
equivalence ratio
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shows both results. For mixtures richer than stoichiometric, the solid line represents the per-
centage based on the reacted fuel. For this case, the percentage increases as equivalence ratio 
increases. Based on reacted fuel, the minimum destruction of exergy during the combustion 
process is for stoichiometric mixtures. This is largely a result of the high combustion temper-
atures related to stoichiometric operation.

For the second approach, the dashed line in Figure 9.12 represents the results for the exergy 
destroyed percentage based on the total fuel. Based on the total fuel, the percentage decreases 
as equivalence ratio increases. This is largely due to the fuel amount used in the denominator 
of this percentage continually increasing as equivalence ratio increases. From the perspective 
of reducing exergy destruction, using the total fuel amount (dashed line) is somewhat mislead-
ing. These two approaches are further illustrated in the next two figures.

Figures 9.13 and 9.14 show the percentage of the fuel exergy for each of the exergy items as 
functions of equivalence ratio for a bmep of 325 kPa and 1400 rpm. Stoichiometric conditions 
(an equivalence ratio of 1.0) are identified on the figures. The two figures show the same data 
except for the manner in which the destroyed exergy is described for the rich mixtures (see 
above discussion with Figure 9.12). Indicated work increases as equivalence ratio decreases — 
this is largely a result of decreasing relative heat transfer and increases of the ratio of specific 

Figure 9.13  The percentage of the fuel exergy for work, heat transfer, exhaust and destroyed as 
functions of equivalence ratio for a bmep of 325 kPa. This version bases the destroyed exergy on the 
total fuel exergy
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heats. From stoichiometric and leaner, the percentage of the fuel exergy associated with the 
heat transfer decreases. Also, from stoichiometric and leaner, the percentage of the fuel exergy 
associated with the exhaust decreases. The percentage of the fuel exergy destroyed during the 
combustion process increases as the equivalence ratio decreases (as shown in Figure 9.12). The 
only difference between Figures 9.13 and 9.14 is for the exergy destroyed during combustion 
for the rich mixtures. Again, this difference is described above with reference to Figure 9.12.

Figure 9.15 shows the percentage of the fuel exergy destroyed during the combustion pro-
cess as a function of compression ratio. For these conditions, this percentage ranged between 
about 20% and 22%, and decreased as compression ratio increased. For compression ratios 
between about 15 and 20, the percentage was nearly constant. A subtle aspect to these results 
is that as the compression ratio increases, the conversion of thermal energy to work is more 
effective. These results illustrate the importance of the conversion of thermal energy to work. 
An important observation is that the results from the simulation for the exergy destruction dur-
ing combustion represent the net result during the combustion process. That is, the destruction 
of exergy due only to combustion is not possible to isolate. What is reported is “during” com-
bustion and reflects all that occurs during this portion of the cycle. So the results in Figure 9.15 
reflect the greater conversion of thermal energy to work for increasing compression ratios. 

Figure 9.14  The percentage of the fuel exergy for work, heat transfer, exhaust and destroyed as 
functions of equivalence ratio for a bmep of 325 kPa. This version bases the destroyed exergy on the 
reacted fuel exergy
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This, in turn, results in a net decrease of the exergy destruction during combustion for the 
higher compression ratios.

Figure 9.16 shows the percentage of the fuel exergy for each of the exergy items as func-
tions of compression ratio for a bmep of 325 kPa and 1400 rpm. The indicated work increases 
with increases in compression ratio, and this follows the reasons provided in Chapter 8. The 
percentage associated with the cylinder heat transfer and with the exhaust gases increases as 
compression ratio increases. As shown in Figure 9.15, the percentage due to the destroyed 
exergy during the combustion process decreases slightly as the compression ratio increases. 
The percentage associated with the unburned fuel and with the inlet process decreases slightly 
as compression ratio increases.

Figure 9.17 shows the percentage of the fuel exergy destroyed during the combustion pro-
cess and the one‐zone peak gas temperature as functions of the relative combustion timing. 
The relative combustion timing is the CA° relative to MBT timing. For these conditions, this 
percentage ranged between about 20% and 23%. This percentage increased slightly as the 
timing was advanced or retarded from MBT timing. For the retarded timings, this was at least 
partly due to the decreasing combustion temperatures. For the advanced timings, this may be 
partly due to the non‐optimal phasing — increasing compression work.

Figure 9.15  The percentage of the fuel exergy destroyed during the combustion process as functions 
of compression ratio
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Figure 9.16  The percentage 
of the fuel exergy for work, heat 
transfer, exhaust, and destroyed as 
functions of compression ratio for a 
bmep of 325 kPa
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Figure 9.17  The percentage of 
the fuel exergy destroyed during 
the combustion process and the 
peak, one‐zone gas temperature 
as functions of the relative 
combustion timing
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Figure 9.18 shows the percentage of the fuel exergy for each of the energy items as func-
tions of the relative combustion timing for a bmep of 325 kPa and 1400 rpm. The indicated 
work is maximum for MBT timing (relative timing of zero). The percentage associated 
with the cylinder heat transfer decreases as the combustion timing is retarded from the most 
advanced timings. This is due to the decreasing temperatures as the combustion timing is 
retarded. The percentage associated with the exhaust flow increases as the combustion timing 
is retarded from the most advanced timings. This is due to the increasing exhaust temperatures 
as the combustion timing is retarded. The percentage due to the destroyed exergy during the 
combustion process is shown more clearly in Figure 9.17. The percentage associated with the 
unburnt fuel and with the inlet process is fairly constant for these conditions for all combus-
tion timings.

A slightly more complete tabulation of exergy destruction is available for another engine 
condition [11]. Although the trends are the same as reported above, additional parameters 
including seven additional fuels are examined. For the study reported in [11], exergy destruc-
tion during combustion ranged between about 20% and 23% for most of the engine operating 
and design parameters. The three parameters that resulted in exergy destruction outside this 
range were equivalence ratio, EGR, and oxygen‐enriched inlet air.

Finally, a separate study has provided correlations of the exergy destruction during com-
bustion with engine parameters [12]. This study found a high correlation (r2 = 0.98) between 

Figure 9.18  The percentage of the fuel exergy for work, heat transfer, exhaust, and destroyed as 
functions of the relative combustion timing for an inlet pressure of 50.0 kPa
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the exergy destruction and the average burned gas temperature for five engine parameters 
(EGR, htm, bmep, rpm, and θb). A slightly higher correlation (r2 = 0.99) was found between 
the exergy destruction and the ratio of specific heats for six engine parameters (the above plus 
the equivalence ratio). This latter correlation also contains the dependence on the temperatures 
since the ratio of specific heats vary monotonically with temperature.

9.5.3  Auxiliary Comments

In this subsection, a number of comments are presented regarding the above second law results 
with emphasis on the combustion, flow, mixing, and heat transfer processes. As shown, the 
combustion irreversibilities are a major source of exergy destruction. The irreversibilities asso-
ciated with the combustion process are (at least somewhat) necessary for successful engine 
operation under today's engine operating and design constraints. No other process is known 
which allows the utilization of the fuel's exergy in an equally rapid and successful fashion. This 
said, however, any modifications to the combustion process which would minimize the exergy 
destruction while retaining the good implementation characteristics would be desirable.

Another possible use of the fuel is by a fuel cell where the fuel energy is used directly to 
produce electrical energy, and in principle, would not be subject to the same level of irrevers-
ibilities associated with the combustion process. The fuel cell is, however, still subject to sec-
ond law constraints, but in different ways compared to combustion processes. Unfortunately, 
at this time, the current fuel cell technology is not competitive with the internal combustion 
engine due to mechanical and chemical difficulties. Also, a fuel cell may not be able to use 
standard liquid fuels as readily as an engine.

9.5.3.1  Processes Outside the Control System

Another aspect that deserves a comment is regarding a number of irreversible processes which 
have not been considered for the defined system, because these processes occur outside of the 
system boundaries. Recall that the defined system is the cylinder contents. Some of the impor-
tant irreversible processes which are outside the defined system include flow losses in the 
manifolds and past the valves, other mixing losses, and the exergy destroyed by heat transfer 
across a finite temperature difference. Each of these will be discussed next for completeness.

Flows past restrictions are a source of irreversibility and the associated destruction of 
exergy. These irreversibilities were not considered here since the chosen thermodynamic sys-
tem excluded all flow restrictions. Flow restrictions include the inlet and exhaust passageways, 
and the inlet and exhaust valves. The losses associated with these items may be determined 
using procedures similar to the ones used in the current study.

Finally, mixing of dissimilar matter is yet another source of irreversibilities. Some mixing 
has been considered here: the mixing of the unburned and burned gases, and the mixing of 
fresh inlet charge and residual exhaust gases. Some mixing processes, however, occurred out-
side of the defined thermodynamic system. For example, the mixing of the fuel vapor and air 
occurs upstream of the defined system. Also, if EGR was used, the mixing of these gases with 
the fresh charge would happen upstream of the given system.

The heat transfer is an irreversible process if the temperature difference is finite, but the 
exergy loss is realized only at the point where the temperature of the energy decreases. 
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For example, for the hot cylinder gases, the energy is transferred to the cylinder walls which 
are at a lower temperature. The exergy of the gases at the cylinder walls, therefore, is less than 
the exergy of the gases in the cylinder. This is described in more detail next.

To continue this discussion, the concept of unavailable energy is described. The heat trans-
fer (Q) is composed of both an available (exergy) and an unavailable component:

Q Q Q B Q= + = +A U Q U (9.25)

where QA is the exergy (available portion) of the energy associated with the heat transfer (also 
denoted by the symbol, BQ), and QU is the unavailable portion of the energy associated with 
the heat transfer. The unavailable energy is given by

Q
T

T
Qo

U = ∫ δ (9.26)

where To is the dead state temperature, T is the gas (boundary) temperature, and δQ is the 
differential amount of heat transfer.

The base case will be examined to illustrate the above concepts on the irreversibilities 
associated with heat transfer with a finite temperature difference.3 The data for the base case 
provides the following distribution of energy and exergy (for one cylinder) for the heat trans-
fer as it crosses the control system boundaries (but not at the wall):

Qtotal = 0.212 kJ
BQ = 0.176 kJ
(Qtotal − BQ) = 0.036 kJ

Now, once the energy has transferred to the cylinder walls, the quantity of the energy is 
retained, but the exergy decreases. This may be determined by computing the destroyed 
exergy due to this heat transfer process (which is outside the thermodynamic system as 
defined above),

B
T
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T
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Qo o

dest HT
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( ) = −








∫ δ (9.27)

where (Bdest)HT is the destroyed exergy due to the heat transfer process, To is the dead state 
temperature, Twall is the cylinder wall temperature, Tgas is the instantaneous cylinder gas tem-
perature, and δQ is the differential heat transfer at this time. The result of the heat transfer pro-
cess from the gas temperature to the wall temperature for the base case leads to the following:

Energy: heat transfer to the wall Qtotal = 0.212 kJ
Exergy: of the heat transfer BQ = 0.176 kJ
Exergy: at the wall temperature BQ,wall = 0.072 kJ
Exergy: destroyed at the wall (Bdest)HT = 0.104 kJ

In other words, the 0.176 kJ of exergy is degraded to 0.072 kJ of exergy at the wall tem-
perature — resulting in 0.104 kJ of destroyed exergy at the wall. Clearly, for this case, the 
heat transfer process is responsible for a significant destruction of exergy. As shown, the heat 

3 Again, the irreversibilities of the heat transfer process occur outside the defined thermodynamic system for the 
current work. The discussion here is to assist in quantifying the destruction of exergy in a related process.
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transfer process has destroyed 59% of the original exergy associated with the heat transfer. 
Again, this process occurred outside the defined thermodynamic system of the current work, 
and hence, this irreversibility is not included in the tabulations above.

This subsection will end with a brief discussion of the overall engine heat transfer process 
from the second law perspective. The energy that is lost as cylinder heat transfer starts at the 
high gas temperatures, is moved to the cylinder wall at their intermediate temperature (for 
these calculations, that temperature was 450 K), and finally is moved to the cooling system. 
The original energy value is the same throughout this process, but obviously the quality of 
the energy has degraded. The exergy values quantify this degradation. The energy associated 
with the heat transfer was 0.212 kJ. Of this, 0.176 kJ was exergy. Once this exergy was moved 
to the cylinder walls at 450 K, the exergy had degraded to 0.072 kJ. And of course, once the 
energy reaches the cooling system, the exergy is near zero (near ambient conditions). The cyl-
inder heat transfer process is a good example of a highly irreversible process that eventually 
degrades all the value (exergy) of the energy.

9.6  Summary and Conclusions

This chapter described the use of a comprehensive thermodynamic cycle simulation to explore 
the implications of the second law of thermodynamics on engine operation and design. Exergy 
was introduced as the thermodynamic property that quantifies the potential of energy to pro-
vide work. Results were presented as functions of engine parameters. Most of the results 
illustrated the distribution of the fuel exergy among work, heat transfer exergy, exhaust exergy, 
and destroyed exergy.

The findings of this work with respect to the exergy terms include the following:

●● The exergy represented by the net indicated work (as a percentage of the fuel exergy) ranged 
between 24.5% and 34.6%, and was highest for the highest speeds and highest loads. These 
numbers differ slightly from the indicated efficiency numbers since the fuel exergy is 
slightly higher than the lower heating value.

●● The exergy displaced to the cylinder wall via heat transfer (as a percentage of the fuel 
exergy) ranged between 15.9% and 31.5%. This fraction was lowest for the highest speeds 
and highest loads for the same reasons described above.

●● The net exergy expelled with the exhaust gases (as a percentage of the fuel exergy) ranged 
between 21.0% and 28.1%. This fraction was lowest for the lowest speeds and loads.

●● The exergy destroyed by the combustion process (as a percentage of the fuel exergy) ranged 
between 20.3% and 21.4%. This fraction did not vary much for the conditions of this study. 
This fraction was lowest for the highest speeds and loads, since these conditions had the 
highest gas temperatures (which preserved the exergy).

●● The exergy destroyed by the mixing process of the fresh charge with the existing cylinder 
gases (as a percentage of the fuel exergy) ranged between 0.9% and 2.3%. This fraction was 
much smaller than the other terms examined, and did not vary much for the conditions of this 
study. This fraction was lowest for the highest loads, and fairly insensitive to engine speed.

●● Although outside of the defined thermodynamic system, additional destruction of exergy 
was described as the energy came in equilibrium with the cylinder walls. For the base case, 
59% of the exergy associated with the cylinder heat transfer was destroyed due to this tem-
perature decrease.
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10
Other Engine Combustion 
Processes

10.1  Introduction

For completeness, this brief chapter will comment on other engine combustion processes and 
describe the connection with engine cycle simulations. This book has been largely based on 
engines using spark‐ignition combustion.

The most common alternative to spark‐ignition combustion is compression ignition (diesel) 
combustion. In addition to spark ignition and diesel engine combustion processes, many alter-
native combustion processes have been and are being examined for engine applications. The 
primary motivations to examine these alternative combustion processes are the need to meet 
stringent exhaust emission regulations and to increase the fuel efficiency of engines. Most of 
these alternative combustion processes attempt to use the best aspects of the spark ignition 
and diesel combustion processes while minimizing the weaknesses of each of these processes.

First, this chapter will provide a brief discussion of the diesel engine combustion process, 
and then highlight the best features from spark ignition (SI) and compression ignition (CI) 
engines. Next, this chapter will include descriptions of a few of the various alternative engine 
combustion processes that are possible. Finally, this chapter will end with a brief discussion 
of the application of thermodynamic cycle simulations to study engines with these alternative 
combustion processes.

10.2  Diesel Engine Combustion

The combustion process of a diesel engine is significantly different than the combustion pro-
cess of a spark ignition engine. The classic diesel engine combustion process is based on 
the injection of liquid fuel into the combustion chamber slightly before the top dead center 
(TDC), the vaporization of the fuel, the mixing of the fuel vapor with the cylinder air, and 
the autoignition (no forced ignition) of the fuel vapor–air mixture. For the above to happen, 
the fuel needs to have appropriate qualities of vaporization and autoignition. In fact, much of 
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the optimization of the diesel engine is dependent on the diesel fuel quality and particularly 
the cetane number1 specification.

Because of the highly stratified diesel combustion process, the diesel engine must operate 
with excess air—typically, with overall equivalence ratios less than about 0.8 (or, equivalently, 
with an overall lambda (λ) of more than about 1.25). In addition, due to this stratification, the 
conventional diesel engine may be inclined to have incomplete combustion. This incomplete 
combustion often results in soot or particulate matter in the exhaust gases. In spite of the over-
all lean operation, combustion often occurs in specific locations at or near stoichiometric for 
the conventional engine. This results in high levels of nitric oxides.

On the other hand, diesel engines are not subject to “end gas knock” because the “end 
gases” consist mostly of air. This lack of a knock constraint allows the diesel engine to operate 
at higher compression ratios than typical spark ignition engines. In fact, often diesel engines 
must be designed with a compression ratio greater than the optimum for efficiency to insure 
reliable ignition.

Another consideration with diesel engines is that, since the engine operates with a lean mix-
ture, these engines possess a lower power density than a stoichiometric spark ignition engine. 
To compensate, diesel engines are often designed with turbochargers or superchargers. In 
addition, load control for the diesel engine is by fuel metering rather than throttling.

The advantages of the diesel engine relative to the spark ignition engine include the follow-
ing: the diesel engine operates without a throttle (low to zero pumping losses), operates lean 
(lower temperatures and heat losses), and is designed with higher compression ratios (potential 
for higher thermal efficiencies). The disadvantages of the conventional diesel engine include 
higher initial cost, lower power density (for naturally aspirated engines), and higher emissions.

As the above indicates, the diesel engine is much different than the spark ignition engine. 
Even so, many of the thermodynamic considerations described for the spark‐ignition engine 
are applicable to the diesel engine. These will be summarized at the end of this chapter. As 
may be clear, the two engines both have positive and negative features, and the next subsection 
summarizes this observation.

10.3  Best Features from SI and CI Engines

From the descriptions of the two main engine combustion processes, a number of features can 
be identified which have the potential for higher thermal efficiencies, lower emissions, and other 
favorable attributes. Some of these features are conflicting and the optimum set of such features 
is not unique. The following is a list of the engine features that are suggested from the two 
combustion processes which have the potential to improve the internal combustion (IC) engine:

●● Operate with no intake throttle for load control. (This suggests the use of fuel metering for 
load control).

●● Operate as much as possible with low combustion temperatures.

1 The cetane number represents the ignition quality of the fuel and is determined from a comparison of ignition time 
delays. The time delay used is defined as the time between the start of the injection process and the time when the fuel 
ignites using a specially designed test procedure. The results for actual fuels are compared to reference fuels, and a 
cetane number is assigned to the actual fuels.
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●● Operate with a well‐mixed charge to avoid rich combustion regions and subsequent soot.
●● Operate with a high enough compression ratio to achieve high efficiencies. (This implies 

that the opportunity for spark knock is eliminated or at least minimized).
●● For full load, operate near stoichiometric for highest specific power.
●● For part load, operate lean for highest efficiency.
●● Design the combustion process such that the required fuel specifications are modest  

or eliminated.
●● Design with lower pressure fuel injection systems.

Throughout the history of the reciprocating, IC engine, engineers have sought to blend the 
best qualities of the SI and CI engines (or to minimize the worst qualities of each engine). This 
has led to the development of a wide variety of proposed schemes to accomplish combustion 
in these engines. This variety will be illustrated in the following discussion of the various 
approaches for different combustion processes.

10.4  Other Combustion Processes

10.4.1  Stratified Charge Combustion

One of the first approaches (from at least the 1920s) for merging the best features of the two 
combustion processes was to use a stratified charge with spark ignition. For example, Ricardo 
[1] was issued a patent published in 1926 which incorporated some of these ideas. One con-
cept related to this approach is to divide the charge into (i) a relatively rich mixture for easy 
ignition, and (ii) an overall lean mixture (which is ignited from the rich portion). The overall 
lean condition provides for high thermal efficiency and minimizes nitric oxide formation. The 
rich mixture is a small part of the overall mixture to minimize soot formation or incomplete 
combustion. These engine designs have used divided and single combustion chambers. Vari-
ous versions of stratified charge engines with spark ignition have been developed, documented 
and even commercialized [2–5].

10.4.2  Low Temperature Combustion

Since at least the mid‐1970s, a number of engine manufacturers and research institutions 
have been working on developing new engine combustion processes which appear to have 
possibilities for lower nitric oxide and particulate emissions while maintaining or increasing 
thermal efficiencies. These new combustion processes are often based on some degree of fuel 
and air premixing, and on the use of high levels of dilution. Due to the high levels of dilution, a 
common aspect of these combustion modes is the relatively low temperatures of combustion— 
hence, many of these processes may be grouped into the category of low temperature combus-
tion. One example of obtaining these new combustion processes is by the use of high levels of 
exhaust gas recirculation (either internal or external). In the past, such high levels of exhaust 
gas recirculation (EGR) were not investigated or were considered impractical.

Some of the first works on these approaches were reported for a two‐stroke cycle engine 
by Onishi et al. [6] in 1979. They used retained exhaust gases (internal EGR) to support a 
special combustion mode that they termed “active thermo‐atmospheric combustion” (ATAC). 
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In a related fashion, Noguchi et al. [7] described their work on using retained exhaust gases to 
promote gasoline combustion for a two‐stroke cycle engine by the use of reactive intermediate 
species. Najt and Foster [8] in 1983 reported on similar work applied to a four‐stroke cycle, 
single cylinder engine. These works [6–8] were motivated by the idea that retaining high 
temperature exhaust gases would promote ignition of lean, dilute mixtures. Beginning in the 
1980s, many of these combustion processes were called homogeneous charge compression 
ignition (HCCI) combustion.

The common aspects of HCCI combustion engines include having a (more or less) homoge-
neous air‐fuel mixture (typically lean) that would autoignite throughout the mixture due to the 
high temperatures at the end of compression. One of the major advantages of these approaches 
is that the high combustion temperatures of conventional SI and CI engine combustion are 
avoided (and the associated nitric oxides are minimized). Some of the difficulties with this 
concept include control of the timing of ignition, avoiding rapid combustion, and avoiding 
misfires due to the dilution. To remedy these disadvantages, dozens of related combustion 
processes have been proposed and developed over the last several decades. As examples, a 
couple of these combustion processes are described next.

Spark Assisted Compression Ignition (SACI) has been and continues to be investigated as 
a form of HCCI which has theoretically more control about the start of combustion [9,10]. 
Results have demonstrated that the SACI combustion mode is difficult to implement and may 
be subject to cyclic variations. Partially Premixed Combustion (PPC) is a blend of a conven-
tional compression ignition combustion process and an HCCI combustion process [11–14]. 
For a PPC implementation, the fuel is injected during the compression stroke and some partial 
mixing of fuel and air occurs prior to autoignition. With many of these combustion processes, 
various fuels have been used with a spectrum of results.

A final example of an alternative combustion mode involves the use of multiple fuels. One 
version of this concept is based on a main mixture of gasoline and uses a small amount of 
diesel fuel as a pilot for ignition. The main mixture is a highly diluted charge, usually with a 
high level of EGR, which will not ignite on its own. The pilot injection timing and the ratio 
of the two fuels provides a method to control the combustion phasing. This has been called 
Reactivity‐Controlled Compression Ignition (RCCI) combustion [15]. More on the impact of 
fuels on low temperature combustion engine concepts is presented by Lu et al. [16].

The above brief descriptions of low temperature combustion processes for internal combus-
tion engines possess some common elements which are shared among many of the engine con-
cepts in this chapter. Most of these concepts utilize high levels of EGR and lean mixtures. In 
addition, these engines are often designed with high compression ratios since spark knock is not 
a constraint. Finally, the combustion processes may occur relatively fast. These features have 
demonstrated low emissions and high efficiencies. A case study is presented in this book on high 
efficiency engines which is based on these features that are related to low temperature combustion.

10.5  Challenges of Alternative Combustion Processes

For most of the alternative combustion processes, no completely successful implementation 
has been documented. Most of these approaches provide some significant advantages, but 
most still involve some weaknesses. The following are some brief comments on these weak-
nesses of the low temperature combustion processes.
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The major challenge by far is the control and timing of the autoignition. By its very defini-
tion (“auto”), it is difficult to precisely control and time the autoignition for a range of operat-
ing conditions. In addition to the timing of the autoignition event, some control of the rate of 
heat release is needed for a range of operating conditions.

Current successful technology for these low temperature combustion processes is mostly 
limited to moderate to low loads. At high loads (with near stoichiometric operation), the event 
is much like spark knock with cylinder pressure oscillations, and the emissions increase. To 
counter the difficulties at high load operation, some designs are based on switching to more 
conventional (either SI or CI) engine combustion for the high load conditions. To accomplish 
this transition in a smooth and transparent manner is another challenge.

Preparing the homogeneous mixture at low ambient temperatures with low volatility fuels 
(such as diesel fuel) is a challenge. Some degree of mixture non‐uniformity may be toler-
ated by this approach, and indeed, may be advantageous. Finally, depending on the tech-
nology adopted, the low temperature combustion engine could be more expensive and more 
complicated.

10.6  Applications of the Simulations for Other Combustion Processes

As described above, the types of combustion processes for IC engines can span a wide range. 
In general, all IC engines (regardless of the combustion process) may be studied with the 
thermodynamic cycle simulations presented in this book if the combustion process is known 
(e.g., mass fraction burned as a function of crank angle) or can be modeled with a combustion 
sub‐model. Often the difficulty is that the alternative combustion processes are not understood 
fully. In some cases, only limited data are available and extrapolation to other operating con-
ditions is problematic.

Another limitation is that some of the basic simulations will not be able to provide the level 
of detail necessary to satisfy all requirements. For example, for diesel and related combustion 
processes, the one‐zone average gas temperature is not representative of the local high tem-
peratures due to the stratification of the combustion process. This deficiency would mean that 
nitric oxide emissions could not be correctly estimated. The case study on nitric oxide emis-
sions provides examples of the sensitivity of nitric oxide calculations on the gas temperature.

The literature has many examples of thermodynamic cycle simulations being adapted for 
cases with alternative combustion processes. For example, Eichmeier et al. [17] describe the 
development and use of a zero‐dimensional phenomenological cycle simulation to study an 
RCCI combustion engine. Yao et al. [18] provides a good summary of many examples of 
thermodynamic cycle simulations (including CFD simulations) used to investigate a range of 
engines using many of these alternative combustion processes.

As a further example of the applicability of the cycle simulations, an engine using a low 
temperature combustion process similar to that described above has been approximated with 
the current engine cycle simulation with surprisingly good results [19–21]. Much of the case 
study on high efficiency engines is based on this success.

Finally, many of the thermodynamic results obtained and presented in this book for SI 
engines are generally valid for engines using these other combustion processes. For example, 
in general, the trend related to cylinder heat transfer applies to all IC engines. This means that 
the heat transfer is most significant at low speeds and high loads. Another example is that the 
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conversion of thermal energy to work is difficult and is a significant function of the specific 
heats. For all engines, for lower specific heats, a greater fraction of the thermal energy can 
be converted to work. Lastly, most of the results from the second law of thermodynamics are 
valid for all IC engines.

10.7  Summary

This chapter described alternative combustion processes relative to spark ignition combustion. 
Some detail was provided on the compression ignition (diesel) combustion process. Certain 
features were identified from the SI and CI engines that were advantageous for low emissions 
and high thermal efficiency. Combining these advantageous features into one engine design 
has been a goal since at least the 1920s.

Dozens of engine combustion concepts have evolved over the last several decades which 
are aimed at providing low emissions and high efficiency with highly dilute mixtures with 
novel combustion processes for fast burns. Most of these approaches may be characterized 
as employing low temperature combustion. Although these concepts are promising, as of this 
date (2015) no wide‐spread commercial application is known [22].

The main purpose of this chapter was to demonstrate that the thermodynamic cycle simula-
tions are appropriate for studying these types of engines regardless of the combustion mode. 
As described, once a burn rate is known (or a sub‐model exists for the combustion process), 
the engine cycle simulation may be used for these novel combustion processes. For those zero‐
dimensional thermodynamic cycle simulations with no spatial information, however, local 
temperatures may not be represented correctly and items such as nitric oxide emissions will be 
incorrect. On the other hand, cylinder pressures and overall engine performance may often be 
valid estimates. A case study presented in this book on high efficiency engines demonstrates 
this application.
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11
Case Studies: Introduction 

The second part of this book is devoted to a number of case studies using the engine cycle sim-
ulation described in the first part of the book. This brief introduction will describe the various 
case studies, the common elements associated with the studies, and the general methodology 
of these studies.

11.1  Case Studies

To illustrate the use of engine cycle simulations, a number of case studies are described in the 
following pages. One of the goals of these studies is to demonstrate the utility of the cycle 
simulations by examining a variety of engine topics from a thermodynamic perspective. In 
addition, the results presented form a basic foundation regarding engine operation and perfor-
mance as functions of a wide range of independent design and operating variables.

The following, then, is a list and brief description of the case studies:

1.	 Combustion (Chapter 12): An important aspect of IC engines is the heat release schedule 
and the phasing of the heat release associated with the fuel reaction. The thermodynamic 
engine simulation provides fundamental understanding about the sensitivity of the engine 
performance relative to the heat release schedule and timing.

2.	 Cylinder heat transfer (Chapter 13): The cylinder heat transfer is examined for both con-
ventional and low heat rejection engine configurations. The sensitivity of engine perfor-
mance to the cylinder heat transfer is described.

3.	 Fuels (Chapter 14): Most of the work reported in this book is based on isooctane as the 
fuel. This case study examines seven additional pure fuels—methane, propane, hexane, 
ethanol, methanol, hydrogen, and carbon monoxide.

4.	 Oxygen‐enriched inlet air (Chapter 15): The simulation was used to examine the use of 
oxygen‐enriched air. Detailed cylinder conditions and overall engine performance param-
eters are determined for inlet oxygen concentrations of 21–40%.

5.	 Over‐expanded engines (Chapter 16): This case study examines a different engine archi-
tecture. For this study, the engine possesses a longer expansion stroke than compression 
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stroke (Atkinson cycle). Engine performance is determined for both part load and wide‐
open throttle as functions of a range of expansion and compression ratios.

6.	 Nitric oxides (Chapter 17): The emissions of nitric oxides are examined for a range of 
engine operating and design parameters. The sensitivity of the results to the chemical 
kinetics of nitric oxide formation and destruction is obtained. Detailed (instantaneous) and 
overall results are provided.

7.	 High efficiency engines (Chapter 18): Engines with high compression ratios, lean mix-
tures, high levels of EGR, short burn durations and other such features are explored. Both 
the mechanical and thermodynamic reasons for the improvements of thermal efficiency are 
obtained.

11.2  Common Elements of the Case Studies

The engine and some of the engine operating conditions are common among the case studies. 
The engine is the same as used in the earlier portions of this book: a 5.7 liter, V‐8 configura-
tion. For convenience, Table 11.1 lists the engine specifications which are unchanged in most 
of the following studies. In addition, Table 11.2 lists some of the operating and fuel input 
parameters, and their typical values. For example, the values for the Wiebe constants are as 
recommended by Heywood [1]: m = 2.0 and a = 5.0. Obviously, in the case study concerning 
the heat release schedule, the values of these parameters are varied. Similar comments could 
be stated for all of the engine, fuel and operating parameters.

A majority of these case studies are based on a combustion (burn) duration of 60°CA, a 
compression ratio of 8:1, an equivalence ratio of 1.0, 0% EGR, and using isooctane. For the 
different case studies, one item that is often different is the cylinder heat transfer correlation 

Table 11.1  Engine specifications

Item Value

Number of cylinders 8
Bore (mm) 101.6
Stroke (mm) 88.4
Crank rad/Con rod ratio 0.305

Inlet valves:
  Diameter (mm) 50.8
  Max lift (mm) 10.0
  Opens (°CA aTDC) 357
  Closes (°CA aTDC) −136

Exhaust valves:
  Diameter (mm) 39.6
  Max lift (mm) 10.0
  Opens (°CA aTDC) 116
  Closes (°CA aTDC) 371

Valve overlap (degrees) 14°
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and the value of the htm. The two heat transfer correlations used in most of these case studies 
are from Woschni [2] and from Hohenberg [3]. Other differences between the various case 
studies include the base bmep and engine speed.

11.3  General Methodology of the Case Studies

In general, the following case studies are based on a similar methodology and subject to a set 
of similar constraints. As described throughout this book, these engine cycle simulations are 
based on successful combustion.1 This is advantageous for clearly determining the role of the 
thermodynamics. The disadvantage is that items such as combustion stability, cycle‐to‐cycle 
variations, knock, preignition, or other combustion issues are not considered. That is because 
the simulations do not contain any fundamental information on the combustion processes such 
as flammability limits, flame propagation rates, or chemical kinetics. In general, combustion is 
assumed successful and proceeds according to the Wiebe function. This approach, therefore, 
provides results reflective of the thermodynamics, but (due to unsuccessful combustion or 
knock) these results may not always be obtained in practice.

One main aspect of many of the following evaluations is that all parameters remain the 
same except for the one that is varied. This provides a consistent and unambiguous exami-
nation of the various effects. As an example, for sufficiently lean operation the burn duration 

Table 11.2  Typical engine and fuel input parameters

Item Value used How obtained

Displaced volume (dm3) 5.733 Computed

Compression ratio 8.0 Input

AFstoich 15.07 Computed

Equivalence ratio 1.0 Input

Inlet (air‐fuel) temperature 319.3 K Input

Start of combustion (°bTDC) Typical at MBT Determined for MBT

Combustion duration (°CA) 60 Input

Cylinder wall temp (K) 450 Input

Fuel LHV (kJ/kg) 44,400 For isooctane [1]

Fuel exergy (kJ/kg) 45,670 For isooctane [1]

Heat transfer multiplier 1.00 Input

Heat transfer correlations (typical) Woschni [2]
Hohenberg [3]

Input

Wiebe constant, m 2.0 Input

Wiebe constant, a 5.0 Input

1 One exception to this statement that the combustion process is always successful relates to the use of EGR. For high 
levels of EGR, an “ad hoc” model is used to capture the deteriorating combustion process as the charge becomes 
highly dilute. This was illustrated in Chapter 8.
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might be expected to be longer than for stoichiometric operation. To ascertain the influence 
of only the equivalence ratio, however, the burn duration may be kept constant as equivalence 
ratio is varied.

In most of the following cases, the combustion timing has been adjusted to provide the 
maximum bmep (and brake thermal efficiency). This combustion timing that provides the 
maximum bmep timing is referred to as MBT timing. Consistent with the above, combustion 
timing was adjusted for MBT performance with no concern for knock.

This general methodology is specific to the work described in this book. Other investigators 
using other simulations have elected to proceed in different ways. For example (as discussed 
in Chapter 3), quasi‐dimensional thermodynamic engine cycle simulations have empirical 
relations to describe the combustion process. In theory, these types of simulations have the 
potential to describe some of the combustion issues described above. For these types of sim-
ulations to have this capability, they need to have a significant amount of empirical input. In 
some cases, the fundamental thermodynamics may be obscured.

In summary, the following case studies are examples of how the engine cycle simulation 
can be used to explore various topics regarding internal combustion engines. These examples 
span a range of topics including investigating novel engine designs (over‐expanded engines), 
alternative fuels and oxidizers, combustion, heat transfer, exhaust gas emissions, and high 
efficiency engines. Although these topics span a wide range, a vast number of other topics that 
could be investigated in similar fashion can be envisioned.
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12
Combustion: Heat Release 
and Phasing

12.1  Introduction

This case study deals with the combustion event. The combustion process is complex, involves 
many interrelated sub‐processes (e.g., chemical kinetics, turbulence, and heat transfer), and is 
probably the most important process for the engine. For purposes of this case study, only two 
aspects will be evaluated: the importance of the heat release schedule and the phasing (timing) 
of the combustion process.

The material in this chapter (as with most of this book) is based mainly on the thermody-
namics of the engine processes. As illustrated below, a wealth of information is obtained by 
this approach. On the other hand, aspects of the combustion process that involve details such 
as that associated with the combustion chemistry and turbulence are not explicitly included. 
These details are important, but are beyond the scope of the current work.

12.2  Engine and Operating Conditions

The engine selected for this study is the automotive, 5.7 liter, V–8 configuration outlined 
above with a compression ratio of 8:1 using isooctane. Each of the two parts of this chapter is 
based on slightly different operating conditions, and these are described below in the respec-
tive sub‐section. In particular, items that are different include the heat transfer correlations, 
and the inlet and exhaust pressures.

This chapter is divided into two parts: (i) heat release schedule and (ii) combustion phasing.

12.3  Part I: Heat Release Schedule

To describe the combustion process in internal combustion engines, the time‐dependent 
release of thermal energy from the chemical reaction has often been used [1]. This has been 
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referred to as “heat release” or “apparent heat release.” The “apparent” is often used since the 
determination of the heat release is approximate due to a number of simplifications. The heat 
release is a function of the fuel burning rate or the fuel mass fraction burned, and therefore, 
the heat release (as will be shown below) is proportional to the time derivative of the mass 
fraction burned.

A related topic is the conversion of measured engine cylinder pressure data to the heat 
release schedule or to the fuel mass fraction burned as functions of time or crank angle. These 
experimentally determined heat release schedules are useful for detailed engine diagnostics 
concerning the combustion process. A number of techniques have been proposed for this pur-
pose (e.g., [2–4]). This topic is beyond the scope of this chapter.

For the first part of this chapter (heat release schedule), Table 12.1 lists some of the oper-
ating conditions. These operating conditions include an inlet pressure of 50.0 kPa, and an 
exhaust pressure determined from an algorithm presented by Sandoval and Heywood [5]. The 
heat transfer correlation used for this set of computations was from Woschni [6] with an htm 
of 1.0.

The fuel mass fraction burned is often given as a simple analytical expression which may 
be only a function of the fraction of the duration of the combustion process. The mass fraction 
burned, xb, is defined as the ratio of the fuel mass burned and the total fuel mass.

x
m

mb
f , burned

f , total

= (12.1)

As is obvious, the mass fraction burned begins at zero and should reach 1.0 for complete 
consumption of the fuel. For this work, the fuel mass fraction burned is determined by the 
Wiebe function [7]

x aym
b = − −{ }+1 1exp (12.2)

Table 12.1  Summary of results Part I: Heat release schedules (1400 rpm, pin = 50 kPa, ϕ = 1.0, 
CR = 8, pexh from Reference 5) (based on Woschni [6] heat transfer correlation)

“a” “m” (xb)final θo MBT ηb (%) bmep (kPa)

3 2 0.9502 –26.5 24.63 307.0

4 2 0.9817 –24.0 25.60 319.3

5 2 0.9933 –22.0 26.02 324.6

6 2 0.9975 –20.5 26.32 327.1

7 2 0.9991 –19.0 26.34 328.5

5 0.1 0.9933   –3.5 26.06 324.9

5 0.5 0.9933   –8.5 25.96 323.8

5 1 0.9933 –14.0 25.92 323.3

5 2 0.9933 –22.0 26.02 324.6

5 3 0.9933 –27.5 26.17 326.5



Combustion: Heat Release and Phasing� 193

where “a” and “m” are parameters that are selected to provide agreement with experimental 
information. The values that provide good agreement with the data depend on complex func-
tions of the turbulence, chemistry, fuel, equivalence ratio, chamber geometry, and a number of 
other features. For typical automotive spark‐ignition engines, Heywood [3] has recommended 
values of m = 2.0 and a = 5.0. The sensitivity of the results to these parameters and other 
information are provided in this section.

Figure 12.1 shows the cylinder pressure and the mass fraction burned as functions of crank 
angle for the base case conditions. The start and end of combustion are noted on the figure. 
As this demonstrates, the Wiebe function for the mass fraction burned provides a good rep-
resentation of the combustion process. In the beginning, the mass fraction burned increases 
slowly which is representative of the ignition and start of combustion processes. During the 
main part of the combustion event, the mass fraction burned increases more rapidly. Finally, 
at the end, the mass fraction burned increases more slowly which represents a slower burning 
and the extinguishment of the combustion process.

Figure 12.2 shows the mass fraction burned as a function of the fraction of duration of the 
combustion period. Two common definitions of the burn duration are indicated on this figure. 
The 0–100% period is from 0 to 1.0 mass fraction burned. This is the burn duration used in 
this book. A second duration is defined from 0.1 to 0.9 mass fraction burned. This second burn 

Figure 12.1  Cylinder pressure and mass fraction burned as functions of crank angle
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duration is often useful in experiments since the exact start and end of combustion are difficult 
to detect, and the 10% and 90% times are easier to identify. These two burn durations are 
related, and this relation depends on the mass fraction burned curve. For the Wiebe function 
and constants listed above, the two burn durations are related by,

θ θb b( %)
*

( %).10 90 0 1000 48− −= (12.3)

That is, the burn duration for 10% to 90% is a factor of 0.48 smaller than the burn duration 
for 0% to 100%. For example, for the 60°CA burn duration used in this work,

θ

θ
b

b

CA

CA

( %)
*

( %)

.

.

10 90

0 100

28 8

60 0

−
°

−
°

=

=
(12.4)

The mass fraction burned schedules for a range of values of “a” and “m” for the Wiebe 
function will be examined next. Figures 12.3 and 12.4 show the results for the Wiebe 
function for a number of values of “a” and “m”. For the range of values for “a” and “m” 
selected, the shapes of the curves are quite different. This variation of the mass fraction 
curves provides the opportunity to show agreement with a range of combustion processes. 

Figure 12.2  Mass fraction burned as functions of fraction of the burn duration for a = 5 and 
m = 2 – with burn durations of 0–100% and 10–90% denoted
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Figure 12.3  Mass fraction 
burned as functions of fraction of 
burn duration for several sets of 
Wiebe parameters “a” and “m”. 
Source: Caton 2000. Reproduced 
with permission from ASME
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Figure 12.4  Mass fraction 
burned as functions of fraction of 
burn duration for several sets of 
Wiebe parameters “a” and “m”. 
Source: Caton 2000. Reproduced 
with permission from ASME
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Figure 12.3 shows the mass fraction burned as a function of the fraction of the combustion 
duration for different values of the constant “m” for a = 5.0. As “m” increases, the initial 
rate of increase of xb decreases, and the final rate increases. For “m” values of about 1.0 
or less, the shape of the curve is less representative of the expected SI engine combustion 
process.

Figure 12.4 shows the mass fraction burned as a function of the fraction of the combustion 
duration for different values of the constant “a” for m = 2.0. As “a” increases, the rate of 
increase of xb increases and the final rate decreases. In general, these expressions provide a 
reasonable representation of the desired results (see Figure 12.1). In particular, the base case 
constants for the Wiebe expression provide a good description of a successful combustion 
process.

Depending on the constant “a,” the Wiebe function does not necessarily provide a value of 
1.0 for a “y” value of 1.0 (end condition). In other words, for some values of “a,” the final mass 
fraction does not represent 100% fuel consumption. Figure 12.5 shows the final mass fraction 
computed from eq. (12.2) as a function of the constant “a.” For values of constant “a” greater 
than about 7, the final burned value is nearly 1.0; but for values less than 7, the final value will 
be less than 1.0. For example, for the case of “a” equal to 5.0, this results in a final burned 
mass fraction of 0.9933 or about 0.67% unused fuel.

Figure 12.5  Final mass fraction burned as a function of the constant “a” used in the Wiebe function
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12.3.1  Results for the Heat Release Rate

As formulated here, the cycle simulation does not need an explicit heat release rate expres-
sion. Rather, the simulation uses the prescribed fuel mass fraction burned as a function of 
crank angle as input. The “heat release” from the simulation is a result of the energy prop-
erties (internal energy and enthalpy) which include both the chemical and sensible parts of 
the energy. Knowledge of the apparent heat release, however, is informative. Once the mass 
fraction burned is specified as a function of time (crank angle), a “heat release rate” may be 
obtained from the appropriate time derivative. The apparent heat release rate is related to this 
derivative as follows:

δ Q

dt
x LHV m







=
HR

b f� ( ) (12.5)

where 
δ Q

dt




 HR

 is the apparent heat release rate, LHV is the lower heating value of the fuel on 

an energy basis, and mf is the total mass of fuel burned. For cases where the LHV and mf are 
constant, examining the derivative of the mass fraction burned is proportional to examining 
the heat release rate. For the Wiebe function, the derivative is

�x
a m

y aym m
b

b

= +( ) −{ }+1 1

θ
exp (12.6)

For this expression, if θ b has units of radians then the units of �xb are

x
massburned / totalmass

radians
or

kg / kg

radiansb
bb tt{ }≡ 








� (12.7)

Results for this expression (eq. 12.6) are provided below in later parts of this section.
Next, the results for the instantaneous heat release rate are presented for one engine operating 

condition. The heat release rate from the Wiebe function was given above (eqs. 12.5 and 12.6):

δ
θ θ
Q

d
LHV m

a m
y am





= +( ) −
HR

analytic

f
b

( ) exp
1

yym+{ }1 (12.8)

Most often, the heat release rate is expressed in terms of crank angle or radians. If the 
combustion duration has units of “crank angle” then the heat release has units of kJ/CA; if the 
combustion duration has units of radians then the heat release has units of kJ/rad. This version 
of the heat release is labeled “analytic” since it is based on the mass fraction burned relation, 
and does not include the consideration of any chemical dissociation or other such items which 
are a part of the simulation.

Figure 12.6 shows the gross and net instantaneous heat release rates from the analytical 
expression (eq. 12.8) as a function of crank angle. The difference between the gross and net 
heat release is the cylinder heat transfer. Since the heat transfer is defined as positive into the 
system and since during combustion the heat transfer is actually out of the system, the energy 
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equivalent of the heat transfer increases the computed value of the heat release rate. Hence, the 
heat release rate discussed here is the “gross” heat release (including heat transfer). In other 
words, the gross heat release supplies the energy for the work, heat transfer, and the change of 
the sensible internal energy of the cylinder contents. Figure 12.7 shows the accumulated heat 
release from the analytical expression for both the gross and net versions as a percentage of 
the total fuel energy.

For comparison, the simulation may provide an approximate quantity that relates to the 
analytic heat release by considering the first law of thermodynamics. This derivation is for the 
closed valve portion of the cycle,

dU

d

Q

d

Q

d
sen

HR

sim

ht
θ

δ
θ

δ
θ





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
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(12.9)

where 
dU

d
sen

θ






 is the change of the sensible component of the internal energy. Note that the 

signs are correct: heat transfer is defined as positive into the system and work is defined as 

Figure 12.6  Instantaneous gross and net heat release rates from an analytical expression (see text) as 
functions of crank angle for the base case conditions
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positive out of the system. Solving for the heat release rate and substituting for the boundary 
work yields

δ
θ θ θ
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d


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Recall that the change in the sensible component of the internal energy may be given by 
removing the chemical energy component
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This sensible internal energy may be estimated by using the average mixture specific heat 
and the rate of change of temperature (per radian). Therefore, eq. (12.10) is equivalent to
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Figure 12.7  Accumulated gross and net heat release rates from an analytical expression as functions 
of crank angle for the base case conditions
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The heat release from the simulation, δ
θ
Q

d





 HR

sim

, involves the chemical energy bonded with 

any dissociated product species (such as carbon monoxide and hydrogen). Further, the mixture 
specific heats are based on the complete species description including equilibrium species. As 
shown in Chapter 4, the specific heats will be higher for the complete species description 
compared to the frozen species approximation. For these reasons, a comparison to the analytic 
heat release (eq. 12.8) with the simulation is best done with the frozen species assumption.

Figure 12.8 shows the instantaneous gross and net heat release from the simulation using 
the frozen species assumption. Figure 12.9 shows the accumulated gross and net heat release 
as a percentage of the fuel energy as functions of crank angle using the frozen species prop-
erties. The results from the simulation using the frozen species assumption (Figures 12.8 and 
12.9) are essentially the same as from the analytical expression (Figures 12.6 and 12.7).

Again, the simulation calculations do not use a “heat release,” but rather the energy balance 
uses energy properties that include both the sensible and chemical parts. The simulation using 
the complete products is, of course, more representative of the actual processes. Finally, the 
energy for the complete cycle is fully accounted for (as described elsewhere in this book).

Figure 12.8  Instantaneous gross and net heat release rates from the simulation using frozen species 
as functions of crank angle for the base case conditions
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Next, results as functions of the mass fraction burn parameters (“a” and “m”) were obtained 
for a part load condition: 1400 rpm and 50.0 kPa (inlet pressure). Table 12.1 is a list of a few 
of these results as a function of the values of the parameters “a” and “m” for MBT timing. 
These results include the final value of the mass fraction burned, the MBT timing for the start 
of combustion, the brake thermal efficiency, and the bmep.

Figures 12.10 and 12.11 show the derivative (multiplied by θ b) of the mass fraction burn as 
a function of the fraction of the combustion duration for various combinations of “a” and “m.” 
For the range of “a” and “m” selected, the resulting curves are quite different. The derivative 
increases from zero, reaches a maximum roughly midway through the combustion process, 
and then decreases to a value near zero at the end. Figure 12.10 shows this derivative (multi-
plied by θ b) as a function of the fraction of the combustion duration for m = 2 for four values 
of “a.” As “a” increases, the maximum heat release increases and this maximum occurs earlier.

Figure 12.11 shows this derivative (multiplied by θ b) as a function of the fraction of the 
combustion duration for a = 5 for four values of “m.” The lowest value for the maximum value 
of this derivative is obtained for m = 1.0. For “m” values greater or less than 1.0, the maximum 
value of this derivative increases. For “m” values less than 1.0, the maximum occurs earlier, 
and for “m” values greater than 1.0, the maximum occurs later in the combustion process.

Figure 12.9  Accumulated gross and net heat release rates from the simulation for frozen species as 
functions of crank angle
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Figure 12.10  Rate of change 
of the mass fraction multiplied 
by the combustion duration for 
the Wiebe law for m = 2 for four 
values of “a”. Source: Caton 2000. 
Reproduced with permission from 
ASME
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Figure 12.11  Rate of change of 
the mass fraction multiplied by the 
combustion duration for the Wiebe 
law for a = 5 for four values of “m”. 
Source: Caton 2000. Reproduced 
with permission from ASME
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Figures 12.12 and 12.13 show the brake mean effective pressure (bmep) as a function of 
the start of combustion for different sets of the constants using the Wiebe function for the 
mass fraction burn for an inlet pressure of 50 kPa. As shown, the bmep is maximum for one 
particular combustion start and is lower for timings advanced or retarded from this timing. As 
the value of “a” is reduced, the maximum bmep decreases, and the start of combustion must be 
advanced to achieve the maximum brake torque (which is the same as maximum bmep). For 
these values (3 < a < 7), the maximum bmep varies by less than about 7%.

As shown in Figure 12.13, the lowest value of the maximum bmep occurs for an “m” 
of 1.0. As the value of “m” is reduced below or above 1.0, the maximum bmep increases. 
As “m” increases, the start of combustion must be advanced (earlier) to achieve maximum 
bmep. In general, the maximum bmep is not too sensitive to variations of “m” for these 
conditions.

Figures 12.14 and 12.15 show the brake mean effective pressure and the brake thermal 
efficiency, respectively, as functions of the values of “a” for three values of “m” for the MBT 
timing cases for the base case inlet pressure (50.0 kPa). As “a” increases, the bmep and brake 
efficiency increase, but at a decreasing rate. The overall increase of the bmep and brake ther-
mal efficiency as “a” increases from 3.0 to 7.0 is about 6.8%.

Figure 12.12  bmep as functions of the start of combustion for Wiebe parameters m = 2.0 and four 
values of “a” for the base case conditions
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Figure 12.13  bmep as functions 
of the start of combustion for Wiebe 
parameters a = 5.0 and five values 
of “m” for the base case conditions
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Figure 12.14  bmep as functions 
of Wiebe parameters “a” and “m” 
for the base case conditions
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The above then is a brief example of the sensitivity of engine performance on the heat 
release schedule (which is proportional to the fuel mass fraction burned schedule). The com-
bustion process may be assumed to follow a Wiebe function for the appropriate constants. 
The resulting engine performance is not strongly dependent on the schedules, but the selected 
constants should be within reasonable agreement with accepted values. Related information 
on this topic may be found in Reference 8.

12.4  Part II: Combustion Phasing1

The importance of the phasing of the combustion event for internal‐combustion engines is 
well appreciated, and the use of engine cycle simulations can provide detail information. One 
of the advantages of the use of a simulation as opposed to an experiment is that the effects 
of individual variables may be determined. The objective of the current work was to examine 
the optimum phasing (based on maximum bmep) as functions of engine design and operating 

Figure 12.15  Brake thermal efficiency as functions of Wiebe parameters “a” and “m” for the base 
case conditions
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1 A version of the material in this part of the chapter is available in Reference 16.
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variables. Both the crank angle for 50% fuel mass burned (CA50) and the crank angle for peak 
pressure (CApp) are reported as functions of the engine variables. In contrast to common state-
ments in the literature, CA50 and CApp vary depending on the design and operating variables. 
Examples of previous research on combustion phasing are available [9–15], and more details 
on the work reported in this part may be found in [16].

For the second part of this chapter (combustion phasing), the operating condition examined 
is a moderate load (bmep = 325 kPa), moderate speed (1400 rpm) condition. To achieve the 
constant load condition, the inlet pressure was adjusted as needed. Results were obtained for 
two versions of this engine: (i) conventional and (ii) high efficiency.2 The operating param-
eters for the conventional engine includes many of the values described above—including a 
combustion (burn) duration of 60°CA, a compression ratio of 8:1, an equivalence ratio of 1.0, 
and 0% EGR. The high efficiency engine is operated with a combustion duration of 30°CA, a 
compression ratio of 16:1, an equivalence ratio of 0.7, and 45% EGR. To maintain the 325 kPa 
bmep, the inlet pressure for the high efficiency engine was significantly increased. The fuel 
used in both cases is isooctane.

The phasing of the combustion event (and the related heat release) is known to have a direct 
impact on the thermal efficiency of internal combustion engines. The combustion event results 
in increases of cylinder pressure which is the source of the engine's work output. Advanced 
(early) combustion increases the compression work and heat losses, and retarded (late) com-
bustion decreases the expansion work. By adjusting the start of combustion for the maximum 
brake work, an optimum (MBT) timing may be determined. This MBT timing then results in 
a specific CA50 and a specific CApp.

Some authors cite ~10°aTDC as the optimum CA50 for highest efficiency with the implica-
tion that this value is invariant. Although the current work will show that this approximation 
may be correct for some of the combinations of variables, from a thermodynamic view, it is 
not a universal value. Further, understanding the ways that CA50 and CApp are influenced by 
various engine variables are important insights for effective engine designs.

12.4.1  Results for Combustion Phasing

12.4.1.1  Methodology and Constraints

The approach of this study is to complete a fairly comprehensive thermodynamic evaluation 
of the effect of engine operating and design parameters on CA50 and CApp. One of the main 
aspects of these evaluations is that all parameters remain the same except for the one that 
is being varied. This provides a consistent and clear examination of the various effects. For 
example, for sufficiently lean operation the burn duration would be expected to be longer than 
for stoichiometric operation. To ascertain the influence of only the equivalence ratio, however, 
the burn duration was kept constant as equivalence ratio was varied. Similarly, combustion 
timing was adjusted for MBT performance with no concern for knock. Again, this approach 
provides results reflective of the thermodynamics, but (due to unsuccessful combustion or 
knock) these results may not be obtained in practice.

2 A more complete presentation of the results for the high efficiency engine is provided in a separate case study.
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12.4.1.2  Results for the Conventional Engine

Table 12.2 lists some of the input and output values for the conventional engine.3 The two 
main parameters to be examined are CA50 and CApp. These two parameters will be shown as 
functions of engine design and operating parameters: spark timing, burn duration, cylinder 
heat transfer, compression ratio, engine speed and load, heat transfer correlation, equivalence 
ratio, and EGR.

As mentioned elsewhere [16,17], a variety of cylinder heat transfer correlations are avail-
able from the literature. The appropriate correlation for a given engine operating at a given set 
of parameters is not clear. Two popular choices for conventional engines are the correlations 
presented by Hohenberg [18] and Woschni [6]. The correlation by Hohenberg [18] is used 
for the majority of the following, but a comparison of the results using both correlations is 

Table 12.2  Base case (Conventional engine) Part II: Combustion phasing (based on Hohenberg [18] 
heat transfer correlation)

Item Value used How obtained

CR = 8.0, EGR = 0%, MBT timing

Fuel C8H18 Input

bmep (kPa) 325.9 Output

Equivalence ratio 1.0 Input

Engine speed (rpm) 1400 Input

Mechanical frictional mep (kPa) 68.3 From algorithm [5]

Inlet pressure (kPa) 49.8 Input

Exhaust pressure (kPa) 105.0 Input

Start of combustion (°bTDC) 25.0 Determined for MBT

Combustion duration (°CA) 60 Input

Cylinder wall temperature (K) 450 Input

htm 1.0 Input

Gross indicated thermal eff (%) 36.54 Output

Net indicated thermal eff (%) 31.97 Output

Brake thermal eff (%) 26.41 Output

Exergy destruction combustion (%) 20.66 Output

Relative cylinder heat transfer (%) 22.31 Output

CA50 (oaTDC) 6.05 Output

CApp (oaTDC) 14.2 Output

3 For the second part of the chapter, the inlet pressure is not set to 50.0 kPa, and the exhaust pressure is set at 105.0 kPa 
(and not determined from [1]).
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provided below. (For the high efficiency engine, a heat transfer correlation developed for these 
types of engines is used.) Except where specifically varied, the htm is equal to 1.0.

Mass fraction burned—Figure 12.16 shows the mass fraction burned as functions of crank 
angle for three burn durations. As described in part I of this chapter, the mass fraction burned 
increases slowly at first, then increases more rapidly, and slowly at the end. The location of 
the CA50 is denoted in the figure. As expected, for the longer burn durations, the location of 
CA50 is slightly retarded.

Figure 12.17 shows the rate of change of the mass fraction burned (normalized to a maxi-
mum of 1.0) as functions of crank angle for three burn durations for MBT combustion timing. 
For the burn rate schedules examined here, the crank angle of 50% mass burn is equivalent to 
the highest burn rate.

Combustion timing—Figure 12.18 shows the cylinder pressure as functions of crank angle 
for five start of combustion timings for a burn duration of 60°CA, a compression ratio of 8, 
and a bmep of 325 kPa. The inlet pressure is adjusted for each timing to provide the same 
bmep. The combustion timings are presented relative to MBT timing—where MBT timing 
is the timing for maximum brake mean effective pressure or brake torque. As the timing is 
retarded from the maximum advance timing, the peak cylinder pressure decreases. The MBT 

Figure 12.16  Mass fraction burned as functions of crank angle for three burn durations. 
Source: Caton 2014a. Reproduced with permission from Elsevier
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Figure 12.17  Rate of change of 
mass fraction burned (normalized to 
1.0) as functions of crank angle for 
three burn durations. Source: Caton 
2014a. Reproduced with permission 
from Elsevier
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Figure 12.18  Cylinder pressures 
as functions of crank angle for five 
starts of combustion. Source: Caton 
2014a. Reproduced with permission 
from Elsevier

Crank angle (oaTDC)

806040200–20–40–60

P
re

ss
u

re
 (

kP
a)

0

500

1000

1500

2000

2500

3000

bmep = 325 kPa
1400 rpm, ϕ =1.0

htm = 1.0, θb = 60oCA

MBT

MBT – 10o

MBT + 20o

MBT + 10o

MBT – 20o

CApp



210� An Introduction to Thermodynamic Cycle Simulations for Internal Combustion Engines

timing results in an intermediate peak cylinder pressure. Figure 12.19 illustrates how the MBT 
timing was selected—the figure shows the bmep as a function of relative spark timing for a 
constant inlet pressure.

Figure 12.20 shows the CA50 and CApp as functions of the relative timing for this case. 
As timing is retarded, both parameters increase in value. The CA50 is a linear function of 
the timing. This also indicates the sensitivity of the determination of CA50. The CA50 value 
will change with changes in the selection of timing. For example, if MBT timing is known 
±0.25°CA, then the CA50 value is known within ±0.25°CA.

CApp is not as linear as CA50 as a function of the relative timing. For advanced timings, the 
CApp tends toward TDC.

Burn duration—Figure 12.21 shows the cylinder pressures as functions of crank angle for 
these conditions for three burn durations, and Figure 12.22 shows the corresponding CA50 and 
CApp as functions of the burn duration. As the burn duration increases, the start of combus-
tion advances for MBT. The CA50 increases linearly as the burn duration increases. For burn 
durations between 10°CA and 100°CA, the CA50 increased from about 4.2°aTDC to about 
7.8°aTDC.

The CApp increases, reaches a maximum, and then decreases as the burn duration increases. 
For burn durations approaching zero, for maximum work, the peak pressure will need to occur 

Figure 12.19  Brake mean effective pressure (bmep) as a function of the relative combustion timing. 
Source: Caton 2014a. Reproduced with permission from Elsevier
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Figure 12.20  Crank angle for 
50% MFB (CA50) and for peak 
cylinder pressure (CApp) as functions 
of relative combustion timing. 
Source: Caton 2014a. Reproduced 
with permission from Elsevier
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Figure 12.21  Cylinder pressure 
as functions of crank angle for 
three burn durations. Source: Caton 
2014a. Reproduced with permission 
from Elsevier
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at TDC. As the burn duration increases from zero, the peak pressure needs to occur somewhat 
retarded from TDC. For most of the conditions considered here, the peak pressure is most 
retarded for a burn duration of about 60°CA. For the base case, the CApp is 14.2°aTDC for a 
burn duration of 60°CA.

For burn durations greater than 60°CA, the peak pressure is located nearer TDC for max-
imum work. This is due to the long duration and the need to begin the combustion process 
earlier during the compression process. For long burn durations, heat transfer becomes more 
important. This results in the need to locate the peak cylinder pressure nearer TDC for long 
burn durations. This is discussed next.

Cylinder heat transfer —Figure 12.23 shows the CA50 and CApp as functions of a heat 
transfer multiplier (htm) for a burn duration of 60°CA. As mentioned above, the htm is a sim-
ple constant that increases or decreases the heat transfer coefficient. A htm value of zero (0.0) 
is an adiabatic case.

Figure 12.23 shows that the CA50 increases essentially linearly with increases of the 
htm. For these conditions, CA50 increases from about 1.6°aTDC to about 8.6°aTDC as htm 
increases from 0.0 to 1.67. These results indicate that without heat transfer losses the start of 
combustion can be advanced and the resulting cylinder pressure will produce more work than 

Figure 12.22  Crank angle for 50% MFB (CA50) and for peak cylinder pressure (CApp) as functions 
of the burn duration. Source: Caton 2014a. Reproduced with permission from Elsevier
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a later combustion start. As heat losses become more important, the combustion start must be 
retarded for maximum work.

The CApp also increases almost linearly with increases of the htm. For these conditions, the 
CApp increases from about 11°aTDC to about 16°aTDC as htm increases from 0.0 to 1.67. 
Again, as heat losses become more important, the CApp is retarded for maximum work. Since 
the lower heat losses allows the cylinder pressure to be higher, this results in a slightly advance 
location for the peak cylinder pressure to maximize the work.

Compression ratio—Figure 12.24 shows the CA50 and CApp as functions of compression 
ratio for a burn duration of 60°CA. As compression ratio increases from 6 to 20, the CA50 
increases from about 5.6 to 8.1°aTDC, and the CApp decreases from about 15.8 to 8.8°aTDC. 
Higher compression ratios result in higher cylinder pressures and this allows the location of 
the peak cylinder pressure to advance. On the other hand, higher compression ratios result in 
a slight retarded location for the CA50. These results are largely due to the different instanta-
neous cylinder pressures as compression ratio is varied.

Engine speed and load—Figures 12.25 and 12.26 show the CA50 and CApp as functions of 
engine speed and load (bmep), respectively, for a burn duration of 60°CA. The effects of speed 
and load on both parameters were modest. Of these effects, the only noticeable effect was a 
slight decrease of the CA50 from about 6 to 4.7°aTDC as bmep increased from 0 to 950 kPa.

Figure 12.23  Crank angle for 50% MFB (CA50) and for peak cylinder pressure (CApp) as functions 
of htm. Source: Caton 2014a. Reproduced with permission from Elsevier
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Figure 12.24  Crank angle for 50% 
MFB (CA50) and for peak cylinder 
pressure (CApp) as functions of the 
compression ratio. Source: Caton 
2014a. Reproduced with permission 
from Elsevier
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Figure 12.25  Crank angle for 50% 
MFB (CA50) and for peak cylinder 
pressure (CApp) as functions of 
engine speed. Source: Caton 2014a. 
Reproduced with permission from 
Elsevier
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Heat transfer correlation—As mentioned above, to illustrate the influence of the choice 
of heat transfer correlation, two correlations were examined for the conventional engine: 
Hohenberg [18] and Woschni [6]. Figure 12.27 shows the CA50 and CApp as functions of 
burn duration for the two correlations. Although the trends are similar, the two correlations 
provide different values. The use of the correlation by Woschni consistently provides much 
more retarded values for the CA50 and CApp. The Woschni [6] correlation results in more heat 
loss compared to the use of the correlation from Hohenberg [18], and therefore, these results 
are consistent with the results in Figure 12.23. As with htm, the choice of the heat transfer 
correlation can significantly affect the CA50 and CApp values.

Equivalence ratio—Figure 12.28 shows the CA50 and CApp as functions of burn duration 
for three equivalence ratios. At best, equivalence ratio has a modest effect—but in fact, the 
variation is not much greater than the uncertainty of the CA50 and CApp.

Exhaust gas recirculation (EGR)—Figure 12.29 shows the CA50 and CApp as functions 
of burn duration for EGR levels of 0, 20 and 45%. The effect on the CA50 is small—a slight 
advance of the values as EGR increases. The effect on the CApp is slightly greater for longer 
burn durations. In these cases, the CApp advances for increasing levels of EGR.

Figure 12.26  Crank angle for 50% MFB (CA50) and for peak cylinder pressure (CApp) as functions 
of bmep. Source: Caton 2014a. Reproduced with permission from Elsevier
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Figure 12.27  Crank angle 
for 50% MFB (CA50) and for 
peak cylinder pressure (CApp) 
as functions of burn duration for 
two heat transfer correlations. 
Source: Caton 2014a. Reproduced 
with permission from Elsevier
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Figure 12.28  Crank angle for 
50% MFB (CA50) and for peak 
cylinder pressure (CApp) as 
functions of burn duration for three 
equivalence ratios. Source: Caton 
2014a. Reproduced with 
permission from Elsevier
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Summary for conventional engine—Figures 12.30 and 12.31 show CA50 and CApp, 
respectively, for different values of htm, heat transfer correlations, compression ratio, and burn 
duration. Changes of these parameters represent the largest changes of the CA50 and CApp. 
Changes in other parameters (such as engine speed, engine load, equivalence ratio, and EGR) 
resulted in much more modest changes in CA50 and CApp.

Figure 12.30 shows that the overall range of CA50 is between about 3.0°CA and 9.2°CA 
for these conditions. For the values examined, the variation of htm from 0.3 to 1.6 produced 
the greatest variation of CA50. The other parameters that had the greatest influence on CA50, 
in order of influence, were the burn duration (between 20°CA and 100°CA), the heat transfer 
correlation, and the compression ratio (between 6 and 20).

The top of Figure 12.30 shows a range of CA50 of 8°aTDC to 10°aTDC. As noted in the 
literature review, this range is commonly reported in the literature as typical values for CA50. 
Clearly, from considerations of only the thermodynamics and for the conditions examined 
here, this range represents the upper bound of the values reported in this work.

Figure 12.31 shows that the overall range of CApp is between about 8.8°CA and 16.5°CA 
for these conditions. Unlike for CA50, the engine parameter with the greatest impact on the 
CApp is compression ratio. The next parameters, in order of influence, were htm, burn duration 

Figure 12.29  Crank angle for 50% MFB (CA50) and for peak cylinder pressure (CApp) as 
functions of burn duration for three EGR levels. Source: Caton 2014a. Reproduced with permission 
from Elsevier
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Figure 12.30  Crank 
angle for 50% MFB 
(CA50) for different htm, 
burn durations, heat 
transfer correlations, 
and compression ratios. 
Source: Caton 2014a. 
Reproduced with 
permission from Elsevier
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Figure 12.31  Crank 
angle for peak cylinder 
pressure (CApp) 
for different htm, 
burn durations, heat 
transfer correlations, 
and compression 
ratios. Source: Caton 
2014a. Reproduced 
with permission from 
Elsevier
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and then the selection of the heat transfer correlation. The impact of the various engine design 
and operating variables is different on the two parameters (CA50 and CApp).

12.4.1.3  Results for a High Efficiency Engine

Although high efficiency engines are discussed in another case study (Chapter 18) in this 
book, an examination of the combustion phasing for these engines is appropriate for this 
chapter. As examined in previous work [19,20] and discussed in Chapter 18, highly dilute 
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engines with relatively high compression ratios and short burn durations can achieve high 
thermal efficiencies. Such an engine is examined next. Table 12.3 shows the cases examined 
as a conventional engine is modified step‐by‐step until the final configuration is obtained. This 
approach is similar to one completed for other conditions [19,20]. Note that this evaluation 
is for another engine operating condition, and hence, provides additional credibility to the 
concept. As shown in the table, the high efficiency engine (case 6) consists of lean operation 
(ϕ = 0.7), significant (cooled) EGR (45%), short burn duration (30°CA), relatively high com-
pression ratio (16:1), and the use of a heat transfer correlation from Chang et al. [21] which 
has been obtained for such high efficiency engines. Table 12.4 lists some of the input and out-
put values for case 6. All cases are based on an inlet pressure needed to obtain the same load 
(bmep = 325 kPa) and with MBT timing.

Figure 12.32 shows the net indicated and brake thermal efficiencies for each case described 
in Table 12.3. As each feature is added, the thermal efficiencies increase. The decrease in the 
burn duration from 60°CA to 30°CA provided the least incremental efficiency increase for 
these conditions. The other features roughly provided similar incremental efficiency increases. 
The brake thermal efficiency increases slightly less than the indicated thermal efficiency since 
mechanical losses (friction) are higher due to the higher required inlet pressures and related 
aspects. For the final configuration (case 6), the net indicated and brake thermal efficiencies 
are 50.4% and 39.9%, respectively. Table 12.3 lists some of the input and output values for 
the high efficiency (case 6) engine. Compared to the conventional engine (case 1), the brake 
thermal efficiency for the high efficiency engine has increased by a factor of 1.5—which is a 
major development.

Figure 12.33 shows the CA50 and CApp for each case. CA50 is between about 4.5°CA and 
6.0°CA for the first five cases. The CA50 decreases from about 6.1°aTDC to about 2.5°aTDC 
from case 1 to case 6. This decrease is largely due to the reduced heat transfer associated with 
the Chang et al. [21] correlation. As described above, for reduced heat losses, the CA50 is more 
advanced.

Table 12.3  Description of cases

Case Description

1 (base) CR = 8; θb = 60°CA; ϕ = 1.0; EGR = 0%;
Hohenberg [18]; MBT timing

2 (θb) CR = 8; θb = 30°CA; ϕ = 1.0; EGR = 0%;
Hohenberg [18]; MBT timing

3 (EGR) CR = 8; θb = 30°CA; ϕ = 1.0; EGR = 45%;
Hohenberg [18]; MBT timing

4 (ϕ) CR = 8; θb = 30°CA; ϕ = 0.7; EGR = 45%;
Hohenberg [18]; MBT timing

5 (CR) CR = 16; θb = 30°CA; ϕ = 0.7; EGR = 45%;
Hohenberg [18]; MBT timing

6 (HT) CR = 16; θb = 30°CA; ϕ = 0.7; EGR = 45%;
Chang et al. [21]; MBT timing
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Figure 12.32  Net indicated 
and brake thermal efficiency 
for six cases leading to 
the high efficiency engine 
(case 6). Source: Caton 2014a. 
Reproduced with permission 
from ElsevierCase
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Table 12.4  Case 6 – high efficiency engine (based on Chang et al. [21] heat transfer correlation)

Item Value used How obtained

CR = 16.0, EGR (cooled) = 45%, MBT timing

Fuel C8H18 Input

bmep (kPa) 325.9 Output

Equivalence ratio 0.7 Input

Engine speed (rpm) 1400 Input

Mech frictional mep (kPa) 85.6 From algorithm [5]

Inlet pressure (kPa) 76.5 Input

Exhaust pressure (kPa) 105.0 Input

Start of combustion (°bTDC) 13.0 Determined for MBT

Combustion duration (°CA) 30 Input

Cylinder wall temperature (K) 450 Input

htm 1.0 Input

Gross indicated thermal eff (%) 54.13 Output

Net indicated thermal eff (%) 50.36 Output

Brake thermal eff (%) 39.89 Output

Exergy destruction combustion (%) 24.31 Output

Relative cylinder heat transfer (%) 6.89 Output

CA50 (oaTDC) 2.53 Output

CApp (oaTDC) 7.8 Output
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The CApp decreases steadily as each feature is added to the configuration. It decreases from 
14.2°CA to 7.8°CA for these conditions. Each of these changes of CA50 and CApp is con-
sistent with the changes noted earlier for the conventional engine. In general, for increasing 
efficiency, both CA50 and CApp tend to advance approaching TDC.

12.5  Summary and Conclusions

This case study considered two aspects of the combustion process: (i) the heat release sched-
ule, and (ii) the combustion phasing. The mass fraction burn was assumed to be represented 
by the Wiebe function. A typical automotive spark ignition engine was selected for this study.

For the study concerning the heat release schedule, the following may be stated as a summary:

●● A simple, analytical expression was derived for the apparent heat release on either a gross 
or net (including heat transfer) basis. A similar quantity from the simulation is difficult to 
obtain due to the effects of chemical dissociation which reduces the instantaneous chemical 
energy impact and changes the average of the specific heats.

●● The simple, analytical expression for the apparent heat release agreed with the similar quan-
tity from the simulation for the case of frozen properties (i.e., no chemical dissociation).

●● As the Wiebe expression parameter “a” is increased from 3 to 7, the start of combustion for 
maximum performance needed to be retarded. Similarly, as the parameter “m” was increased 
from 0.5 to 3, the start of combustion for maximum performance needed to be retarded.

Figure 12.33  Crank angle for 50% MFB (CA50) and for peak cylinder pressure (CApp) for six cases 
leading to the high efficiency engine (case 6). Source: Caton 2014a. Reproduced with permission from 
Elsevier
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●● Performance parameters such as bmep and brake thermal efficiency increase slightly (6.8%, 
relative) as the Wiebe parameter “a” is increased from 3 to 7. The effect of the Wiebe 
parameter “m” (from 1 to 3) is much more modest; specifically, resulting in about a 1% 
(relative) increase in the performance values.

For the study concerning combustion phasing, this work has examined the CA50 and CApp 
measures of combustion phasing based solely on the thermodynamics. The effects of a num-
ber of engine operating and design variables on CA50 and CApp were obtained. The following 
are some findings from this work:

●● In contrast to some statements in the literature, CA50 and CApp are functions of engine oper-
ating and design variables. Some literature suggests that the CA50 is ~10°aTDC, and that 
this crank angle is invariant—results from this study show that this is not true.

●● Both the CA50 and CApp are most influenced by the heat transfer level, compression ratio, 
and burn duration. The CA50 and CApp are less influenced by equivalence ratio, EGR, 
engine speed and engine load.

●● For the conventional engine, for the conditions examined, the CA50 varied between about 5 
and 11°aTDC, and the CApp varied between about 9 and 16°aTDC.

●● A high efficiency engine was examined which was based on short burn duration, high com-
pression ratio, lean operation and high EGR. The brake thermal efficiency of this engine 
was 39.9%—1.5 times higher than the conventional engine.

●● For the high efficiency engine, the CA50 was about 2.5°aTDC and the CApp was about 
7.8°aTDC. These more advanced values for the high efficiency engine were largely a result 
of the reduced heat losses.
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13
Cylinder Heat Transfer

13.1  Introduction

This case study concerns engine cylinder heat transfer. The results will include detailed time‐
resolved results for temperatures, heat transfer coefficients, and heat transfer rates. Engine 
performance results for the base case conditions will be described for a number of heat trans-
fer correlations. These results will provide information on the sensitivity of the engine perfor-
mance results to the heat transfer, and quantify the importance of the heat transfer component. 
After the basic results are described, this case study provides some results for engines employ-
ing low heat rejection (LHR) concepts. Finally, this case study ends with a consideration of the 
heat transfer as a function of exhaust gas recirculation (EGR). This last set of results illustrates 
some of the subtle thermodynamic aspects of engine cylinder heat transfer.

Cylinder heat transfer is one of the more important processes of internal combustion 
engines, and yet, after decades of research, comprehensive, universal convective heat transfer 
correlations are not available. What are available are global correlations that are based on 
approximate experimental energy surveys of specific engines operating at a few conditions. 
These global correlations have been acceptable for general understandings and, as shown in 
this chapter, for certain conditions engine performance results are not strongly dependent on 
the specific correlation used. Nevertheless, the next advances in engine technologies will be 
related to better understanding and managing of the energy streams, including the cylinder 
heat transfer. Furthermore, predictions of thermal nitric oxides (which are highly dependent 
on accurate temperature assessments) will be improved with more precise characterizations of 
the cylinder heat transfer. For these reasons, more thorough examinations of these global cor-
relations are needed. These examinations should include results for a wide variety of engines 
and operating conditions.

Engine cylinder heat transfer exists because the components and lubricating oil in the cylin-
der must be maintained at temperatures significantly lower than the cylinder gas temperatures 
especially during the high temperature portions of the cycle. To accomplish this, the engine com-
ponents need to be cooled. For most of the time, the heat transfer moves energy from the gases 
to the cylinder walls, piston, and cylinder head. For short periods of time, however, the cylinder 
gases may be at temperatures lower than the components and the heat transfer will be from the 
components to the gases. These items are illustrated in more detail in the results presented below.
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The cylinder heat transfer is largely convective, but some radiation from the flame(s) and 
any luminous particles (e.g., soot) may also exist. The energy that reaches the cylinder walls 
and other components is conducted through the metal to the lower temperature cooling media 
(liquid coolant or ambient air). The heat transfer from the metal to the cooling media is largely 
convective. Note that for the thermodynamic system defined for these studies, energy that 
reaches the cylinder walls and components is outside the control system.

An important distinction that should be emphasized at this point is that the correlations for 
global heat transfer convective coefficients are a major engineering simplification. To capture 
all the details of the actual engine cylinder heat transfer process is a gigantic task, and although 
progress has been attained over the last several decades, a definitive solution is lacking. The 
engine heat transfer process is complex due to a number of items such as the unsteady, com-
pressible and turbulent flow field, the spatial and temporal variations of boundary conditions, 
the varying fluid properties, the surface details, and the interactions with the equally complex 
combustion process.

The global correlations for the cylinder heat transfer are often single expressions that are 
applied for the complete cylinder and are used on an instantaneous basis. The actual engine 
cylinder heat transfer is a complex process, and has extreme spatial and temporal variations. 
To expect a single, global correlation to capture all of these details is unrealistic. On the 
other hand, engineers often need practical, approximate correlations that can help complete 
evaluations that could not be done otherwise. For these reasons, the pursuit of appropriate, 
approximate correlations continues.

The following parts of this chapter include descriptions of the basic heat transfer relations, 
a brief summary of previous literature (with special emphasis on the heat transfer correlations 
used in this work), results from the simulation, and a brief summary of this chapter. The 
results will include those from conventional engines and from engines with low heat rejection 
concepts.

13.2  Basic Relations

Before reviewing some examples of correlations from the literature, a brief summary of the 
basic type of relations that are typically used to represent the global cylinder heat transfer is 
presented. In general, as mentioned above, engine cylinder heat transfer is a set of complex 
processes that involves turbulent flow, time and spatial temperature differences, chemically 
reacting flow, and variable (and often unknown) properties. Many studies have been con-
ducted over the years to provide better understandings of the cylinder heat transfer, but no 
general consensus has ever evolved. Often new complicated correlations for the heat transfer 
are found to be difficult to use, and the improvements are just as suspect as from the simpler 
correlations.

Forced convective heat transfer is probably the dominant mechanism of cylinder heat trans-
fer, especially for SI engines. The general form of the cylinder heat transfer is

�Q htm h A T T= −( )c wall (13.1)

where �Q is the overall heat transfer rate, hc is the convective heat transfer coefficient, A is the 
surface area, (T – Twall) is the temperature difference, and htm is a “heat transfer multiplier.” 
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The value of htm will be 1.0 except for those cases where the sensitivity of engine perfor-
mance on heat transfer levels is explored. In the following discussion, heat transfer is assumed 
positive from the gases to the wall.1

The heat transfer coefficient is generally given as a function of a Reynolds number

Nu
h L

k
a a

VL

v
b

b

= = = 





c

gas

Re (13.2)

where Nu is the Nusselt2 number, hc is the convective heat transfer coefficient, kgas is the 
thermal conductivity of the gas, Re is the Reynolds number, and “a” and “b” are parameters 
selected to provide agreement with the experimental values. “L” and “V” are the characteristic 
length and velocity, respectively, and v is the kinematic viscosity. The characteristic length is 
often the engine bore, and the characteristic cylinder gas velocity is often the piston speed. 
The piston speed is not a great choice since during processes such as combustion and exhaust 
blow down, the piston speed would not be expected to be a good representation of the bulk 
gas velocity. The choice of the piston speed, however, is often the only convenient choice due 
to the lack of more detail information of gas velocities.

13.3  Previous Literature

The literature on internal combustion engine cylinder heat transfer is immense. This brief sub-
section will only provide a few examples of this literature. Many overviews of engine cylinder 
heat transfer have been published over the years. Two good summaries of the information up 
to the 1980s are provided by Heywood [1] and by Borman and Nishiwaki [2]. A more recent 
review of empirical correlations for engine cylinder heat transfer was published in 2006 [3]. 
In addition, most engine text books describe some of the background and previous literature 
concerning cylinder heat transfer. Some of the literature described in these references will be 
used in the current study and is mentioned next.

Some of the earliest works were related to providing global correlations for the convective 
heat transfer correlation. For example, Nusselt in 1923 [4] described one of the first heat trans-
fer correlations for a diesel engine. The data used by Nusselt for this correlation were obtained 
from constant volume combustion facilities. Although this expression is not often used any 
more, the basic approach of Nusselt has continued throughout the history of developing corre-
lations for engine cylinder heat transfer. Eichelberg [5] in 1939 provided a “lecture” on engine 
cylinder heat transfer for large two‐stroke and four‐stroke diesel engines. He presented some 
of the first instantaneous heat flux measurements, and proposed a correlation for the global 
heat transfer based on instantaneous cylinder gas temperatures and pressures.

1 Note that the energy balance equations presented in earlier parts of this book have used the conventional definition 
of heat transfer as positive into the thermodynamic system. The alternative approach taken in this chapter has 
been adopted for convenience to provide a more direct examination of the cylinder heat transfer. In practice, the 
formulations in the simulation are consistent with the definition of heat transfer as positive into the thermodynamic 
system.
2 The Nusselt number is named after the German physicist W. Nusselt (1882–1957). The first engine cylinder heat 
transfer correlation [4] presented in this chapter was due to W. Nusselt in 1923.
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Annand [6] in 1963 presented a summary of eight previous global correlations (including 
the ones from Nusselt and Eichelberg), and from this information proposed a new correlation 
based on a reevaluation of this previous data. At the time of this work, this correlation [6] 
was considered one of the best ways to compute the cylinder heat transfer, and has been (and 
continues to be) used in various engine cycle simulations.

Probably one of the most widely used global correlations is due to Woschni [7] in 1967. 
His correlation was based on diesel engine data. One of the more novel items of the Woschni 
correlation is that it uses different constants and velocities for different portions of the engine 
cycle. For example, for the combustion period, he recommended a characteristic velocity that 
included a part based on the pressure increase relative to the motored pressure at the same 
instant. In this way, he hoped to capture the additional velocity due to combustion. Although 
this approach has some merit, no evidence is available to substantiate this aspect. Neverthe-
less, this correlation is widely used, and will serve as a reference point in the current work.

Hohenberg [8] in 1979 reexamined much of the previous cylinder heat transfer information 
including that from Woschni [7], and proposed a new correlation. This is often referred to as 
an update to the Woschni correlation, but in fact, this is simply another attempt to correlate 
data from one‐dimensional, heat flux probes. Hohenberg based his work on both previous 
data, and on new data from his experiments. He utilized four different direct injection diesel 
engines, and completed extensive experiments that included measurements of heat flux, heat 
balance, and component temperatures.

13.3.1  Woschni Correlation

Since the Woschni [7] correlation is used in some of the studies presented in this book, and 
since it contains some unique aspects, this correlation will be described in some detail. In 
general, the other correlations are similar. He proposed the following correlation:3

Nu
h B

k
m= =c Re0 035. (13.3)

As mentioned above, the Reynolds number is given by

Re = wB

v
(13.4)

where w is an average characteristic cylinder gas velocity, and v is the kinematic viscosity of 
the boundary layer gases. Woschni [7] assumed the following dependencies:

k T∝ 0 75. (13.5)

µ ∝ T 0 62. (13.6)

p RT= ρ (13.7)

v = µ ρ/ (13.8)

3 The value of “m” is given below (m = 0.8).
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Combining the above relations results in the following expression for the instantaneous heat 
transfer coefficient:

h CB p w Tm m m m
c = − −1 0 75 1 62. . (13.9)

Woschni [7] suggested several different characteristic velocities (w) depending on the por-
tion of the cycle. During intake, compression, and exhaust, he assumed that the characteristic 
velocity would be proportional to the mean piston speed. During combustion and expansion, 
he assumed the velocity would scale with some measure of the combustion intensity. There-
fore, he proposed that the velocity for this period would be proportional to the increase in 
cylinder pressure above the motoring pressure. The pressure increase due to combustion is 
given by

( )p p− m (13.10)

where pm is the cylinder pressure resulting from motoring (no combustion) for the same crank 
angle as “p.” Finally, then, the average characteristic cylinder gas velocity for use in the Reyn-
olds number is

w C V C
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r r
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where Vp is the mean piston speed, Vd is the displaced volume, and pr, Tr, and Vr are cylinder 
pressure, temperature and volume, respectively, at some reference condition (such as at intake 
valve close crank angle). The constants in eq. (13.11) are given by the following:

For the gas exchange period: C1 = 6.18, C2 = 0.0

For the compression period: C1 = 2.28, C2 = 0.0

For the combustion period: C1 = 2.28, C2 = 0.00324

When the exponent (m) in eq. (13.3) is set to 0.8, the final (dimensional) correlation is:
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13.3.2  Summary of Correlations

Table 13.1 lists the four global engine cylinder heat transfer correlations considered in this 
chapter. The correlations are given in a dimensional form to better illustrate the dependencies 
on temperature, pressure, velocity, and so forth. The symbols are defined as follows: hi is 
the convective heat transfer coefficient for correlation “i ”, p is the cylinder pressure, T is the 
cylinder gas temperature, up is the piston velocity, ui is a specially defined velocity, L is the 
characteristic length, and Vinst is the instantaneous cylinder volume. Further details and values 
for the constants are given in the cited references.
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Listing the correlations in a dimensional form provides a fairly direct way to illustrate the 
different dependences of the correlations. For example, the Eichelberg [5] correlation depends 
on the gas temperature to a positive power of “0.5,” whereas the other correlations depend on 
the gas temperature to various negative powers. Similar statements can be made about several 
of the other variables. In general, this demonstrates a serious weakness in the understanding 
of engine cylinder heat transfer. Hopefully, future work will strive to seek a more thorough 
understanding of engine cylinder heat transfer.

One of the parts of this study is to compare the cylinder heat transfer results from the simu-
lation using each of these correlations for the convective coefficient. Similar studies have been 
completed in the past that have compared results using these and other engine cylinder heat 
transfer correlations (e.g., [3, 9]).

13.4  Results and Discussion

The approach of this study is to, first, complete a general overview of heat transfer results for 
one correlation, and, then, complete a comparison of the use of typical existing global heat 
transfer correlations. The following are results for the base case condition (1400 rpm, bmep = 
325 kPa) for a compression ratio of 8:1, an inlet pressure of 50 kPa, and a start of combustion 
at –22°aTDC. The previous chapters have listed some of the operating conditions and output 
results for this case. A similar study concerning engine heat transfer for other conditions is 
available elsewhere [10].

Some related results on cylinder heat transfer are presented in Chapter 8 in relation to 
engine performance. The results of this case study are presented for the conventional engine, 
for an engine utilizing low heat rejection (LHR) concepts, and for an engine using exhaust gas 
recirculation.

13.4.1  Conventional Engine

Each of the components of the heat transfer expression is described first, and then the overall 
heat transfer rate is provided. Finally, the sensitivities of the results are shown as functions 
of the various heat transfer parameters including the core expressions for the heat transfer 
coefficients.

Table 13.1  Heat transfer correlationsa (dimensional form)

First author Date Correlation

Eichelberg [5] 1939 h C p T u1 1
0 5 0 5 0 33= . . .

p

Annand [6] 1963 h C L p T u2 2
0 3 0 7 1 0 0 7= − −. . . .

p

Woschni [7] 1967 h C L p T u3 3
0 2 0 8 0 35

4
0 8= − −. . . .

Hohenberg [8] 1979 h C L p T u V4 4
0 2 0 8 0 4 0 8 0 061 4= +− − −. . . . .( . )p inst

aSee cited references for details.
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As shown above (eq. 13.1), the heat transfer rate is a function of surface area, heat transfer 
coefficient, and the temperature difference between the gas and the cylinder wall. Figure 13.1 
shows the instantaneous surface area as a function of crank angle for the base case conditions. 
The surface area varies in a sinusoidal fashion as the piston moves between TDC and BDC. 
The minimum surface area is at TDC and the maximum area is at BDC. The surface area 
is a direct multiplier of the heat transfer rate and is significant. From TDC, the surface area 
increases by over a factor of 2.0 as the piston moves to BDC for a compression ratio of 8. This, 
alone, increases the instantaneous heat transfer rate by the same factor.

Figure 13.2 shows the instantaneous heat transfer coefficient from Woschni [7] as a func-
tion of crank angle for the base case conditions. The coefficient increases rapidly during 
combustion to attain its highest value slightly after TDC, and then it decreases during the 
expansion process. The high values during combustion are at least partly due to the high 
cylinder pressures and the high estimated cylinder gas velocity (eq. 13.11). The coefficient 
increases in a “step” fashion at EVO since the correlation switches to a higher constant for 
exhaust flow. In reality, this would be a more gradual change as the exhaust valve opens and 
this could be accommodated. The complexity of this accommodation, however, would not be 
warranted since the difference is modest. Other slight changes of the coefficient are directly 
related to the other valve events. In general, the heat transfer coefficient has a major effect on 
the heat transfer rate—especially, during the combustion process.

Figure 13.1  The instantaneous cylinder surface area for heat transfer as a function of crank angle
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Figure 13.3 shows the final item for determining the heat transfer rate—the temperature 
difference between the gases and the cylinder wall. This figure shows this temperature differ-
ence as a function of the crank angle for the base case conditions. The temperature difference 
increases rapidly during the combustion process, attains a maximum value at 27.8°aTDC, and 
then decreases during the expansion process. The high temperature values during combustion 
contribute to the high heat transfer rates.

Finally, Figure 13.4 shows the instantaneous heat transfer rate as a function of crank angle 
for the base case conditions. This heat transfer rate, of course, is the product of the three previ-
ous items: surface area, heat transfer coefficient, and temperature difference. The heat transfer 
rate increases rapidly during the combustion process and attains a maximum value of about 
24.3 kJ/s at 20°aTDC, and then decreases during the expansion process. During the compres-
sion stroke until 90°bTDC, the heat transfer is from the cylinder walls to the gases since the 
wall temperature is greater than the gas temperature. After 90°bTDC, the gas temperature is 
greater than the wall temperature and the heat transfer is from the gases to the wall (positive 
heat transfer rates as defined in this chapter). During the intake process after 445°aTDC, the 
wall temperatures are again greater than the gas temperatures and the heat transfer is again 
from the wall to the gases.

As may be obvious, the heat transfer rate, heat transfer coefficient and gas temperatures 
are interconnected. For the conditions and correlation used, as the temperature increases or 
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Figure 13.2  The instantaneous heat transfer coefficient using the Woschni expression as functions of 
crank angle for the base case conditions
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Figure 13.3  The instantaneous 
temperature difference as 
functions of crank angle for the 
base case conditions
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angle using the Woschni correlation 
for the base case conditions
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pressure decreases, the heat transfer coefficient decreases (see Table 13.1). As the heat transfer 
coefficient decreases, the cylinder heat transfer rate decreases and temperatures decrease less. 
The net effect of these various actions is reflected in the final values of the gas temperatures 
and heat transfer rates.

The following results will now examine the sensitivity of the results to various heat transfer 
assumptions and approximations. For example, Figures 13.5 and 13.6 show the gas tempera-
ture and heat transfer rate, respectively, as functions of crank angle for four multiplying values 
(htm) of the heat transfer: 0.5, 1.0 (base), 1.5, and 2.0. For these computations, the inlet pres-
sure (50 kPa) and start of combustion (–22°aTDC) were maintained at their base case values. 
The higher the multiplying constant, the higher the heat transfer rate and therefore the lower 
the gas temperature. The effect is modest for the gas temperature, but more significant for 
the heat transfer rate for these conditions. The maximum instantaneous heat transfer rate is a 
factor of about 3.7 higher between the lowest and highest value of htm.

Figure 13.7 shows the brake thermal efficiency and brake mean effective pressure (bmep) as 
functions of the htm for the base input conditions. As the htm increases, the brake efficiency 
and the bmep decrease due to the increasing heat transfer. The effect is somewhat modest. For 
example, by doubling the cylinder heat transfer rate (htm = 2.0), the brake efficiency decreases 
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Figure 13.6  The instantaneous heat 
transfer rate as functions of crank 
angle using the Woschni correlation 
for four multiplying constants
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Figure 13.7  Brake thermal 
efficiency and brake mean 
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as functions of the htm (the 
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from about 26.0% to 22.6%. In other words, large changes in the cylinder heat transfer rate 
result in modest changes in the efficiency and bmep. The reason for this is explained next.

The following explains the relation between changes in cylinder heat transfer and work 
output. For a decrease of the heat transfer, more thermal energy is retained in the cylinder. The 
conversion of this thermal energy to work is difficult (this aspect is a feature of the second law 
of thermodynamics). Therefore, only a fraction of this retained thermal energy is converted to 
work, and the remainder of the retained energy increases the exhaust gas energy. This conver-
sion, by the way, is highly dependent on the values of the specific heats (for lower values of 
the specific heats, the conversion of the thermal energy to work is higher).

This insensitivity of the engine work output to the heat transfer implies that precise values 
of the convective coefficient may not be as critical as other items. A related conclusion is 
that significant reductions of the heat transfer will be needed to accomplish any performance 
gains. This is quantified later in this subsection.

Figures 13.8 and 13.9 compare the results using the four different convective heat transfer 
coefficients discussed above. Figure 13.8 shows the heat transfer coefficient as functions of 
crank angle for the four expressions for the same conditions. This comparison is based on the 
substitution of the individual correlations for the heat transfer coefficient. This means that the 
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cylinder gas temperatures and pressures will be different even though the operating and design 
parameters are the same. The heat transfer coefficient from Annand [6] provided the highest 
peak value and the coefficient from Hohenberg [8] provided the lowest peak value while 
the values from Eichelberg [5] and Woshni [7] were in between the other two. Figure 13.9 
shows the resulting heat transfer rates as functions of crank angle using the four expressions. 
Again, the expression from Annand [6] resulted in the highest peak heat transfer rate while 
that from Hohenberg [8] resulted in the lowest peak rate. The resulting Hohenberg peak heat 
transfer rate would need to increase by 215% to attain the peak rate provided from the Annand 
correlation.

Several authors (e.g., [8]) have commented that the Woschni [7] correlation may overes-
timate the heat transfer during combustion, and underestimate the heat transfer during other 
portions of the cycle—at least for certain types of engines. Again, this is mentioned so as to 
emphasize the uncertainty with any of these correlations. For different operating conditions 
and design parameters, the use of these correlations, at best, provides estimates of the cylinder 
heat transfer.

Figure 13.10 shows the brake thermal efficiencies and bmep for each of the four heat trans-
fer correlations for a constant inlet pressure of 50.0 kPa. The range between the highest and 
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lowest thermal efficiencies is about 13% (relative). Note the much smaller impact on engine 
performance even though the peak heat transfer was different by 215%. This reflects a number 
of items. First, the 215% difference is only for the peak heat transfer rates—for the majority 
of the time, the rates are not that different. Second, the lower heat transfer rates result in more 
thermal energy being retained in the cylinder. Only a portion of the retained energy, however, 
is converted to work. The remainder of the retained energy increases the energy content and 
gas temperature of the exhaust mass.

In other words, for a fairly wide range of convective heat transfer correlations, the changes 
of the net result are somewhat modest for the thermal efficiencies and performance parame-
ters. This is because although the heat transfer is important, the lack of complete conversion 
of retained thermal energy mitigates the final result on engine work output. So, as mentioned 
above, the lack of a universally accepted global heat transfer correlation for many investiga-
tions is not a severe disadvantage, and studies of the thermodynamics of engines using these 
correlations remain useful.

The next consideration is to examine the details of the heat transfer for changes in an engine 
operating parameter. For this, the heat transfer as a function of engine speed will be examined. 
Some of this information extends the comments found in Chapter 8 concerning cylinder heat 
transfer. These results are for the base case (bmep = 325 kPa) using the heat transfer corre-
lation from Woschni [7]. Figure 13.11 shows the ratio of the heat transfer rate and the heat 
transfer rate for 1400 rpm as functions of engine speed. The heat transfer rate increases as 
speed increases almost in a linear fashion. The reasons for this increase are examined next.
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The items that result in the heat transfer rate are the surface area (which does not change for 
these results), the heat transfer coefficient, and the temperature difference. Figure 13.12 shows 
the ratios of the heat transfer coefficient and the temperature difference of the peak (one‐zone) 
gas temperature4 and the wall temperature (450 K). The temperature difference increases 
slightly and the heat transfer coefficient increases much more significantly as engine speed 
increases. The heat transfer coefficient [7] is proportional to the engine speed when expressed 
with units of “kW/m2‐K.” This increase of the heat transfer coefficient with increases of engine 
speed, therefore, is largely the reason for the higher heat transfer rates.

In terms of engine thermal efficiency, the item that is of interest is the relative heat trans-
fer, or in other words, the ratio of the energy of the heat transfer relative to the energy of the 
fuel burned. Figure 13.13 shows the ratios of the relative heat transfer and the heat transfer 
energy (kJ) as functions of engine speed. Both parameters decrease as engine speed increases. 
This is in contrast to the results in Figure 13.11 which show the heat transfer rate increasing 
with increasing engine speed. This means that as engine speed increases, the heat transfer 
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Figure 13.11  The ratios of the average heat transfer rate and the average heat transfer rate at 1400 
rpm as functions of the engine speed

4 The use of the peak gas temperature is not unique, but provides a representative gas temperature. Other choices for 
this would be some average gas temperature. The results would be qualitatively the same since only the temperature 
trends are important for this discussion.
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rate increases but the energy fueling rate increases more. The net result is that the thermal 
efficiency will increase as engine speed increases since the relative heat transfer decreases.

As shown above, a significant portion of the fuel energy escapes the cylinder as heat trans-
fer. This fact suggests that there may be some benefit of increased work (and efficiency) if at 
least some of the heat transfer energy was retained in the cylinder. This recognition leads to 
the next subsection which discusses the potential of low heat rejection engines.

13.4.2  Engines Utilizing Low Heat Rejection Concepts

The use of low heat rejection (LHR) concepts5 for engine designs has a long history, and has 
probably been a consideration of engine developers from the very beginning. For example, 
a patent from 1930 was aimed at reducing the heat losses to increase the thermal efficiency 
and performance of the engine [11]. The idea of increasing the thermal efficiency and engine 
performance by reducing energy losses to the coolant and environment is an attractive con-
sideration. The difficulty is reducing the energy losses and converting the retained energy to 
work. The normal approach for reducing the heat losses and retaining the thermal energy has 
been to insulate the cylinder. In effect, this means designing “barriers” for the heat transfer.

Since higher gas temperatures would result from any LHR concepts, the spark‐ignition 
engine has not been considered seriously for this application. The higher gas temperatures 
would result in an increase of the probability of spark knock. This would mean an unfavora-
ble adjustment of the combustion timing or a reduction of the compression ratio to avoid the 
occurrence of knock. This means that essentially all applications of LHR concepts have been 
directed toward compression ignition (diesel) engines.

In addition to increases of the thermal efficiency, the successful implementation of LHR 
concepts has several other advantages. The reduction or elimination of the cooling system not 
only reduces the engine weight and size, but reduces or eliminates a major maintenance item. 
Furthermore, removing cooling system components such as water pumps and fans would 
reduce the mechanical friction (parasitic losses) and add to the increase of the brake efficiency. 
In addition, the higher operating temperatures may allow lower grade fuels to be used success-
fully. For these reasons, the military has been especially interested in developing this concept 
[12]. Also, with any LHR concept the exhaust gas energy would be expected to increase. This 
additional energy in the exhaust gases would be beneficial for turbocharging and for alterna-
tive power production (e.g., turbo‐compounding). From a second law perspective, energy in 
the exhaust gas is more useful than the same energy in the coolant.

Although the use of LHR concepts appears attractive, several disadvantages have been rec-
ognized from even the earliest attempts. First, the implementation of the required insulation 
technologies is difficult. The advanced materials required are generally more brittle and less 
durable. Successful materials and coatings for these applications must have high temperature 
strength, expansion coefficients similar to mating metals, low friction characteristics, good 
thermal shock resistance, light weight, and durability. Further, the higher gas temperatures 
could result in lower volumetric efficiencies which may tend to offset at least some of the 
potential gains, and these higher gas temperatures would result in higher nitric oxide emissions.

5 Some of the literature describes LHR engines as “adiabatic” engines. This is, of course, a misuse of the term 
adiabatic since no actual device can ever be 100% adiabatic.



242� An Introduction to Thermodynamic Cycle Simulations for Internal Combustion Engines

Most early attempts at using LHR concepts were unsuccessful due to the lack of advanced 
materials (e.g., ceramics) and lubricants which are needed to survive the higher in‐cylinder 
gas temperatures associated with these LHR concepts. Beginning in the 1970s, such advanced 
materials and lubricants were becoming more available. This provided the opportunity, at 
least in part, for major research and development programs to advance the LHR engine. This 
work was largely based on reducing the cylinder heat losses with the goal of obtaining higher 
efficiencies. Although much was learned from these programs, the general consensus was that 
thermal efficiency gains, if any, are small. Several overviews on developments related to LHR 
engines are available (e.g., [13–17]).

The engine cycle simulation (using the heat transfer correlation from Woschni [7]) was used 
to explore the use of LHR concepts for the base engine. Figures 13.14 and 13.15 show the 
brake thermal efficiency and Figure 13.16 shows the net indicated thermal efficiency as func-
tions of load (bmep) for three wall temperatures: 450 K (standard case), 800 K, and 1550 K. 
The wall temperature of 1550 K provided near‐zero net cylinder heat transfer. Zero net cylin-
der heat transfer means that the heat transfer from the walls to the gases is equal to the heat 
transfer from the gases to the walls for the complete event (two revolutions). This is essentially 
the maximum wall temperature for these conditions. In practice, the actual maximum possible 
wall temperature will probably be somewhat lower than this value.
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The thermal efficiencies are slightly higher for the high wall temperature cases, and this is 
most evident at the higher loads (see Figure 13.15). The cases with the high wall temperatures 
result in a reduction of the cylinder heat transfer since the temperature difference between 
the hot gases and the cylinder walls is significantly decreased. These high wall temperatures 
would require advanced materials (probably ceramics or high temperature coatings), and spe-
cial designs for alternative lubrication.

Figure 13.17 shows the instantaneous one‐zone cylinder gas temperatures as functions of 
crank angle for the three cases. The peak temperatures are 2465 K, 2546 K, and 2707 K for 
the wall temperatures of 450 K, 800 K, and 1550 K, respectively. The higher gas temperatures 
for the higher wall temperature have several consequences. In this case, to maintain the con-
stant load (bmep = 800 kPa), the inlet pressure was higher for the high wall temperature cases, 
and this countered the higher temperatures during the inlet process such that the volumetric 
efficiency was about the same for all three cases. For a naturally aspirated diesel engine (no 
throttle), the higher inlet temperatures would reduce the volumetric efficiency and no benefit 
would be possible from additional inlet pressure increases. To compensate, however, a diesel 
engine could use a supercharger or turbocharger to increase the inlet pressure.

The higher gas temperatures would result in higher exhaust gas temperatures for the high 
wall temperature cases. For these conditions, the energy average exhaust gas temperatures 
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were 1340 K, 1443 K and 1679 K for the 450 K, 800 K, and 1550 K wall temperature cases, 
respectively. As noted above, these higher exhaust gas temperatures would be useful for turbo-
charging and turbo‐compounding applications. Also, the higher gas temperatures toward the 
end of the compression stroke, as mentioned above, would tend to worsen any spark knock 
concerns for SI engines.

The results show a fairly modest increase of the thermal efficiencies with the highest gains 
for the highest loads. Figure 13.18 shows the distribution of the fuel energy for these three 
cases for a bmep of 800 kPa. For these conditions, the maximum net indicated thermal effi-
ciency increase was about 1.2% (absolute) as the wall temperature increased from 450 K to 
1550 K. The heat transfer was reduced by about 18.8% (absolute), and the exhaust gas energy 
was increased by about 17.5% (absolute). The relatively small amount of increase of the ther-
mal efficiency is due to several items. First, the energy retained by reductions of heat loss 
late in the expansion stroke contributes little or nothing to work increases. Additionally, these 
results are indicative of the difficulty of converting thermal energy to work. In other words, 
although heat transfer is reduced, only a portion of the energy results in increased work. In 
this case, only about 6% (relative) of the energy associated with the reduced heat transfer is 
actually converted to work. This is further explained in terms of the thermodynamics next.

As explained elsewhere in this book (Appendix A of Chapter 3), the conversion of thermal 
energy into work is a strong function of the specific heats (or ratio of the specific heats). Low 
values of the specific heats (or higher values of the ratio of specific heats) results in higher 
conversions. Figure 13.19 shows the average of the ratio of specific heats (gamma) during 
combustion as functions of load (bmep) for the three wall temperature cases. The higher wall 
temperature cases (with the associated higher cylinder gas temperatures) result in significantly 
lower values for gamma. The impact of gamma on the conversion is as an exponent so the 
changes do not have to be large to be significant.

Figure 13.18  The energy distribution for the three wall temperatures
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Figure 13.19  The average ratio of specific heats (gamma) during combustion as functions of load 
(bmep) for three wall temperatures

A major observation of the above results for the LHR concepts that has not been empha-
sized in the literature is the importance of the specific heats (or ratio of specific heats). As 
the various reviews [13–17] of LHR concepts have outlined, many experimental studies have 
reported low to zero increase of the thermal efficiencies when employing LHR concepts. This 
has often been attributed to changes in the combustion process, poor implementation of engine 
component insulation, or inconsistent experimental methodologies. As the above results indi-
cate, however, another major aspect of the lack of increase of the thermal efficiencies may be 
due to the inherent thermodynamics associated with the resulting higher temperatures.

As a final comment regarding LHR concepts, at least one application has been proposed 
which may be a better match to these ideas. Thermodynamic simulation results [18] indicate 
that combining LHR concepts with low temperature combustion (LTC) engines may be attrac-
tive for achieving higher efficiencies. The reason that this combination may be successful is 
that the LTC engines result in low gas temperatures and this in turn results in lower values of 
the specific heats (higher values of the ratio of specific heats). Such a situation appears to be 
able to more effectively convert any retained thermal energy to work and thus provide more 
substantial thermal efficiency increases. In addition, for net zero heat transfer, the wall tem-
peratures can be significantly lower than for the cases with conventional combustion. More 
details may be found in Reference 18.
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13.4.3  Engines Utilizing Adiabatic EGR

As an example of some of the subtle thermodynamic aspects associated with the cylinder heat 
transfer, the efficiency and related parameters for an engine using exhaust gas recirculation 
(EGR) will be examined. The use of EGR was described in Chapter 8 and the use of EGR is 
a part of some of the other case studies. As described earlier, two EGR configurations may be 
considered that bracket the range of cooling that may be possible. The cooled EGR configu-
ration assumed the exhaust gases were cooled to the nominal inlet mixture temperature (typi-
cally 319.3 K for the work reported in this book). This would represent the maximum cooling. 
The adiabatic EGR configuration assumed no cooling such that the exhaust gases entered the 
inlet stream at the engine‐out temperature. This would represent zero cooling.

For this example, the adiabatic EGR configuration is examined since this provides results 
which highlight some of the subtle aspects of cylinder heat transfer. The engine operating 
condition is a bmep of 325 kPa, 1400 rpm, a compression ratio of 8, and an equivalence ratio 
of 1.0. The heat transfer correlation is from Woschni [7] with an htm of 1.0. Figure 13.20 
shows the net indicated and brake thermal efficiency, and the relative heat transfer as func-
tions of the EGR level. To achieve the constant bmep, as the EGR level increases, the inlet 
pressure increases. Since the inlet pressure increases, the cylinder gas pressures increase as 

Figure 13.20  The thermal efficiencies and relative heat transfer as functions of the EGR level for the 
adiabatic EGR configuration
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the EGR level increases. The net indicated and brake thermal efficiencies increase as the EGR 
level increases. These trends will be explained by examining some of the fundamental aspects 
related to these conditions. As shown in Figure 13.20, the relative heat transfer increases as the 
EGR level increases. Although not shown, the actual heat transfer also increases as the EGR 
level increases. The reasons for this heat transfer increase are described next.

Since the surface area is constant, the two major aspects of the cylinder heat transfer are 
the temperature difference between the gases and the cylinder walls, and the heat transfer 
coefficient (see eq. 13.1). Figure 13.21 shows the ratio of the average temperature difference 
for each case during the combustion period and the average temperature difference for the 0% 
EGR case as functions of the EGR level. This temperature metric decreases with increases of 
the EGR level largely due to the reduced combustion temperatures due to the dilution effect 
of the EGR.

Figure 13.21 also shows the ratio of the average heat transfer coefficient for each case and 
average heat transfer coefficient for the 0% EGR case. This ratio increases with increases of 
the EGR level. This is largely due to the increase of cylinder pressures and the decrease of cyl-
inder gas temperatures. As provided in Table 13.1, the heat transfer coefficient from Woschni 
[7] is proportional to the cylinder pressure to a fractional power and inversely proportional 
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Figure 13.21  The ratio of the heat transfer coefficient (havg) and the ratio of the temperature 
difference during combustion (ΔTcomb) as functions of the EGR level for the adiabatic EGR 
configuration
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to the cylinder temperature to a fractional power. Since pressure increases and temperature 
decreases as the EGR level increases, both these parameters will result in an increasing heat 
transfer coefficient as the EGR level increases. The net result of the temperature and heat 
transfer coefficient changes is that the heat transfer coefficient changes dominate, and the 
relative (and actual) heat transfer increases as the EGR level increases (in spite of the gas 
temperature decreases).

Returning to Figure 13.20, the net indicated thermal efficiency increases even though the 
relative heat transfer increases with increases of the EGR level. The reason for this is impor-
tant and it is not always clearly demonstrated. The use of EGR (or other dilution techniques) 
results in lower cylinder temperatures, and these lower temperatures result in increases of the 
ratio of specific heats as the EGR level increases. Figure 13.22 shows the average ratio of spe-
cific heats during the combustion period (gammacomb) as a function of the EGR level for these 
conditions. Since the ratio of specific heats is important relative to the conversion of thermal 
energy into work, even modest increases of the ratio provides significant increases of the 
thermal efficiency. So, in spite of the increases of the cylinder heat transfer, the net indicated 
thermal efficiency increases largely due to the increases of the ratio of specific heats.

Finally, the brake thermal efficiency increases but, for the higher EGR levels, the increases 
are somewhat mitigated. This is due to the increasing mechanical friction. Figure 13.23 shows 
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Figure 13.22  The ratio of the specific heats during combustion (Gammacomb) as a function of the 
EGR level for the adiabatic EGR configuration
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Figure 13.23  The ratio of the mechanical friction mean effective pressure and the mechanical 
friction mean effective pressure for 0% EGR as a function of the EGR level for the adiabatic EGR 
configuration

the ratio of the mechanical friction mean effective pressure and the mechanical friction mean 
effective pressure for 0% EGR as a function of the EGR level. This parameter increases as the 
EGR level increases largely due to the increasing cylinder pressures.

The above example of the cylinder heat transfer associated with the use of adiabatic EGR 
provides several important results to highlight some of the details of the cylinder heat transfer 
and the importance of the thermodynamics related to IC engines. The use of adiabatic EGR, 
however, is not the preferred application approach. As explained elsewhere in this book, the 
more favorable application of EGR is to cool the exhaust gases as much as practical. Cooled 
EGR configurations contribute the most to the thermal efficiencies and are the most effective 
for the reduction of nitric oxides.

13.5  Summary and Conclusions

Engine cylinder heat transfer is one of the more important processes of internal combustion 
engines, and yet after decades of research, an acceptable understanding is still lacking. Many 
global correlations for the convective heat transfer coefficient have been proposed over the 
years. The current work has compared and contrasted the use of four different engine cylinder 
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heat transfer correlations. Another similar study has examined these and other correlations 
for a higher load and speed condition [10]. In addition, this case study has examined low heat 
rejection engines and the use of adiabatic EGR. The major results from the current work may 
be summarized as follows:

●● In general, the cylinder heat transfer is from the gases to the cylinder walls, piston top and 
cylinder head bottom. For a short period of time during the compression and intake pro-
cesses, the heat transfer is from the hot walls to the cool entering gases.

●● For the four correlations examined, the maximum heat transfer coefficient varied by 215% 
for the same engine operating condition.

●● As expected, using correlations with lower heat transfer resulted in higher thermal efficien-
cies. For the correlations examined, the overall difference for the brake efficiency was about 
13% (relative). This much lower impact on the efficiencies was due to the fact that not all 
the energy retained due to the lower heat transfer was converted to work.

●● Other results are available elsewhere [10] for other conditions. In addition to the bmep and 
brake efficiency, these results show the effects of the different heat transfer correlations on 
exhaust gas temperatures and exhaust energy, and on the exergy destruction during combustion.

●● Although the difference between the various engine cylinder heat transfer correlations may 
be large, the final results in terms of engine efficiency and performance are not affected as 
much.

●● Examples were provided that showed that the important aspect of cylinder heat transfer with 
respect to thermal efficiency is the relative heat transfer. For increases of engine speed, the 
heat transfer rate increases, but the relative heat transfer decreases.

●● Low heat reduction (LHR) concepts have been proposed for IC engines to recover some 
of the energy associated with the normal cylinder heat transfer for additional work (and 
efficiency). Thermodynamic results indicate that only a small portion of the retained energy 
can be converted to work.

●● One proposal for using LHR concepts that appears to have the potential for some success 
is to couple LHR concepts with LTC engines where the adverse effects of the change of the 
specific heats are mitigated.

●● The use of adiabatic EGR was examined to illustrate some subtle characteristics associated 
with the cylinder heat transfer. For the conditions examined, cylinder heat transfer increased 
even though the gas temperatures decreased due to increases of the heat transfer coefficient.

●● For the use of adiabatic EGR, the net thermal efficiency increased slightly even though 
the relative heat transfer increased. This was a result of the increase of the ratio of specific 
heats. The brake thermal efficiency increased less due to increases of the mechanical fric-
tion which was because of the higher cylinder pressures.
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14
Fuels
14.1  Introduction

Most of the work reported in this book has examined engine operation using isooctane as the 
fuel. This chapter will examine engine operation as a function of different pure fuels. The use 
of various fuels for internal combustion engines began as early as the late 1800s during the 
development of the first IC engines [1–6]. Over the years, these fuels have included gasoline, 
diesel, natural gas, liquefied petroleum gas (LPG), other fuel gases, alcohols, and numerous 
other gaseous and liquid fuels. Each of these fuels has advantages and disadvantages. Often 
a fuel is considered for IC engines when it is a more economical choice than the current fuel. 
Also, in recent years, fuels that possess naturally lower emissions are often considered as 
replacements for the more conventional petroleum fuels.

Gasoline and diesel have been the conventional fuels for spark‐ignited and compression‐
ignited engines since the 1900s. Over the years these two fuels have been and continue to be 
modified to provide the performance and emission characteristics that are required [1–2]. As 
stated elsewhere, the success of IC engines has been at least in part due to the excellent match 
of the conventional fuels and engines [1–3].

The literature on fuels for engines is vast and has included economic assessments, technical 
evaluations, and “well‐to‐wheel” considerations. This previous work has included commercial 
fuels, special blends and pure fuels. No single reference was found which included the eight 
fuels of the current work, and only a few previous studies appear to have completed a consist-
ent thermodynamic evaluation of a set of fuels.

The objectives of the current work (using the engine cycle simulation) are to compare the 
performance and second law parameters1 of a conventional spark‐ignition engine operated on 
each of eight fuels: methane, propane, hexane, isooctane, methanol, ethanol, carbon monox-
ide, and hydrogen. The comparisons are completed for a base case part load condition, and as 
functions of speed and load. Complete details of this and related work are available elsewhere 
[7–9].

1 The second law results may be more understandable after reading Chapter 9 which reports the results from the 
second law study.
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14.2  Fuel Specifications

Eight fuels were selected for this investigation. Four of these are normal alkanes: methane, 
propane, hexane and isooctane. Two are alcohols: methanol and ethanol. The final two fuels 
are carbon monoxide and hydrogen. Although carbon monoxide is not typically considered a 
fuel, it possesses some unique features and was included for completeness.

Table 14.1, a list of these eight fuels and some of their major specifications, includes the 
name of the fuel, the molecular formula, the molecular mass, the stoichiometric mass air–fuel 
ratio (AF), the lower heating value (LHV), the fuel exergy, and the ratio of the fuel exergy 
and LHV. Note that the ratio of the fuel exergy and LHV is near 1.0, and ranges from a low of 
0.909 (for carbon monoxide) to a high of 1.056 (for ethanol).

All liquid fuels are considered vapor as they enter the thermodynamic control system. By 
not including the vaporization energy of the liquid fuels, the following comparisons are some-
what more direct. Since the fuel vaporization process is a complex process of heat transfer, 
mass transfer, fluid flow and fuel properties, it is difficult to establish a consistent and impar-
tial technique for including this process.

For completeness, however, the following comments are intended to provide some indica-
tions of the role that the fuel vaporization could potentially play regarding the engine ther-
modynamics. As an example, methanol and isooctane are compared. Methanol (an alcohol 
fuel) is known to possess a high level of vaporization energy compared to isooctane. Meth-
anol and isooctane have vaporization energies of 1103 and 308 kJ/kgfuel, respectively. In a 
simple air stream, 100% vaporization of a stoichiometric mixture of these liquid fuels and 
air could result in a temperature decrease of about 128 K and 19 K, respectively. Some of the 
difficulties of this simple analysis are the amount of heating and the source of the energy for 
this heating. Most often the vaporization is not complete and some liquid droplets remain in 
the air stream. For these and other reasons, the vaporization process has been omitted in the 
current work.

Table 14.1  Fuel specifications [1,2,3,4, 12]

Fuel
Molecular mass 
(kg/kmol)

AF 
(stoich) LHV (MJ/kgf)

Fuel exergy 
(MJ/kgf)

Fuel exergy/
LHV

Hydrogen, H2 2.016 34.15 120.0 113.5 0.946

Methane, CH4 16.04 17.17 50.0 49.9 0.998

Propane, C3H8 44.10 15.61 46.4 47.1 1.015

Hexane, C6H14 86.18 15.16 45.1 46.1 1.022

Isooctane, C8H18 114.2 15.07 44.4 45.5 1.025

Methanol, CH3OH 32.04 6.45 20.0 21.1 1.055

Ethanol, C2H5OH 46.07 8.97 26.9 28.4 1.056

Carbon monoxide 28.01 2.46 10.1 9.18 0.909
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14.3  Engine and Operating Conditions

The engine selected for this study is the automotive, 5.7 liter, V–8 configuration described 
elsewhere. The heat transfer correlation is from Woschni [10] with a heat transfer multiplier 
(htm) of 1.33. The operating condition examined is a moderate load (bmep = 325 kPa), mod-
erate speed (2000 rpm) condition. The compression ratio is 8.1:1, and most of the results are 
for MBT combustion timing.

14.4  Results and Discussion

First, the assumptions and constraints of the study are described. Then the results from this 
study are presented in the following three subsections: (i) basic results, (ii) engine perfor-
mance results, and (iii) second law results.

14.4.1  Assumptions and Constraints

As with most of the results presented in this book, the combustion process is considered 
successful and proceeds as dictated by the Wiebe function for all fuels. Again, the focus of 
the work is to compare and contrast the fuels from a thermodynamic perspective and not to 
describe the details of the combustion process. The Wiebe constants were the same for all 
fuels: a = 5.0 and m = 2.0.

14.4.2  Basic Results

The use of different fuels alters several aspects of the engine thermodynamics. One difference 
is that for part load operation, the inlet pressure must be adjusted for equal power (all else the 
same). Also, for each fuel and for each operating condition, the start of combustion is adjusted 
so as to obtain the maximum brake torque (MBT timing). These results are for premixed mix-
tures of fuel vapor and air.

For the base case conditions, three of the fuels are compared in Tables 14.2–14.4. The 
three fuels selected represent the different types of fuels: normal alkanes (isooctane), alcohol 
(methanol), and hydrogen. Table 14.2 lists some of the basic engine inputs and some of the 
basic engine results for the part load base case operating condition for these three fuels. Due 
to the higher stoichiometric air–fuel ratio for hydrogen relative to isooctane (34.3 vs. 15.1), 
to produce an equal engine output (say, bmep), the hydrogen‐fueled engine requires a higher 
inlet manifold pressure (all else equal). Methanol, on the other hand, has a much lower heating 
value, and to produce an equal engine output, the inlet pressure must also be higher. Table 14.2 
lists inlet pressures of 49.9, 54.0, and 59.8 kPa for isooctane, methanol, and hydrogen, respec-
tively.

Table 14.3 lists the distribution of the fuel energy among the major energy items for the 
three fuels. The brake power percentage is the brake thermal efficiency. The brake efficiency is 
slightly higher for the methanol case primarily because of the lower exergy destruction during 
combustion (more effective conversion of thermal energy to work). In general, however, the 
differences between the fuels are modest. In summary, for all fuels for these conditions, the 
percentage of the fuel energy for the brake work values are about 24–26%, the heat losses are 
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Table 14.2  Base case engine inputs and results (bmep = 325 kPa, 2000 rpm, MBT timing, ϕ = 1.0) 
(Woschni [10] heat transfer correlation, htm = 1.33)

Item C8H18 CH3OH H2

Displaced volume (dm3) 5.733 5.733 5.733

Engine speed (rpm) 2000 2000 2000

bmep (kPa) 325 325 325

Compression ratio 8.1 8.1 8.1

Comb duration (°CA) 60 60 60

Inlet temperature (K) 319 319 319

Cylinder wall temp (K) 450 450 450

Inlet pressure (kPa) 49.9 54.0 59.8

Start of comb (°bTDC) 22.0 22.0 20.0

AFstoich 15.13 6.45 34.32

Fuel LHV (kJ/kg) 44,400 20,000 120,000

Mech friction mep (kPa) 74.8 75.3 76.1

Exhaust pressure (kPa) 104.4 104.9 105.7

Residual fraction 0.1027 0.0999 0.1016

Table 14.3  Base case engine energy results (bmep = 325 kPa, 2000 rpm, MBT timing, ϕ = 1.0) 
(Woschni [10] heat transfer correlation, htm = 1.33)

Item C8H18 CH3OH H2

(Percentage of fuel energy)

Brake power 25.51 26.37 24.55

Mechanical friction   5.84   6.07 5.73

Heat loss 25.49 25.82 25.46

Exhaust 42.50 41.07 43.58

Unburned   0.67   0.67 0.67

25.4–25.8%, the energy values of the exhaust are about 41–44%, and the mechanical friction 
losses are about 5–6%.

Table 14.4 lists the distribution of the fuel exergy among six major items. The percentage of 
the fuel exergy that is used as indicated power (similar to the indicated thermal efficiency) is 
about 30.7% for the isooctane case and about 30.8% and 32.2% for the methanol and hydrogen 
cases, respectively. The percentage exergy that leaves due to heat transfer is about 20.7% for 
the isooctane case, and about 20.3% and 22.6% for the methanol and hydrogen cases, respec-
tively. The exergy retained in the exhaust gases is about 25.6% for the isooctane case, and about 
30.6% and 31.6% for the methanol and hydrogen cases, respectively. Finally, the percentage 
exergy destroyed during the combustion process is about 21% for the isooctane case, and about 
16.1% and 11.3% for the methanol and hydrogen cases, respectively. This latter item, the exergy 
destroyed during the combustion process, will be discussed in more detail in the following.
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Comparing the values in Tables 14.3 and 14.4 provides some insight into the usefulness of 
the second law analyses. For example, for these fuels and this condition, the energy associ-
ated with the exhaust flow is about 42% of the fuel energy, but the exergy associated with the 
exhaust is only about 26–32% (depending on the fuel). This indicates that only a fraction of 
the energy leaving as exhaust is recoverable as work. Of course, any actual device will only be 
able to convert a portion of the exhaust exergy to work due to the conversion irreversibilities.

Figure 14.1 shows the gross indicated, net indicated and brake thermal efficiency for each 
fuel for the part load (bmep = 325 kPa) base engine condition. The fuels are located from left to 
right from lowest gross indicated efficiency to highest gross indicated efficiency. The relative 
order of the fuels is (from lowest efficiency to highest efficiency): carbon monoxide, hydrogen, 
methane, propane, hexane, isooctane, ethanol, and methanol. This order is consistent with other 
work reported in the literature for some of these fuels (e.g., [11]). The differences between the 
fuels with respect to their efficiencies are modest, but some trends can be identified.

For methanol and ethanol compared to isooctane, the slightly higher efficiencies are due 
at least in part to the lower heat loss, lower exergy destruction during combustion, and lower 
pumping work. The lower heat loss is due to slightly lower gas temperatures which are due to 
the slightly lower heating value per mixture mass. The low exergy destruction permits a more 
effective conversion of the thermal energy to work relative to the other fuels.

The n‐alkanes (isooctane, hexane, propane, and methane) have about the same thermal 
efficiencies. The slightly lower efficiencies (relative to the alcohol fuels) are due to the higher 
heat loss, higher exergy destruction, and the higher pumping work.

For hydrogen compared to isooctane, the thermal efficiencies are slightly lower due to 
higher heat loss and a lower ratio of the product moles and reactant moles. The gas temper-
atures are higher for the hydrogen case compared to the isooctane case. The lower efficien-
cies for hydrogen exist even though the exergy destruction and pumping work was lower for 
hydrogen. The lower efficiencies result in slightly higher exhaust gas energy and temperatures.

Finally, carbon monoxide has the lowest efficiency largely due to high heat loss (due to 
high temperatures), a low average ratio of specific heats during the combustion process, and a 
low ratio of product moles and reactant moles. This low efficiency for carbon monoxide exists 
even though this fuel had lower pumping work and the lowest exergy destruction.

Figure 14.2 shows results similar to those in Figure 14.1, but for a wide open throttle (WOT) 
condition. For this work WOT was defined as having an inlet pressure of 95 kPa. The pumping 
work is, of course, lower for the WOT condition compared to the part load case (Figure 14.1). 

Table 14.4  Base case engine exergy results (bmep = 325 kPa, 2000 rpm, MBT timing, ϕ = 1.0) 
(Woschni [10] heat transfer correlation, htm = 1.33)

Item C8H18 CH3OH H2

(Percentage of fuel exergy)

Indicated power 30.72 30.83 32.20

Heat loss exergy 20.67 20.25 22.61

Comb exergy destruction 20.99 16.12 11.26

Exhaust exergy 25.59 30.63 31.59

Intake mixing destruction   1.36   1.51   1.66

Unburned   0.67   0.67   0.68
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Each fuel results in a different bmep for these conditions. Nevertheless, the ordering of the fuels 
from lowest to highest efficiency remains nearly the same as for the part load condition. The 
reasons for these efficiency numbers are similar to those described above for the part load case.

The energy and exergy distributions for the base case conditions for all eight fuels are pre-
sented in Appendix 14.A for completeness.
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Figure 14.1  The gross indicated, net indicated, and brake thermal efficiency for each fuel for the part 
load base engine conditions. Source: Caton 2010. Reproduced with permission from Elsevier
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14.4.3  Engine Performance Results

The next set of results shows engine performance as functions of the engine speed and 
load. Figure 14.3 shows the inlet pressure as functions of engine speed for the eight fuels. 
The variation of inlet pressure is dictated by the constraint of constant brake load (in this 
case, a bmep of 325 kPa). Both the shape of these curves and their relative position can be 
related to the differences of the brake thermal efficiencies (shown below), heating value, 
fuel vapor density, displaced air by the fuel vapor, and other such features. As engine speed 
increases, the brake efficiency first increases (due to the decreasing relative heat transfer), 
reaches a maximum and then decreases (as mechanical friction becomes more important). 
The inlet pressure curve is the opposite of the efficiency curve which is a result of the 
constant load condition.

In Figure 14.3, the relative position of the various curves reflects the individual fuel and 
the associated incoming fuel energy. The incoming fuel energy is related to the fuel density 
(fuel molecular mass), the displaced air due to the fuel vapor volume, the heating value, and 
the brake efficiency. For example, hydrogen requires the highest inlet pressures due largely 
to its low molecular mass, and isooctane requires the lowest inlet pressure due largely to its 
high molecular mass. The other fuels are distributed between these two roughly in proportion 
to their molecular masses.
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Source: Caton 2010. Reproduced with permission from Elsevier



260� An Introduction to Thermodynamic Cycle Simulations for Internal Combustion Engines

Figure 14.4 shows the absolute heat transfer as functions of engine speed for the base 
case conditions for each of the eight fuels for a bmep of 325 kPa. The heat transfer has been 
normalized by the value of the heat transfer for isooctane at 2000 rpm. This was found to be 
a more concise way to illustrate the heat transfer results. Other ways include reporting the 
relative heat transfer, but this was found to be somewhat misleading since the fuel energy con-
sumed for each fuel was different. For example, carbon monoxide and hydrogen have lower 
relative heat transfer compared to the other fuels, but higher actual values (Figure 14.4). This 
was due to the higher fuel consumption for carbon monoxide and hydrogen.

The heat transfer decreases as the engine speed increases due largely to the decreasing 
available time for the heat transfer as engine speed increases. Carbon monoxide and hydrogen 
have the highest heat transfer, and methanol and ethanol have the lowest. These features will 
contribute to interpreting the following results.

Figure 14.5 shows the net indicated thermal efficiencies as functions of engine speed for the 
eight fuels for a bmep of 325 kPa. The indicated thermal efficiency increases as engine speed 
increases for all cases due largely to the decreasing importance of the heat transfer (Figure 14.4) 
for all fuels. The indicated thermal efficiencies for the alcohols are the highest, and for carbon 
monoxide and hydrogen are the lowest for these conditions. The relative order of the fuels with 
respect to the efficiencies is the net result of the pumping losses (Figure 14.3), heat transfer 
(Figure 14.4), thermodynamic properties (e.g., the ratio of specific heats) and fuel energy input 
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density. These various items are different for the various fuels, and no single explanation is 
adequate to explain all of the results. Some of these explanations are presented above regarding 
the base case. One of the major contributors, however, is the lower heat transfer associated with 
the alcohols and the higher heat transfer associated with carbon monoxide and hydrogen.

Figure 14.6 shows the brake thermal efficiency as functions of engine speed for the eight 
fuels for a bmep of 325 kPa. These values are lower compared to the net indicated thermal 
efficiencies due to the mechanical friction. The mechanical friction increases with increases 
of speed and this is what causes the decrease in the brake efficiencies for engine speeds above 
about 2000 rpm. For any engine speed, the fuels are ranked in the same order as discussed 
above for the net indicated thermal efficiencies.

Related to the above results, Figure 14.7 shows the enthalpy‐averaged exhaust gas tempera-
ture as functions of engine speed for eight fuels for a bmep of 325 kPa, an equivalence ratio of 
1.0, and MBT timing. The enthalpy‐averaged exhaust gas temperature is based on the energy 
of the flowing exhaust gases, and accounts for the exhaust gas temperatures, energy, and flow 
rates. The enthalpy‐averaged exhaust gas temperature relates to the energy of the exhaust 
better than a simple time‐average of the exhaust temperatures. For all fuels, as engine speed 
increases, the exhaust gas temperature increases. This is largely due to the decreasing relative 
heat transfer as engine speed increases. For the hydrocarbons and alcohols, the exhaust gas 
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temperatures range between about 1180 K and 1370 K for these conditions. The exhaust gas 
temperatures are higher for hydrogen and highest for carbon monoxide. These temperatures 
are consistent with the results in Figures 14.2–14.6.

Figure 14.8 shows the absolute heat transfer (normalized with heat transfer for isooctane 
with a bmep of 325 kPa) as functions of engine load (bmep) for the eight fuels for an engine 
speed of 2000 rpm, an equivalence ratio of 1.0, and MBT timing. For all fuels, the heat transfer 
increases with increases of load. The absolute magnitude of the heat transfer increases with 
load due mainly to the increasing gas temperatures; but, as a percentage of the fuel energy, 
the relative heat transfer decreases since the fuel input energy is increasing faster as load 
increases. Carbon monoxide and hydrogen resulted in the highest heat transfer, and methanol 
and ethanol the lowest heat transfer. These results are consistent with the temperatures asso-
ciated with each of the fuels.

Figures 14.9 and 14.10 show the net indicated and the brake thermal efficiencies, respec-
tively, as functions of engine load (bmep) for the eight fuels for 2000 rpm. In general, over the 
range of loads, the alcohols resulted in the highest efficiencies, and the four alkanes resulted 
in the next highest efficiencies. The lowest thermal efficiencies were for hydrogen and carbon 
monoxide. The four alkanes resulted in intermediate results. These efficiencies are consistent 
with the above explanations.
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Another feature illustrated in Figures 14.9 and 14.10 is the highest loads possible (shown 
with diamond shape symbols and labeled “WOT”) for each fuel with an inlet pressure of 
95 kPa. The use of isooctane results in the highest maximum load (maximum bmep of about 
886 kPa) for these conditions relative to the other fuels. The use of hydrogen, on the other 
hand, resulted in the lowest maximum load (maximum bmep of about 684 kPa) due to the 
higher volume of fuel vapor for stoichiometric operation. The higher volume of fuel vapor 
displaces air and reduces the fuel that can be oxidized. Finally, carbon monoxide also was 
limited in maximum output—about 707 kPa maximum bmep for these conditions.

Figure 14.11 shows the enthalpy‐averaged exhaust gas temperature as functions of engine 
load (bmep) for eight fuels for an engine speed of 2000 rpm, an equivalence ratio of 1.0, and 
MBT timing. In general, as load increases the exhaust gas temperatures increase for all fuels. 
This is consistent with the previous results and largely reflects the higher temperatures asso-
ciated with the higher loads.

The “order” of the fuels with respect to exhaust temperature level is roughly related to their 
individual heat transfer, gas temperature, and thermal efficiency values. For example, carbon 
monoxide and hydrogen have the highest exhaust gas temperatures, and they have the lowest 
thermal efficiencies, and the highest one‐zone peak gas temperatures. Carbon monoxide has 
the lowest relative heat transfer and highest total (air plus fuel) flow rate of all the fuels, and 
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these items contribute to the higher exhaust gas temperatures. Methane, on the other hand, has 
the lowest exhaust gas temperatures of all the fuels. This is largely a result of the mid‐level 
thermal efficiency and a mid‐level relative heat transfer for methane compared to the other 
fuels. The other fuels are closely grouped in terms of their exhaust gas temperature, and the 
differences between these fuels is largely related to the fuels' thermal efficiencies, heat transfer 
and gas temperatures. For example, methanol and ethanol have the highest heat transfer levels 
of all the fuels which contribute to their lower exhaust gas temperatures.

14.4.4  Second Law Results

As shown above, the combustion process is responsible for the majority of the exergy destruc-
tion during engine operation. Exergy destruction during the combustion process is the result 
of a number of irreversible molecular processes. These include the mixing of reactant species, 
chemical reactions, heat transfer among the molecules at different temperatures, and mixing 
of product species. Of these, heat transfer among the molecules is expected to be one of the 
largest contributors to the exergy destruction. Other items that are important are the number of 
moles produced during the reaction.

Figure 14.12 shows the percentage of the fuel exergy destroyed during the combustion pro-
cess for the eight fuels for a bmep of 325 kPa, an equivalence ratio of 1.0, and 2000 rpm. The 
four normal alkanes are shown in the right portion of the figure and hydrogen, carbon mon-
oxide, and the two alcohols are shown in the left portion of the figure. The exergy destruction 
percentage increases slightly as the n‐alkanes increase in size (more carbon; more hydrogen). 
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The alcohol fuels result in slightly lower exergy destruction. This appears to be related to the 
oxygen atom contained in both molecules.

Hydrogen has the lowest destruction for the traditional fuels, and this appears to be due to 
the fact that it is the simplest molecule (in addition, hydrogen combustion is at higher temper-
atures which is discussed below). Finally, carbon monoxide has the lowest destruction for all 
fuels. Not only is carbon monoxide a simple molecule, but it also contains an oxygen atom. 
In addition, carbon monoxide and hydrogen possess the characteristic that the total number of 
moles is reduced during the reaction (which is not true of the other fuels). The decrease of the 
number of moles helps in mitigating the increase of entropy.

For completeness, Figure 14.13 shows results similar to Figure 14.12, but for WOT con-
ditions. The values for the exergy destruction during combustion are similar to the values for 
the part load case.

The exergy destruction is expected to correlate with the gas temperatures. As shown else-
where [12], the exergy destruction during combustion for a range of engine operating and 
design parameters correlated best with the burned gas temperature. Figure 14.14 shows the 
exergy destruction as functions of the maximum burned zone gas temperature. As shown, for 
higher temperatures during the combustion process, the exergy destruction decreases. The 
temperature differences for all the fuels except carbon monoxide and hydrogen are within 
about ±1% for this correlation. Due to the relatively small temperature differences for the 
various fuels, the exergy destruction during the combustion process does not have a high cor-
relation with temperature for these conditions. The effects of temperature during combustion 
are still important, but the fuel molecular characteristics appear to also play an important role.
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14.5  Summary and Conclusions

A thermodynamic engine cycle simulation was used to examine the performance of eight fuels 
used in a spark‐ignition engine. The fuels examined were methane, propane, hexane, isooc-
tane, methanol, ethanol, carbon monoxide, and hydrogen. The fuels were examined as vapor, 
and no energy for vaporization was included in this assessment. The base case was a part load 
condition which included a bmep of 325 kPa at 2000 rpm. Inlet pressure was adjusted to attain 
the same load. This resulted in slightly lower pumping losses for fuels such as hydrogen and 
carbon monoxide. Even so, engine performance was similar for the eight fuels for the condi-
tions examined.

The greatest differences were for the values of the exergy destruction during the combustion 
process for the various fuels. For the conditions examined, carbon monoxide had the lowest 
destruction (about 8% of the fuel exergy) while isooctane had the highest value (about 21% 
of the fuel exergy). The other fuels had exergy destruction values in between these two values 
and the actual amount of exergy destruction seems to correlate best with the burned gas tem-
perature, the complexity of the fuel molecule, and the presence (or absence) of oxygen atoms.
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Appendix 14.A: Energy and Exergy Distributions for the Eight Fuels 
at the Base Case Conditions (bmep = 325 kPa, 2000 rpm, ϕ = 1.0 and 
MBT timing)

Figure 14.A.1  Results for methanol2. Source: Caton 2010. Reproduced with permission from ASME
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Figure 14.A.2  Results for ethanol. Source: Caton 2010. Reproduced with permission from ASME
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Figure 14.A.3  Results for methane. Source: Caton 2010. Reproduced with permission from ASME
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Figure 14.A.4  Results for propane. Source: Caton 2010. Reproduced with permission from ASME
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Figure 14.A.5  Results for hexane. Source: Caton 2010. Reproduced with permission from ASME
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Figure 14.A.6  Results for isooctane. Source: Caton 2010. Reproduced with permission from ASME
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Figure 14.A.7  Results for hydrogen. Source: Caton 2010. Reproduced with permission from ASME
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Figure 14.A.8  Results for carbon monoxide. Source: Caton 2010. Reproduced with permission 
from ASME
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15
Oxygen‐Enriched Air

15.1  Introduction

The results presented throughout this book have been for engine operation using “normal” air 
with an oxygen concentration of 21%1 (by volume). The current chapter is aimed at extending 
the results to include inlet air with greater amounts of oxygen.

Some of the motivations for developing engines to operate with oxygen‐enriched air include 
increasing the power density, reducing CO and HC emissions, improving cold start emis-
sions, reducing cyclic variations, and extending the lean limits. In addition, for potential future 
engines operating on hydrogen, oxygen may be a by‐product of the hydrogen production. 
This oxygen may then be available at relatively low cost. The expected disadvantages include 
increased nitric oxide emissions, increased tendencies to knock, and the lack of practical and 
economical systems to provide the oxygen‐enriched air.

This study is an examination of the effects of oxygen enrichment of the inlet air on engine 
performance and nitric oxide emissions for a spark‐ignition engine. Oxygen‐enriched inlet 
air is expected to affect the combustion process, and thus result in changes in engine perfor-
mance. The objective of this work is to quantify these expectations for a range of operating 
conditions.

Another related topic is the effect of oxygen enrichment on the destruction of exergy during 
combustion. This topic is included in a related technical paper [1].

The following sections of this chapter include a summary of previous literature, a sum-
mary of the engines and operating conditions for the current study, and a presentation of the 
results. The results will include overall and detail engine and thermodynamic parameters, and 
results for nitric oxide production. Finally, this chapter will end with a brief summary and 
conclusions.

1 The calculations used an oxygen concentration of 20.95% for normal air; however, for simplicity, the text uses the 
number 21%.
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15.2  Previous Literature

This section will provide a brief summary of the background information concerning the use 
of oxygen‐enriched combustion air in spark‐ignition engines. The following citations, then, 
are examples of the literature on this topic, but are not intended to be comprehensive. Consid-
erable work also has been completed on oxygen‐enriched air for compression‐ignition (diesel) 
engines, but these references are not reviewed here.

Engine operation using oxygen‐enriched inlet air was reported as early as 1946. Hawthorne 
[2] (1946) described the use of oxygen‐enriched air to increase the performance of aircraft 
engines. In the current era, Wartinbee [3] (1971) described an experiment using oxygen‐
enriched air to investigate the potential of reducing emissions. Although he reported reduced 
carbon monoxide and hydrocarbon emissions, he also noted increases in nitric oxide emissions.

Quader [4] (1978) published a paper on the results of experiments using a single‐cylinder, 
spark‐ignition engine operating with oxygen‐enriched inlet air. He used oxygen from a high 
pressure cylinder to produce inlet air with up to 32% oxygen. The engine was operated at 1200 
rpm with a 6.8:1 compression ratio and at MBT spark timing for a range of equivalence ratios. 
He found a significant increase in nitric oxide emissions as oxygen concentration increased 
particularly for lean mixtures. Hydrocarbon emissions decreased with increasing oxygen con-
centrations, and the lean limit was lower for increases in oxygen enrichment. Quader noted 
that the combustion period (from ignition to end of combustion) decreased for increases in 
oxygen enrichment for all equivalence ratios. The indicated thermal efficiency and the volu-
metric efficiency decreased as oxygen enrichment increased for all equivalence ratios.

Quader [4] (1978) stated that many interacting factors were responsible for the above obser-
vations. The use of oxygen enrichment causes higher combustion temperatures and flame 
propagation velocities. These items, in turn, cause shorter burn durations. The higher combus-
tion temperatures may result in more heat transfer to the coolant and the earlier combustion 
may result in longer times for heat transfer (due to higher gas temperatures earlier in the 
expansion stroke). Another effect may be the reduction of the ratio of heat capacities for the 
product gases which causes a reduction in the thermal efficiency.

Detuncq et al. [5] (1988) reported on an experimental study of the use of oxygen‐enriched 
air for a single cylinder, natural gas fueled, spark‐ignition engine. A major motivation of this 
work was related to the observation that natural gas fueled engines typically have lower spe-
cific power output compared to liquid‐fueled engines. The use of oxygen‐enriched air was 
anticipated to improve the specific power output of natural gas fueled engines. They examined 
air mixtures with up to 28% oxygen by volume. Relative to the conventional gasoline engine, 
the use of oxygen‐enriched inlet air resulted in higher specific power, higher rates of pressure 
rise, higher exhaust temperatures, higher energy losses to the cooling water, and lower thermal 
efficiencies.

Kajitani et al. [6] (1992) examined modest levels of oxygen enrichment (up to 23% oxygen 
by volume) on engine performance and in‐cylinder reactions. They used two different single‐
cylinder, spark‐ignition engines in two laboratories for different aspects of the study. In con-
trast to Quader (1978), they found an increase in the brake thermal efficiency as the oxygen 
enrichment increased for fixed spark timing. Also, the brake mean effective pressure increased 
for increases in the oxygen enrichment for any fixed spark timing. The exhaust gas temper-
ature increased slightly for increases in the oxygen enrichment for any fixed spark timing. 
They also found that the combustion duration decreased and the cyclic variation reduced for 
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increases in the oxygen enrichment. Kajitani et al. [7] (1993) reported on an extension of the 
above work to include studies at part load operation and during the warm‐up period.

Ng et al. [8] (1993) presented results for a vehicle using a 3.1 liter V–6, spark‐ignition 
engine. The engine was a variable fuel version (VFV), and was tested with inlet air with up 
to 30% (by volume) oxygen. They noted that for oxygen enrichment above 30%, the engine 
would knock. The vehicle was mounted on a chassis dynamometer and was tested over the 
FTP emissions cycle. They found reductions of carbon monoxide and hydrocarbon emissions 
particularly for the cold phase of the FTP as oxygen enrichment increased. On the other hand, 
they noted increases in nitric oxide emissions as oxygen enrichment increased.

Maxwell et al. [9] (1993) reported on the performance and emissions at wide‐open throttle 
for a single‐cylinder, spark‐ignition engine for oxygen‐enriched inlet air with oxygen concen-
tration up to 25%. They used both gasoline and natural gas. They found significant increases 
in power output, efficiency, and exhaust gas temperatures; and substantial reductions of hydro-
carbons and carbon monoxide emissions for either fuel.

Poola et al. [10,11] (1995, 1996) published two papers describing their work using a spark‐
ignition engine equipped vehicle. They reported both engine out and converter out emissions 
from the federal test procedure (FTP). They used oxygen‐enriched air with up to 25% oxy-
gen concentration. They found carbon monoxide and hydrocarbon decreases of up to 50% 
using the oxygen‐enriched air compared to using normal air. The corresponding nitric oxide 
emissions, however, were up to 79% higher. Time‐resolved results indicated that most of the 
hydrocarbon and carbon monoxide reductions came during the cold‐start portion of the cycle.

As the above indicates, considerable interest exists concerning the use of oxygen‐enriched 
inlet air for internal combustion engines. A majority of this previous work has been experi-
mental. In contrast to experimental work, new and unique insights on the use of enriched inlet 
air are possible by the use of engine cycle simulations.

15.3  Engine and Operating Conditions

As with most of the work reported in this book, the base engine for this study was the 5.7 
liter, V–8 engine. As described below, additional engines were used in this study. In brief, for 
oxygen‐enriched inlet air, engines with smaller displacements could be used and still generate 
the same power. The operating conditions examined include wide‐open throttle with an inlet 
pressure of 95 kPa. The equivalence ratio was stoichiometric, the compression ratio was 8.1, 
the combustion duration was 50°CA, and the heat transfer correlation was from Woschni [12] 
with an htm of 1.33. Other details may be found in Reference 13.

15.4  Results and Discussion2

Results from this study are presented in five sections. First, the strategy used in this study is 
described. Then, examples of the thermodynamic properties for different levels of oxygen‐
enriched air are provided. This is followed by results for the base case conditions. Finally, the 
last two sections present engine performance and nitric oxide emissions as functions of engine 
parameters for a range of oxygen‐enriched inlet air.

2 Another version of the material in this chapter is available in Reference 13.
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15.4.1  Strategy for This Study

A comparison of engine operation using oxygen‐enriched inlet air may be conducted in a 
number of ways. Most experimental studies have reported engine performance as functions of 
the inlet oxygen concentration using one engine with a constant displaced cylinder volume. 
For different levels of inlet oxygen concentration, this results in different power outputs for 
the different oxygen concentrations (all else constant). Another approach is to compare the 
operation with different sized engines. For this approach, for each inlet air oxygen concen-
tration, the engine size (displaced volume) is adjusted so that power output remains constant. 
This latter approach provides the capability to examine the fundamental differences due to the 
thermodynamics without the complication of different power outputs. From a practical point 
of view, this type of comparison provides insight into the potential “downsizing” of engines 
operating with oxygen enriched inlet air.

Knock has not been considered in the following study. For the conditions examined, “end 
gases” may be at higher temperatures and pressures for some oxygen concentrations. This, 
therefore, would tend to enhance the occurrence of knock. Higher octane fuels or the use of 
anti‐knock fuel additives could be used to avoid knock for these conditions. In any case, the 
detail consideration of knock was beyond the scope of this study.

Also, note that the mechanical friction mean effective pressure has not been varied as a 
function of engine displacement. In general, as engine size decreases, the relative importance 
of friction increases. For the relatively modest engine size change proposed in this study and 
due to the relatively large variation of friction correlations, the friction mean effective pressure 
was assumed to remain unchanged. This assumption could easily be removed, but this would 
not change the general nature of the results of this study.

15.4.2  Basic Thermodynamic Properties

The use of inlet air with oxygen enrichment alters several aspects of the thermodynamics 
compared to the use of traditional air. These aspects include the increased oxygen concentra-
tion in the inlet air, the different equilibrium species concentrations in the product gases, and 
the different thermodynamic properties in both the reactant and product gas mixtures. One 
consequence of these differences in properties is reflected in different gas temperatures. These 
results for the thermodynamic properties (and for the results from the engine computations) 
are for isooctane and “air” mixtures.

The oxygen concentration in the reactant mixture increases as the oxygen concentration 
in the inlet “air” increases. Figure 15.1 shows the equilibrium oxygen concentrations (with a 
log scale) in the product gases as functions of the equivalence ratio for normal air (with 21% 
oxygen) and air enriched to 42% oxygen. These results are for typical combustion gases at 
2750 K and 3000 kPa. As expected, the product oxygen concentration is higher for the 42% 
oxygen inlet air for all equivalence ratios. In addition, the oxygen concentration in the product 
mixture decreases rapidly as equivalence ratio increases. For the rich equivalence ratios, the 
difference is modest.

Figure 15.2 shows the mixture enthalpy values for the reactant and product gases as func-
tions of temperature for both normal air (with 21% oxygen) and oxygen‐enriched air with 
42% oxygen for an equivalence ratio of 1.0 and for 3000 kPa. On this scale, the enthalpy 
values for the reactant mixtures are similar with the case of the oxygen‐enriched air having 
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slightly lower enthalpy values for temperatures below about 1300 K, and slightly higher for 
temperatures above about 1300 K. The enthalpy values for the products are markedly different 
with the case of the oxygen‐enriched air possessing much lower enthalpy values. This is due 
to the greater relative importance of species such as CO2 and H2O as the nitrogen component 
decreases.

15.4.3  Base Engine Performance

The base engine selected for this study is the standard automotive 5.7 dm3, V–8, spark‐ignition 
engine. A wide‐open throttle (WOT) operating condition at 2500 rpm was selected for the 
base operating case. A wide‐open throttle operating condition was considered relevant since a 
portion of the current study involved selecting the engine size (displaced volume), and this is 
largely dictated by WOT performance.

With the above input parameters, the simulation was used for the case of normal (21% oxy-
gen) and oxygen‐enriched inlet air (32%) for the base case condition: 2500 rpm and 95.0 kPa 
(inlet pressure). Table 15.1 lists some of the engine parameters and some of the major output 
parameters for these two cases. For normal air (21% oxygen), the brake power output was 
110 kW. For the case of 32% oxygen, to obtain 110 kW, the engine displacement could be 
decreased to 4.18 dm3 liter. Further details about the engine scaling are presented below.

The two engines have different mean effective pressures due to the different displaced vol-
umes with the smaller engine (higher oxygen concentration) having the greater mean effective 
pressures. The specific fuel consumption is higher (and the thermal efficiency is lower) for the 
smaller engine, and this is largely due to the higher heat loss and higher exhaust temperature 
of the smaller engine. This higher heat loss of the small engine is due to the higher gas temper-
atures which are a result of the higher oxygen concentration (less nitrogen dilution).

Table 15.1 also lists the distribution of the energy values for the two engine cases. This 
distribution is another way to examine the differences between the two cases, and these results 
are consistent with those described above. The exhaust gas and heat loss energies are higher 
and the brake work energy is lower for the smaller (higher oxygen concentration) engine com-
pared to the larger engine (normal air). These results are more fully explained below.

Detailed thermodynamic results from the cycle simulation are presented next. Figure 15.3 
shows the cylinder pressure and average (one‐zone) gas temperature as functions of crank 
angle for the base case operating conditions for inlet air with 21% (solid lines) and 40% 
(dashed lines) oxygen concentrations. The higher oxygen concentration of 40% was selected 
to emphasize the differences (and may not be a practical oxygen level). The engine size for this 
higher oxygen concentration was 3.65 dm3 to obtain the same power output of 110 kW. The 
cylinder pressures and gas temperatures have a similar change with respect to crank angle, but 
are proportionally higher for the higher oxygen concentration (smaller engine). The case with 
the higher oxygen concentration (lower nitrogen dilution) results in higher average (one‐zone) 
temperatures and higher cylinder pressures.

Figure 15.4 shows the average (one‐zone) temperatures as functions of crank angle for nor-
mal air (21% oxygen) and for four levels of oxygen‐enriched inlet air. The gas temperatures 
proportionally increase as the oxygen concentration of the inlet air increase. This is largely a 
result of the reduced level of diluents (i.e., nitrogen molecules) for the higher oxygen inlet air 
concentrations, and the resulting higher combustion temperatures.
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Table 15.1  Comparison of performance results for the same power and combustion duration

Item 32% oxygen (4.18 dm3) 21% oxygen (5.73 dm3)

Inputs:

pinlet (kPa) – 95.0 – 95.0

Equivalence ratio – 1.0 – 1.0

Spark timing – MBT – MBT

Combustion start – −22.0 – −20.0

Comb duration – 50° – 50°

Heat transfer – Woschni – Woschni

htm – 1.33 – 1.33

fmep (kPa) – 98.0 – 98.0

Results:

Indicateda Brake Indicateda Brake

mep (kPa) 1353 1255 1017 920

sfc (g/kW hr) 250.3 269.7 219.4 242.6

η (%) 32.4 30.1 37.0 33.4

Torque (N·m) 449.9 417.5 464.2 419.8

Power (kW) 117.8 109.3 121.6 109.9

max one‐zone temp – 2963 – 2554

max Tb (K) – 3075 – 2685

CA of max Tb – 9.2 – 10.5

ppeak (kPa) – 5686 – 4525

CA of ppeak – 13.2 – 15.0

m· fuel(g/s) – 8.19 – 7.41

m· air(g/s) – 82.3 – 112.0

Texh (K) – 1741 – 1312

Residual fraction – 0.043 – 0.053

Energy dist:

Brake work (%) – 30.07 – 33.42

Friction (%) – 2.33 – 3.53

Heat loss (%) – 21.02 – 19.04

Exhaust (%) – 45.91 – 43.28

Unused (%) – 0.67 – 0.67

Total (%) – 100.0 – 100.0

aNet indicated is for all four strokes.
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Figure 15.5 shows the mass flow rates through the engine for the base case operating con-
ditions for inlet air with 21% and 40% oxygen concentrations. The case for the higher oxygen 
concentration requires lower mass flow rates to obtain the same power output of 110 kW. 
Again, these reduced flow rates for the higher oxygen inlet air are largely due to the reduced 
level of diluents.

15.4.4  Parametric Engine Performance

Next, the engine performance will be described for different levels of oxygen enrichment for 
the same power output. As described above, this is a unique comparison that was first reported 
in the literature in 2005 [13]. Again, as the oxygen concentration increases, the engine dis-
placement must be reduced to obtain the same power level (all else the same). Figure 15.6 
shows the engine displacement and a scaling factor as functions of oxygen concentrations in 
the inlet air from 21% to 40%. The scaling factor was used to reduce all the geometric dimen-
sions (bore, stroke, valve diameters, …) in a uniform fashion. For example, the base engine 
has a 5.73 dm3 displacement and represents a scaling factor of 1.0. As oxygen concentration 
increases, the scaling factor and displaced volume decreased to maintain the 110 kW power 
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output. As oxygen concentration increased from 21% to 40%, the scaling factor decreased 
from 1.0 to about 0.86 and the displaced volume decreased from 5.73 dm3 to about 3.65 dm3.

Figure 15.7 shows the brake mean effective pressure (bmep) as functions of the oxygen 
concentration in the inlet air for three spark timings: MBT timing, 10°CA advanced timing, 
and 10°CA retarded timing. Also shown is the scale factor used for each oxygen concentra-
tion. The brake mean effective pressure increases with oxygen concentration which reflects 
the decreasing diluents present. For this range of oxygen concentration change, the bmep 
increased about 58%. For non‐MBT spark timing (both the advanced and the retarded timing 
cases), the bmep decreases.

Figure 15.8 shows the brake thermal efficiency as functions of oxygen concentration in the 
inlet air for three spark timings: MBT timing, 10°CA advanced timing, and 10°CA retarded 
timing. The thermal efficiency decreases with increasing oxygen concentration for all timings. 
For the 10°CA of advance or retarded timing, the efficiency is reduced by about 4% (a factor 
of 0.96). The reasons of the decrease of efficiency with increasing oxygen concentration are 
examined in the following.

Figure 15.9 shows the specific brake power (kW/dm3) and brake thermal efficiency as func-
tions of oxygen concentration in the inlet air for MBT spark timing for the base case oper-
ating conditions. The specific brake power increases as the oxygen concentration in the inlet 
air increases even though the brake thermal efficiency decreases. The specific brake power 
increases about 58% as the oxygen concentration increases from 21% to 40%. This result 
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reflects the net gain of specific power with the use of oxygen‐enriched inlet air. Although the 
higher oxygen concentrations reduce the thermal efficiency, the gains from the reduced dilu-
ents (reduced nitrogen concentration) dominate for the conditions examined.

The next several figures illustrate the results that help explain the reduction in the thermal 
efficiency with increasing oxygen concentration in the inlet air. Figure 15.10 shows the heat 
loss as a percentage of the fuel energy (relative heat transfer) as functions of the oxygen 
concentration of the inlet air for the three spark timings. The relative heat transfer increases 
slightly as the oxygen concentration increases due largely to the higher gas temperatures. 
For the MBT timing case, the increase is about 7.2% for the range of oxygen concentration 
examined. This effect is most obvious for the initial increases of oxygen concentration. For 
oxygen concentrations above about 35%, this effect is much less. For cases with retarded and 
advanced timing, the relative heat transfer is lower and higher, respectively. For the retarded 
timing, the peak cylinder pressures and temperatures are lower which results in lower rela-
tive heat transfer. For the advanced timing, the peak cylinder pressures and temperatures are 
higher, resulting in higher relative heat transfer.

Figure 15.11 shows the exhaust gas temperature as functions of the oxygen concentration 
in the inlet air for three spark timings. The exhaust gas temperature increases almost linearly 
with increases in the oxygen concentration for all three timings. The exhaust gas temperature 
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Figure 15.10  Heat loss as a 
percentage of the fuel energy as 
functions of oxygen concentration 
in the inlet air for three spark 
timings for the base case. Source: 
Caton 2005. Reproduced with 
permission from ASME
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is highest for the retarded timing since combustion is completed later in the cycle and there 
is less time for heat transfer. For the opposite reason (early combustion and more time), the 
advanced timing case has the lowest exhaust gas temperatures.

Figure 15.12 shows the exhaust gas energy as a percentage of the fuel energy as functions 
of the oxygen concentration of the inlet air for three spark timings. The exhaust gas energy 
increases roughly in a linear fashion with respect to the oxygen concentration. For the MBT 
spark timing case, the exhaust gas energy increases by about a factor of 1.13 for the range of 
oxygen examined. The cases for retarded timing have the highest exhaust gas energy and the 
cases for the advanced timing have the lowest exhaust gas energy. These results are consistent 
with the exhaust gas temperatures shown in Figure 15.11.

Figure 15.13 shows the brake thermal efficiency as functions of the oxygen concentration 
in the inlet air for three different burn durations. The burn duration is expected to change with 
increasing amounts of oxygen concentration, but only a limited amount of information is 
available. As the burn duration decreases, the efficiency increases but at diminishing amounts. 
For burn durations less than about 30°CA, the gains in efficiency are negligible.

In summary, the decrease of thermal efficiency as the inlet air oxygen concentrations 
increases is largely due to the increase of the heat transfer due to the higher combustion 
and expansion gas temperatures. Although not shown here (but covered in a subsequent case 
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study), another key reason for the decrease of thermal efficiencies is the decrease of the ratio 
of specific heats (due to the higher temperatures) for the cases with the higher inlet oxygen 
concentration. The lower value of the ratio of specific heats results in less effective conversion 
of thermal energy into work.

15.4.5  Nitric Oxide Emissions

A subsequent case study (Chapter 17) in this book describes the methodology for the com-
putation of the nitric oxide concentrations. These calculations are based on the extended 
Zeldovich mechanism using the kinetics recommended by Dean and Bozzelli [14]. Figures 
15.14 and 15.15 show the instantaneous nitric oxide concentrations as functions of crank 
angle for three spark timings for the base case conditions for 21% and 25% oxygen in the 
inlet air, respectively. The nitric oxide formation rate is greatest for the advanced spark tim-
ings and for the higher oxygen concentration levels. The nitric oxide forms rapidly, reaches a 
maximum, and then decreases during the latter portions of the expansion stroke. The decrease 
varies in magnitude depending on the specific conditions. For the 21% oxygen case, the nitric 
oxide decreasing process is complete before 90°aTDC. For the 25% oxygen case, the nitric 
oxide decreasing process continues up to the exhaust valve open time. For higher oxygen 
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concentrations, this decreasing process had not ended when the exhaust valve was opened. 
For simplicity, these cases have not been examined at this time. The process once the exhaust 
valve opens would be different than simple closed system expansion.

Figure 15.16 shows the specific nitric oxide emission as functions of oxygen concentra-
tion for three spark timings. In general, as the oxygen concentration increase the nitric oxide 
emission increases. For the MBT spark timing case, the nitric oxide emissions increase by 
about 11% as the oxygen concentration increases from 21% to 25%. These increases are due 
largely to the higher gas temperatures and to a lesser degree due to the higher oxygen con-
centrations as the oxygen concentration of the inlet air is increased. The change of the nitric 
oxide emission as oxygen concentration increases is different for the three spark timings. This 
is explained by examining the results presented in Figures 15.14 and 15.15. The nitric oxide 
emissions are suppressed more at the advanced and MBT spark timings than at the retarded 
spark timing. This is a result of the trade‐off between the temperatures and time available as 
shown in Figures 15.14 and 15.15.

15.5  Summary and Conclusions

This study has examined the effects of oxygen‐enriched inlet air on the performance and emis-
sions of a spark‐ignition engine using a thermodynamic engine cycle simulation. One unique 
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feature of these computations is that the comparisons were completed for the same power 
output by allowing engine size (volume displacement) to change with oxygen concentration.

The overall objective of this study was to quantify the effects of higher oxygen concen-
trations on engine performance and nitric oxide emissions. Such results are useful for better 
evaluating the advantages and disadvantages of this concept. Results from this study have 
indicated the following:

●● Thermodynamic properties are a function of the oxygen concentration of the inlet air. Prop-
erties for the reactant and product mixtures are affected.

●● In general, as the oxygen concentration of the inlet air increases, the cylinder gas pressure 
and temperature increases.

●● For the same power output, as the oxygen concentration of the inlet air increases, the 
displaced volume (engine size) decreases. In other words, the specific power (kW/dm3) 
increases. For an increase of oxygen concentration from 21% to 40%, the specific power 
increases about 58%.

●● For the same power output, as the oxygen concentration of the inlet air increases, the ther-
mal efficiency decreases due to greater heat losses and lower values for the ratio of specific 
heats.

●● For the same power output, as the oxygen concentration of the inlet air increases, the nitric 
oxide emissions increase. For an increase in the oxygen concentration from 21% to 25%, 
the specific nitric oxide emissions increased about 11%.
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16
Overexpanded Engine

16.1  Introduction

For conventional reciprocating engines, the compression and expansion strokes are equal. 
The gases at the end of a conventional expansion process, however, may possess the potential 
to produce more work if allowed to expand to a greater volume. By the use of special link-
ages, the expansion ratio could be greater than the compression ratio and thereby provides 
the potential for greater overall thermodynamic gains. This concept, originally patented [1] in 
1887 by James Atkinson, a British engineer, is known as the Atkinson cycle or (in a generic 
sense) an overexpanded cycle.

Another concept that is closely related is often called the Miller cycle [2], and involves 
using either early or late intake valve closing to reduce the effective compression ratio relative 
to the expansion ratio. This concept has been relatively successful and exists in a number of 
commercial engines (e.g., Reference 3). Although the Atkinson and Miller cycles are related, 
they possess unique features. For example, the Miller cycle with late intake valve closing will 
move gases into the intake system during the initial period of the compression stroke. Also, 
some studies have shown that certain timings of the intake valve closing cause poor combus-
tion [4]. The Atkinson cycle, on the other hand, can implement optimized valve events inde-
pendent of the compression and expansion strokes. The Atkinson cycle, however, will require 
a more complex mechanism and incur additional frictional losses.

Previous studies of the Atkinson and Miller cycles are numerous (e.g., References 5–8). 
Most of these studies are based on the Miller cycle; only a few are based on mechanical 
features which provide a longer expansion stroke relative to the compression stroke (e.g., 
Reference 9).

The purpose of this case study is to quantify the effects of expansion ratio on engine perfor-
mance. In particular, engine configurations with a wide range of expansion ratios for a fixed 
compression ratio will be examined. Additional information on this topic may be found in 
Reference 10.
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16.2  Engine, Constraints, and Approach1

16.2.1  Engine and Operating Conditions

The selected engine for this study was the automotive, 5.7 liter V–8 configuration operating 
at 1400 rpm. The operating conditions included a part load case (bmep = 325 kPa) and a 
wide‐open throttle (WOT) case using the Woschni [11] heat transfer correlation with an htm 
of 1.33.

16.2.2  Constraints

As with the majority of the other case studies, the combustion process was considered suc-
cessful for all conditions. In addition, mechanical friction was based on conventional engines 
(further comments on friction are described in Section 16.3.2). Due to these assumptions and 
approximations, the following results may be slightly optimistic.

16.2.3  Approach

In all the other parts of this book, a conventional engine was examined which had the 
same compression ratio and expansion ratio. Since a greater expansion ratio is expected 
to be important in terms of thermodynamic work production, the Atkinson cycle was 
examined. To study the Atkinson cycle, a number of approaches may be considered. The 
current study adopted an approach which was based on the following set of assumptions 
and approximations:

●● The piston motion will be assumed to be approximated by two superimposed motions based 
on the classic “slider‐crank” mechanism.

●● The clearance volume will be based on the compression ratio (CR) and the stroke dimension 
(Scomp) of the standard engine.

●● By selecting an expansion ratio (ER) and using the clearance volume from above, the 
expansion stroke (Sexp) can be determined.

●● The transition between the compression and expansion strokes will be at 0.0°CA (TDC 
during combustion) and 360°aTDC.

●● The engine mechanical friction will be based on the standard engine using the com-
pression ratio. The slight increase of friction due to the longer expansion stroke will be 
neglected. (The effects of other friction assumptions are considered at the end of the 
results section.)

●● The engine performance parameters (such as bmep) will be based on the standard engine 
configuration using the compression stroke to determine the displaced volume.

●● As mentioned above, items such as knock, preignition, roughness, and cyclic variability are 
ignored for this study.

1 A version of the material in this chapter is available in Reference 10.
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First, some of the required variables will be defined. The compression ratio follows the 
normal definition

CR
V

V
comp

cl

= (16.1)

where Vcomp is the total cylinder volume based on the compression stroke length (Scomp) and 
Vcl is the clearance volume. The expansion ratio is

ER
V

V
exp

cl

= (16.2)

where Vexp is the total cylinder volume based on the expansion stroke length (Sexp). The “dis-
placed” volumes are

V
B

Sdisp compression comp, = π 2

4
(16.3)

V
B

Sdisp expansion expansion, = π 2

4
(16.4)

A multiplier factor for the expansion stroke relative to the compression stroke may also be 
defined

S

S

ER

CR
exp

comp

Stroke Multiplier= = (16.5)

For example, if an expansion ratio of 15 is desired and the compression ratio is 10, then 
the expansion stroke must be increased by a factor of 1.5 relative to the compression stroke.

16.3  Results and Discussion

16.3.1  Part Load

The first set of results is for the part load operating condition with a bmep of 325 kPa and at 
1400 rpm. The first example of results for the Atkinson cycle is based on a compression ratio 
of 15 and an expansion ratio of 20. Figure 16.1 shows the instantaneous cylinder volume as a 
function of crank angle for this configuration, and for reference, also shows the cylinder vol-
ume for the conventional case where the compression ratio and expansion ratio are the same 
(and equal to 15). To the right of the figure is a schematic of the cylinder arrangement with 
the two stroke dimensions indicated. The cylinder volume decreases during the compression 
stroke from intake valve close (IVC) to TDC (0.0°CA), then increases to a maximum volume 
during the expansion stroke from TDC to 180°aTDC. Although two expressions were used for 
the volume computation, the transition appears smooth on this scale.

Figure 16.2 shows the related change of volume as functions of crank angle for the above 
case for a compression ratio of 15 and an expansion ratio of 20. Again, for reference, the 
change of volume is also shown for the conventional case where the compression ratio and 
expansion ratio are the same (and equal to 15). Also again, the transition between the two 
expressions appears smooth. For other cases with greater differences between the compres-
sion ratio and expansion ratio (say, CR = 6 and ER = 30), the transitions were not as smooth.
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Figure 16.2  Rate of change of 
volume as functions of crank angle 
for a compression ratio of 15 and for 
expansion ratios of 15 (dashed lines) 
and 20 (solid lines). Source: Caton 
2007. Reproduced with permission 
from ASME
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Figure 16.3 shows the computed brake thermal efficiency as functions of expansion ratio 
for three compression ratios (6, 10, and 15) for the base case part load engine conditions. 
For these computations, the bmep was constant (= 325 kPa)—so as the brake efficiency 
increased, the inlet pressure was reduced. For each compression ratio case, as the expan-
sion ratio increases the thermal efficiency first increases, reaches a maximum, and then 
decreases. The expansion ratio for the highest efficiency appears to be equal to about the 
compression ratio plus three. The use of this expansion ratio provides an absolute thermal 
efficiency increase of about 1% (e.g., from 24% to 25%). These results are examined more 
fully in the following.

First, the case with a compression ratio of 15 and an expansion ratio of 20 will be examined. 
This case represents the highest efficiencies of the cases examined. Figure 16.4 shows the 
log of the cylinder pressure as functions of the log of the cylinder volume. The conventional 
case (dashed lines) with CR = ER = 15 is compared with the case with an expansion ratio of 
20 (solid lines). The longer expansion stroke results in a maximum cylinder volume of about 
0.973 dm3, while the conventional case has a maximum cylinder volume of 0.717 dm3. The 
inlet pressure is slightly lower for the overexpanded case, and this results in generally lower 
pressures throughout most of the cycle.

Figure 16.3  Brake thermal efficiency as functions of the expansion ratio for the base case for three 
compression ratios. Source: Caton 2007. Reproduced with permission from ASME
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Figure 16.5 shows the log of the one‐zone, cylinder gas temperature as functions of the 
log of the cylinder volume for the base case conditions for a compression ratio of 15 and an 
expansion ratio of 20 (solid lines), and for the conventional case (CR = ER = 15; dashed lines). 
Denoted in this figure by circles are the various events (such as EVO, EVC, …). Starting with 
the intake valve closing (IVC), the temperature increases during the compression stroke and 
during the combustion process. After the majority of the expansion stroke, the exhaust valve 
opens (EVO) at 116°aTDC, and after BDC, the temperature decreases during the exhaust 
stroke. The two cases have similar temperatures, but the overexpanded case has slightly higher 
temperatures for most of the cycle.

Figure 16.6 shows the intake and exhaust flow rates as functions of crank angle for the two 
cases. The most significant difference is the lower flow rates during the blow‐down portion of 
the exhaust flow for the overexpanded case. This is because of the greater expansion which 
results in a lower cylinder pressure at the time of exhaust valve opening. This is compensated 
by the greater flow rates during the exhaust displacement phase of the exhaust process. The 
effect of the exhaust valve open time is examined below.

The next items to discuss are the results in Figure 16.3 which indicated that for each compres-
sion ratio a specific expansion ratio provided the maximum efficiency. This will be examined 

Figure 16.4  Log of the cylinder gas pressure as functions of the log of the cylinder volume for 
the base case for a compression ratio of 15 and for expansion ratios of 15 (dashed lines) and 20 
(solid lines). Source: Caton 2007. Reproduced with permission from ASME
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Figure 16.5  Log of the one‐
zone, cylinder gas temperature 
as functions of the log of the 
cylinder volume for the base 
case for a compression ratio of 
15 and for expansion ratios of 
15 (dashed lines) and 20 (solid 
lines). Source: Caton 2007. 
Reproduced with permission 
from ASME
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for the case with a compression ratio of 6.0. Figure 16.7 shows the relative energy distribution 
(based on the lower heating value of the fuel) for this compression ratio of 6.0 as functions 
of the expansion ratio. The brake work percentages are equivalent to the earlier shown brake 
thermal efficiencies. The relative heat transfer increases as the expansion ratio increases. This is 
largely due to the increase of surface area as the expansion ratio increases. The relative energy 
leaving in the exhaust first decreases and then increases slightly for the expansion ratios greater 
than about 12. This is a net result of the energy delivered as work and transferred out of the 
system via heat transfer. For the higher expansion ratios, the work is decreasing faster than the 
heat transfer is increasing, and this results in a net increase of the exhaust energy.

The cases which will be examined in some detail are for expansion ratios of 8 (near maxi-
mum efficiency) and 10 (both for a compression ratio of 6). The question is, why does the ther-
mal efficiency begin to decrease even as the expansion ratio increases from 8 to 10. Figure 16.8 
shows the log pressure as a function of the log volume for these two cases. These results are 
similar to those in Figure 16.4. Also shown in this figure is the location of the exhaust valve 
open (EVO) event. Due to the longer expansion stroke, this occurs at a lower pressure for the 
case with an expansion ratio of 10. Figure 16.9 shows the intake and exhaust flow rates as 
functions of crank angle for the two cases. As shown above (Figure 16.6), the most signifi-
cant difference is the much lower flow rates during the blow‐down portion for the case with 

Figure 16.7  Relative energy as functions of the expansion ratio for the base case for a compression 
ratio of 6. Source: Caton 2007. Reproduced with permission from ASME
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Figure 16.8  Log of the 
cylinder gas pressure as 
functions of the log of the 
cylinder volume for the base 
case for a compression ratio 
of 6 and expansion ratios of 
8 and 10. Source: Caton 2007. 
Reproduced with permission 
from ASME

Figure 16.9  Exhaust and 
intake flow rates as functions of 
crank angle for the base case for 
a compression ratio of 6 for two 
expansion ratios: (i) optimum, 
ER = 8, and (ii) not optimum, 
ER = 10. Source: Caton 2007. 
Reproduced with permission 
from ASME
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an expansion ratio of 10. In fact, for expansion ratios higher than 10, due to the low cylinder 
pressures, the initial blow‐down is back into the cylinder (rather than out of the cylinder). The 
lack of an effective exhaust blow‐down for higher expansion ratios is one of the reasons that 
the higher expansion ratios result in decreasing efficiencies.

Since the timing of the exhaust valve opening may be important, this was examined as well. 
Figure 16.10 shows the log of the cylinder pressure as a function of the log of the cylinder 
volume for the case with a compression ratio of 6 and an expansion ratio of 10 for two EVO 
timings: an early opening at 96°aTDC and a late opening at 146°aTDC. The cylinder pres-
sures and thermal efficiencies are nearly the same for these changes of the EVO.

Finally, for completeness, the destruction of exergy during the combustion process as a 
function of expansion ratio was examined. For the case with a compression ratio of 6, the 
percentage of exergy destroyed was nearly constant, and ranged between 21.74% and 21.79% 
for expansion ratios between 6 and 14. One of the major reasons for this negligible difference 
is the modest changes of the combustion gas temperatures as the expansion ratio increased.

16.3.2  Wide‐Open Throttle

In addition to the above results for a part load condition, results were obtained for the use of 
greater expansion ratios for the case of wide‐open throttle (pinlet = 95 kPa). Figure 16.11 shows 

Figure 16.10  Log of the cylinder gas pressure as functions of the log of the cylinder volume for the base 
case for a compression ratio of 6 and an expansion ratio of 10 for two different exhaust valve open timings. 
Source: Caton 2007. Reproduced with permission from ASME
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the brake thermal efficiency as functions of the expansion ratio for three compression ratios 
(6, 10, and 15) for WOT. For each compression ratio, the thermal efficiency first increases, 
reaches a maximum, and then decreases. The expansion ratio for the highest thermal effi-
ciency is about 19, 29, and 44 for the compression ratios of 6, 10, and 15, respectively. The use 
of these expansion ratios resulted in an increase of the thermal efficiency of about 10% (abso-
lute). For example, for a compression ratio of 6, the brake thermal efficiency increased from 
about 30% to slightly over 40% as the expansion ratio increases from 6 to about 19. Compared 
to the previous part load cases, the WOT cases result in much greater improvements with 
greater values of expansion ratios. The following will discuss some aspects of these results.

Figure 16.12 shows the log of the cylinder pressure as a function of the log of the cylinder 
volume for the WOT case with the highest brake thermal efficiency (of the cases examined) 
which was for a compression ratio of 15 and an expansion ratio of 44 (solid line). For com-
parison, Figure 16.12 also shows (dashed line) the results for the WOT case for a compres-
sion ratio of 15 and an expansion ratio of 15 (standard engine configuration). The pressures 
during the compression stroke are the same for both configurations, but the pressures during 
the expansion are different, and of course, for the overexpanded configuration, the expansion 
proceeds to a much greater volume. The additional area within the pressure–volume diagram 

Figure 16.11  Brake thermal efficiency as a function of expansion ratio for compression ratios of 
6, 10, and 15 for an engine speed of 1400 rpm and an inlet manifold pressure of 95 kPa (WOT). 
Source: Caton 2007. Reproduced with permission from ASME
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associated with the overexpanded configuration is indicative of the additional work (power) 
obtained with the greater expansion. The pressures for the exhaust stroke are generally higher 
for the overexpanded configuration, but the pressures during the intake stroke are nearly the 
same.

Figure 16.13 shows the relative increase in the brake thermal efficiency as a function of the 
increase of the length of the expansion stroke (relative to the length of the compression stroke) 
for the case with a compression ratio of 15. As an example, the expansion stroke length must 
increase about three times the compression stroke length to achieve the highest thermal effi-
ciency for the conditions examined. This could be impractical for the modest gains.

Figure 16.14 shows the mass flows as functions of crank angle for two cases. For the stand-
ard configuration, the blow‐down portion of the exhaust flow is significant whereas for the 
overexpanded case, the blow‐down portion is much less significant. For the overexpanded 
case, the majority of the exhaust flow occurs during the displacement portion of the exhaust 
flow. In addition, for the overexpanded case, the backflow after the blow‐down is much more 
significant. For expansion ratios greater than about 44 (not shown), the exhaust process is 
compromised, and when the exhaust valve first opens, the flow is back into the cylinder. Note 
that the intake flows are nearly the same for both configurations.

Figure 16.12  Log of cylinder pressure as a function of log of cylinder volume for a compression 
ratio of 15 and expansion ratios of 15 and 44 for an engine speed of 1400 rpm and an inlet manifold 
pressure of 95 kPa (WOT). Source: Caton 2007. Reproduced with permission from ASME
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Figure 16.13  Ratio of brake 
thermal efficiencies as a function 
of the ratio of the expansion stroke 
length and compression stroke 
length for a compression ratio of 
15 for an engine speed of 1400 rpm 
and an inlet manifold pressure of 95 
kPa (WOT). Source: Caton 2007. 
Reproduced with permission from 
ASME

Expansion length/Stroke length

4.03.53.02.52.01.51.0

n
ew

/
b

as
e 

(%
)

90

100

110

120

130

CR = 15

1400 rpm
WOT, pin = 95 kPa

"MBT" timing
ϕ = 1.0

η
η

Figure 16.14  Mass flow 
rates as a function of crank 
angle for a compression ratio 
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For completeness, Figure 16.15 shows that the exergy destruction during combustion 
increases slightly (from about 20.2% to 21.0%) as the expansion ratio increases from 15 to 
55 for a compression ratio of 15 for the WOT case. This slight increase is due to the lower 
combustion temperatures associated with the higher expansion cases. Since the work output 
increases for the higher expansion ratios, the gas temperatures decrease which is a major cause 
of exergy destruction during the combustion process [10].

One final consideration is the mechanical friction. For an overexpanded configuration, 
the mechanical friction would be expected to be higher due to the additional mechanism 
and the longer stroke. This cannot be quantified without some knowledge of the specific 
design and experimental information. To explore this issue, some estimates were com-
pleted. By assuming that the friction was due to an engine configuration possessing the 
expansion ratio for both the compression and expansion strokes (a higher estimate for the 
friction component), the maximum thermal efficiency decreased by about 2%, absolute 
(i.e., from 45% to 43%). In addition, the optimum expansion ratio for the higher friction 
case decreased. Again, a more detailed consideration of friction would be needed for a 
particular mechanism.

Figure 16.15  Exergy destruction during combustion as a function of the expansion ratio for a 
compression ratio of 15 for an engine speed of 1400 rpm and an inlet manifold pressure of 95 kPa 
(WOT). Source: Caton 2007. Reproduced with permission from ASME
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16.4  Summary and Conclusions

This case study provided results for the effects of expansion ratio on performance, efficiency, 
and second law parameters for an automotive, spark‐ignition engine. The cases with greater 
expansion ratios than compression ratios are often called “Atkinson” cycles. For these cases, 
the expansion ratio was assumed independent of the compression ratio. The results of this 
study may be summarized as follows:

●● The study examined expansion ratios up to four times the compression ratio. For most cases, 
the thermal efficiency first increased as expansion ratio increased, then attained a maximum 
efficiency, and then decreased. The decrease in efficiency after the maximum value was 
shown to be due to increased heat losses, increased friction, and ineffective exhaust pro-
cesses (due to the reduced cylinder pressure at the time of exhaust valve opening).

●● For the part load cases, the higher expansion ratio provided only modest gains due to 
increased pumping losses associated with the constant load requirement (which resulted in 
lower inlet pressures as the efficiency increased).

●● For the wide‐open throttle cases, however, the higher expansion ratios provided significant 
gains. For example, for a compression ratio of 10, expansion ratios of 10 and 30 provided 
brake thermal efficiencies of about 34% and 43%, respectively. Although the net thermody-
namic gains are significant, large expansion ratios such as 30 may not be practical for most 
applications.

●● For the wide‐open throttle cases, for a compression ratio of 15, the exergy destroyed during 
the combustion process increased slightly from about 20.2% to 21.0% as the expansion ratio 
increased from 15 to 55.
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17
Nitric Oxide Emissions

17.1  Introduction

Nitric oxide (NO) is one of the several regulated species from engines. In practice, most 
regulations limit the combination of nitric oxide and nitrogen dioxide (NO2)—together these 
two nitrogen species are known as NOx. For internal combustion engines, for most conditions, 
the emitted NOx is dominated by nitric oxide. From at least the 1960s, engine cycle simula-
tions have been used to estimate nitric oxide emissions. Since that time, the knowledge of 
nitric oxide formation and destruction mechanisms, and the associated chemical kinetics have 
continually improved, and the estimates from engine cycle simulations have reflected this 
improved knowledge. In addition, engine cycle simulation features such as the use of multiple 
zones has enabled these simulations to more accurately capture the high cylinder gas temper-
atures which is critical for the computation of nitric oxide emissions.

The thermodynamic engine cycle simulation with the three‐zone combustion model 
is appropriate for investigating the formation and destruction of nitric oxides based on the 
Zeldovich mechanism (described below). This case study will illustrate the use of the engine 
cycle simulation using this submodel. The exhaust nitric oxide emissions will be determined 
as functions of engine design and operating parameters. Results will be provided from the 
basic chemical kinetics, and from the engine simulation. The results from the simulation will 
be shown as time‐resolved quantities and as overall engine outputs. Some of these results 
have been compared to experimental values in a separate publication [1]. Other work which is 
similar to that reported in this chapter is available [2,3].

The purpose of the current work is to provide detailed information about the nitric oxide 
formation and destruction mechanisms for a range of engine design and operational param-
eters. Three of the specific goals of this work were (i) to provide detail descriptions of the 
thermal nitric oxide formation and destruction processes during combustion, (ii) to determine 
the sensitivity of the nitric oxide computations to the major assumptions and approximations 
typically used, and (iii) to ascertain the change of nitric oxide emissions with changes in 
engine design and operating conditions. The following sections of this chapter will include a 
brief discussion of the background of the nitric oxide kinetics, the engine specifications and 
operating conditions, and the results.
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17.2  Nitric Oxide Kinetics

A vast amount of work has been completed over the years on the kinetics of nitric oxide for-
mation and destruction. This section will merely highlight some of the relevant literature as it 
pertains to the current work. Four major mechanisms have been proposed for the formation of 
nitric oxides in combustion processes: (i) thermal, (ii) prompt, (iii) nitrous oxide, and (iv) fuel 
nitrogen. In addition, this section will briefly summarize some of the kinetic rate expressions 
that have been proposed for nitric oxide.

17.2.1  Thermal Nitric Oxide Mechanism

As is well known, the Zeldovich mechanism has been successfully used to describe the ele-
mentary chemical steps responsible for the majority of the nitric oxide produced for engine 
conditions [4]. The original Zeldovich mechanism was extended to include a third reaction 
which has been shown to be important for some combustion conditions [5]. The extended 
Zeldovich mechanism is

O + N2 N N� NO + N (17.1)

N + O2 O N� NO + O (17.2)

N + OH �  NO + H (17.3)

Since the rates of these reactions are generally slower than the combustion rates, the major-
ity of the combustion reactions may be assumed to be unaffected by the above steps. Further, 
the concentrations of O, N2, O2, O, OH and H may be assumed to have reached equilib-
rium values. The nitrogen atoms, on the other hand, exist at low concentrations (∼10−7) and 
a steady‐state approximation is valid for these species [4]. Miller and Bowman [6] have indi-
cated situations where the steady‐state approximation may not be completely valid.

These reactions are known as the thermal nitric oxide rates since the strong triple bond of 
the N2 molecule will only break apart at high temperatures. Furthermore, as illustrated in Sec-
tion 17.5.1, reaction (17.1) has the slowest rates and therefore is often the limiting reaction. In 
fact, reaction (17.1) is so slow that for typical engine conditions, nitric oxide may not achieve 
equilibrium concentrations (this is shown in Section 17.5.2).

17.2.2  “Prompt” Nitric Oxide Mechanism

In 1971, Fenimore [7] observed nitric oxide production that far exceeded the values expected 
from the thermal mechanism. He found that for rich mixtures, another pathway existed for the 
production of nitric oxide. This pathway was due to a series of reaction steps at the flame front 
that involved the radical CH. Generally, the radical CH is considered a transient species in the 
overall hydrocarbon oxidation process. Fenimore [7], however, noted that the radical CH may 
be an important species in a pathway that forms nitric oxide.

This pathway is particularly important for rich mixtures. In general, this pathway is ini-
tiated by the rapid reaction of hydrocarbon radicals with molecular nitrogen, and leads to 
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intermediates such as amines or cyano compounds (e.g., HCN) that then react to form nitric 
oxide. The most important of these reactions are

CH + N2 �  HCN + N (17.4)

C + N2 N C�  CN + N (17.5)

The HCN and CN then react through a series of subsequent fast reactions to form nitric 
oxide.

Lavoie and Blumberg [8] reported that prompt nitric oxide may be important for high dilu-
tion conditions such as with exhaust gas recirculation or lean operation when thermal nitric 
oxide production is low. In general, when the thermal nitric oxide production is below about 
100 ppm, then the prompt nitric oxide mechanism could be significant.

17.2.3  Nitrous Oxide Route Mechanism

In 1970, Lavoie et al. [5] proposed that the following reactions could be responsible for sig-
nificant NO.

N2 + O + M M N2 2�  N2O + M (17.6)

O + N2O � NO + NO (17.7)

This pathway for nitric oxide production is named for the nitrous oxide molecule, N2O. 
This mechanism may be most important for lean conditions (which suppresses the prompt 
nitric oxide), low temperatures (which suppresses the thermal nitric oxide) and high pressures 
(which promotes the above three body reactions).

17.2.4  Fuel Nitrogen Mechanism

For fuels with bound nitrogen, such as coal and some heavy distillate, another mechanism of 
nitric oxide production is possible. The nitrogen‐containing compounds will vaporize dur-
ing combustion, and the released nitrogen will participate in a series of reactions to form 
nitric oxide. Often these mechanisms proceed via the formation of NH3 (ammonia) and HCN 
(hydrocyanic acid). For most current spark‐ignition engine fuels, however, fuel‐bound nitro-
gen is negligible or zero.

17.3  Nitric Oxide Computations

Of the four major mechanisms described above, the extended Zeldovich mechanism is often 
considered the dominate source of nitric oxides—particularly for spark‐ignition engines. 
Therefore the computation of nitric oxides in this work will be based on the extended 
Zeldovich mechanism, and for completeness, the mechanism is summarized here. Most of 
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this description follows the presentation by Heywood [4]. The extended Zeldovich mechanism 
for thermal nitric oxides is well accepted for computing nitric oxides in engines. From these 
chemical steps, the following formation rate for nitric oxide may be derived.

d

dt
k k

[ ]
[ ] [ ] [ ] [ ]

NO
O N N Oe 2 e ss e= ++ +

1 2 2

     k [ ]N ss+ +
3 [[ ] [ ] [ ]OH NO Ne a ss− −k1

     [ ] [ ] [ ] [NO O NOa e a− −− −k k2 3 HH e]

(17.8)

where the rate coefficients (ki
*) may be obtained from a number of sources, [N]ss is the steady‐

state concentration of nitrogen atoms, and [NO]a is the actual (and not the equilibrium) con-
centration of nitric oxide, and [XX]e is the equilibrium concentration of the remaining species. 
The ki

+ represents the forward rate coefficient, and the ki
− represents the reverse rate coefficient 

for reaction “i”. The two rate coefficients are related to the equilibrium constant

K
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+

− (17.9)

A similar expression is used to determine the steady‐state concentration of nitrogen atoms.
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For the steady‐state assumption,

d

dt
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This can be combined with the above expression to result in a simplified rate expression.
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where the terms are

R k k1 1 1= =+ −[ ] [ ] [ ] [ ]O N NO Ne 2 e e e (17.14)

R k k2 2 2= =+ −[ ] [ ] [ ] [ ]N O NO Oe 2 e e e (17.15)
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R k k3 3 3= =+ −[ ] [ ] [ ] [ ]N OH NO He e e e (17.16)

β =
[ ]

[ ]

NO

NO
a

e
(17.17)

K
R

R R
=

+
1

2 3
(17.18)

The use of eq. (17.13) for the production of nitric oxide has two specific implications. First, 
for each reaction, the rate coefficient of either the forward or the reverse reaction is sufficient. 
Second, the concentration of the steady‐state nitrogen atom is incorporated into the expression.

17.3.1  Kinetic Rates

For many chemical reactions, the kinetic rate expressions are often not known in an exact 
fashion. Four references from 1973 through 2000 have included recommended values for 
the kinetic rate expressions for the Zeldovich mechanism [6,9–11]. As these references 
demonstrate, the recommended rate constants have differed through the years. Fortunately, 
the estimates for the reaction rates for the important first reaction have not changed too 
much over the last 20 years or so. For example, for 2300 K, the rate has ranged from a low 
of 5.08 × 106 to a high of 1.08 × 107 cc/gmol‐sec. The values recommended by Dean and 
Bozzelli [11] have been used in the current work, and Table 17.1 lists these reaction rate 
constants. The forward rates are from Reference 11, and the reverse rates are from the use 
of eq. (17.9).

The nitric oxide emissions may be expressed in a number of forms. In the computations, 
the net mass of nitric oxide formed is obtained, but a fraction remains in the cylinder with the 
residual gases. The emitted mass of nitric oxide may be found from the mass of nitric oxide 
formed as follows:

m m m xNO NO emitted NO formed r( ) = ( ) = ( ) −( )1 (17.19)

Table 17.1  Rate constants from Dean and Bozzelli [11]

Reaction (listed in 
eqs. (17.1)–(17.3))

Rate constant as listed in 
Reference 11 (cc/gmol‐s)

Rate constant as obtained 
from Keq (cc/gmol‐s)

1 (forward) 1.95 × 1014 exp (−38660/T)

−1 (reverse) 4.11 × 1013 exp (−715/T)

2 (forward) 9.0 × 1009 T exp (−3270/T)

−2 (reverse) 1.9 × 1009 T exp (−19410/T)

3 (forward) 1.1 × 1014 exp (−565/T)

−3 (reverse) 2.92 × 1014 exp (−24675/T)
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One measure of the emission level is the emission index (EINO):

EI
m

mNO
NO

f

= (17.20)

The specific nitric oxide emissions may be obtained from the following (for a four‐stroke 
cycle engine):

spNO
60

2
NNO

b

= 



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m

W� (17.21)

or

spNO NO
f

NO= =m
bsfc

m
EI bsfc( ) (17.22)

where spNO (gNO/Kw hr) is the specific nitric oxide emissions, mNO is the mass of nitric oxide 
emitted per cycle, N is the engine speed, �Wb is the brake power, mf is the mass of fuel per cycle, 
and xr is the residual fraction.

In terms of ppm,

ppm
N

NO NO
exh

NO f

= +( )m
MW

MW m
AF

�
1 106

(17.23)

where MWexh is the molecular mass (weight) of the exhaust gases, MWNO is the molecular 
mass (weight) of nitric oxide, and AF is the mass air–fuel ratio.

As an internal consistency check,

spNO ppmNO
NO

exh

exh

f

=
MW

MW

m

m
bsfc

�
� (17.24)

where �mexh is the mass flow rate of exhaust gases.
Another internal consistency check,

ppmNO
NO formed NO

cyl exh

=
( )m MW

m MW

/

/
106 (17.25)

where mcyl is the mass in the cylinder.

17.4  Engine and Operating Conditions

The following results are based on the 5.7 liter, V–8 engine. The base case operating condi-
tions include a stoichiometric mixture, a bmep of 325 kPa, 1400 rpm, a compression ratio of 
8.0, a burn duration of 60°CA, and using isooctane as the fuel. The simulation uses the heat 
transfer correlation from Woschni [12] with an htm of 1.0.
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17.5  Results and Discussion

Results from the basic chemical kinetic relationships and from the engine cycle simulation are 
described in the following four subsections: (i) basic chemical kinetic results, (ii) time (crank 
angle) resolved nitric oxide results, (iii) nitric oxide engine results, and (iv) nitric oxide results 
for mass fraction burned variations.

17.5.1  Basic Chemical Kinetic Results

Before the engine results are presented, this subsection will include results which highlight the 
basic chemical kinetics1 of nitric oxide formation and decomposition for representative engine 
conditions. The first set of results is for simple nitric oxide formation in high temperature 
and high pressure combustion products. The temperature, pressure, and concentrations of the 
other species remain constant. Figure 17.1 shows the nitric oxide concentrations2 as functions 
of time for three temperatures for 1000 kPa and an equivalence ratio of 1.0. The horizontal, 
dashed lines represent the equilibrium nitric oxide concentration for the given conditions.

As shown in Figure 17.1, the nitric oxide concentration increases rapidly at first and then 
more slowly as it approaches its final equilibrium value. For the highest temperature (2600 K), 
the nitric oxide has reached about 90% of its equilibrium value in about 3 ms. For the next 
temperature (2500 K), 90% is reached in slightly more than 7 ms. For the case of 2400 K, to 
reach 90% of the final equilibrium nitric oxide concentration takes more than 16 ms. Note that 
at 1000 rpm, 60 crank angle degrees is 10 ms. This means that typically within the time avail-
able for nitric oxide formation, the nitric oxide concentration may not have reached equilib-
rium especially for the lower temperature periods. Furthermore, as the temperature decreases 
during the expansion stroke, the concentration of nitric oxide eventually may be kinetically 
limited or “frozen” (the concentration will no longer change).

In addition, Figure 17.1 shows that the nitric oxide production rate is highly temperature 
dependent. For these conditions, the final nitric oxide concentration may vary by a factor of 
two or more for a change in temperature of about 200 K.

Figure 17.2 shows the nitric oxide concentrations as functions of time for four equivalence 
ratios for 1000 kPa and 2600 K. These conditions are representative of engine conditions, but 
typically the temperatures are not independent of the equivalence ratio. As shown, for this 
relatively high temperature, the nitric oxide reaches its equilibrium value for all cases within 
about 8 ms. The final nitric oxide concentration increases from about 1500 ppm to about 
11,500 ppm (1.15%) as the equivalence ratio decreases from 1.2 to 0.8. As the equivalence 
ratio decreases, the concentration of oxygen increases. For constant temperature and pres-
sure, as the equivalence ratio decreases, equilibrium concentrations of O‐atoms, OH, and N‐
atoms increase while concentrations of H‐atoms decrease. Higher concentrations of O‐atoms, 
OH, and N‐atoms and lower concentrations of H‐atoms increase equilibrium (and kinetic) 
NO. Other results for the more normal engine situation where gas temperatures change with 
changes in equivalence ratio are presented below.

1 Unless otherwise mentioned, the chemical kinetics for the nitric oxide computations are from Dean and 
Bozzelli [11].
2 All concentrations are “wet” values: i.e., the concentrations are based on the total moles including all water.
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Figure 17.1  The nitric oxide 
concentration as a function of 
time for three temperatures for 
1000 kPa and an equivalence 
ratio of 1.0. Source: Caton 
2002. Reproduced with 
permission from ASME
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Figure 17.3 shows the nitric oxide concentrations as functions of time for three pressures 
for 2600 K and an equivalence ratio of 1.0. As pressure decreases, the final equilibrium value 
increases, and the time to reach this final value increases. For the 100 kPa case, the final 
equilibrium concentration is not attained within the 16 ms of the figure. The nitric oxide pro-
duction is not too sensitive to the pressure. For these conditions, decreasing the pressure from 
10 MPa to 1 MPa causes  nitric oxide to increase, and the final equilibrium concentrations 
increase from about 3800 to 5500 ppm. This is largely the result of less dissociation for the 
higher pressures.

The next figure (Figure 17.4) shows the nitric oxide concentration results as functions of 
time for different multiples of the reaction rate coefficients for the case with a temperature 
of 2600 K, a pressure of 1000 kPa, and an equivalence ratio of 1.0. These types of results are 
useful to understand and quantify the sensitivity of the computed nitric oxides to the values of 
the kinetic constants (which are often not known with a high degree of precision). The curve 
for the base case conditions is the same as shown in Figure 17.1. The curve labeled “R1 × 2.0” 
represents the results for the case where reaction (17.1) has been increased by a factor of 
2.0. This resulted in the fastest increase of the nitric oxide concentration values. Similarly, 
the curve labeled “R1/2.0” represents the results for the case where reaction (17.1) has been 
decreased by a factor of 2.0. This resulted in the slowest increase of the values for the nitric 
oxide concentration. As expected, reaction (17.1) is the most important for these conditions.

Figure 17.3  The nitric oxide concentration as a function of time for three pressures for 2600 K and 
an equivalence ratio of 1.0
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On the other hand, setting reaction (17.2) to zero resulted in only a modest difference. This 
suggests that reaction (17.2) is not controlling the overall rate. Setting reaction (17.3) to zero, 
however, reduced the nitric oxide concentrations. This suggests that the third reaction rate 
does contribute to the overall nitric oxide formation. Similar computations have been com-
pleted for actual engine conditions [2].

17.5.2  Time‐Resolved Nitric Oxide Results

For most of the following results, the engine cycle simulation was executed for the part load 
base case condition: 1400 rpm and a bmep of 325 kPa as described above. For the base case, 
the brake‐specific nitric oxide concentration is 18.9 gNO/bkW‐hr (3593 ppm).

Figure 17.5 shows the nitric oxide concentrations3 as functions of crank angle for the adi-
abatic and boundary layer zones and the total nitric oxide for the base case. In general, the 
nitric oxide forms slowly at first, and then a little after TDC begins to increase rapidly. Near 
the end of combustion, the majority of the nitric oxide has formed. For these conditions, near 

3 For consistency, nitric oxide concentrations are reported based on the total moles of the exhaust even prior to exhaust 
valve opening.
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the end of combustion, the nitric oxide concentration decreased slightly since the instantane-
ous values exceeded the equilibrium concentration and gas temperatures were high enough 
for continuing reactions.

The nitric oxide is formed in the adiabatic zone as described above, and then due to mass 
transfer some portion moves to the boundary layer as the boundary layer grows. The decrease 
of nitric oxide in the adiabatic zone at the end of combustion is largely due to the mass transfer 
to the boundary layer. A small decrease due to the kinetics also occurs.

More information on the total and individual zone masses as functions of crank angle 
for the base case is available in Chapter 7 on basic results. During the combustion period, 
the unburned mass decreases while the burned mass increases. The mass of the adiabatic 
zone closely follows the burned zone mass until near the end of combustion. The mass of 
the boundary layer increases steadily from the start of combustion until the computations were 
terminated at 90°aTDC.

The next set of results are aimed at illustrating the importance of selecting the appropriate 
gas temperature for computing nitric oxide concentrations. Figure 17.6 shows the burned gas 
temperatures (Tb), the adiabatic zone gas temperature (Tad), and the one‐zone average cylinder 
gas temperature (Tavg) as functions of crank angle for the base case conditions. The one‐zone 
average gas temperature results in the same total energy that exists in the combined burned 
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and unburned zones. The average gas temperature transitions from the unburned gas tempera-
ture to the burned gas temperature during the course of the combustion process.

Figure 17.6 also shows the computed instantaneous nitric oxide values based on the dif-
ferent temperatures: the one‐zone gas temperature, the burned zone gas temperature, and the 
adiabatic zone gas temperature. For this comparison, the same procedures were used (same 
volumes, pressures, and so forth). This means, for example, that the volume of the adiabatic 
zone is used, but the temperature is changed to be one of the other two described above (the 
burned gas temperature or the one‐zone gas temperature).

As expected, the highest nitric oxide values are obtained when using the adiabatic zone 
temperature. The values for the final nitric oxide concentration were about 3593 ppm, 2335 
ppm and 450 ppm for the adiabatic zone gas temperature, the burned zone gas temperature, 
and the one‐zone cylinder gas temperature, respectively. For these conditions, then, the final 
computed nitric oxide concentration based on the adiabatic zone temperature is about 50% 
higher than if the burned zone gas temperature was used. Clearly, the nitric oxide computa-
tions are highly dependent on the modeling of the in‐cylinder gas temperatures, and the use of 
multiple zones to capture the high gas temperatures appears particularly necessary for nitric 
oxide computations. In addition, note the poor result for the nitric oxide concentrations when 
using the one‐zone gas temperature.
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Figure 17.7 shows the instantaneous (rate‐controlled) nitric oxide and the instantaneous 
equilibrium nitric oxide concentrations (NOeq) as functions of crank angle for the base case. 
The equilibrium nitric oxide concentrations are based on the instantaneous gas temperatures, 
pressures, and composition. The actual rate‐controlled nitric oxide concentrations are lower 
than the equilibrium values for most of the combustion period. After about 30°aTDC, the 
equilibrium values decrease as the temperatures and pressures decrease during the expansion 
period. The rate‐controlled nitric oxide concentrations, however, remain close to the peak 
value and do not decrease very much during the expansion period. This is largely due to 
decreasing kinetic rates due to the decreasing temperatures during the expansion process. For 
other conditions, the rate‐controlled nitric oxide concentrations were lower than the equilib-
rium values. In general, therefore, equilibrium nitric oxide concentrations are not particularly 
relevant to the instantaneous rate‐controlled values for most conditions.

Figure 17.8 shows the instantaneous nitric oxide concentrations as functions of crank angle 
for three combustion timings: (i) 20°CA before (advanced) the MBT timing, (ii) the MBT 
timing, and (iii) 20°CA after (retarded) the MBT timing. The location of the combustion dura-
tion is shown for the MBT timing case. The advanced timing case results in the highest nitric 
oxide values due to the higher temperatures associated with advanced timing. Conversely, the 
retarded timing case results in the lowest nitric oxide values due to the lower temperatures 
associated with retarded timing. For the advanced timing case, the instantaneous nitric oxide 
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concentration reaches a maximum during combustion and then significantly decreases during 
the end of combustion and expansion process. All three cases reach a “frozen” concentration 
after about 70°aTDC—this will be the exhaust nitric oxide concentration level.

Figures 17.9 and 17.10 show nitric oxide concentrations as functions of crank angle for dif-
ferent equivalence ratios. Figure 17.9 shows fuel lean cases for three equivalence ratios: 0.93, 
0.8, and 0.7. An equivalence ratio of 0.93 resulted in the highest nitric oxide concentration, 
and for lower equivalence ratios, the nitric oxide values were lower. This is largely a conse-
quence of the lower combustion temperatures associated with lean mixtures. Figure 17.10 
shows the results for equivalence ratios greater than 0.93. As the equivalence ratio increases, 
the nitric oxide concentrations decrease. Again, this is largely due to the lower temperatures 
associated with the richer equivalence ratios. As shown in the next subsection, for equivalence 
ratios lower than stoichiometric but greater than 0.93, the temperature effect is less than the 
oxygen effect (see Figure 17.12).

17.5.3  Engine Nitric Oxide Results

The next set of results are for nitric oxide exhaust concentrations as functions of engine load 
(bmep), engine speed, equivalence ratio, compression ratio, relative spark timing, and exhaust 
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gas recirculation. The conditions for these computations, unless otherwise stated, include an 
equivalence ratio of 1.0, burn duration of 60°CA, and MBT spark timing. For the base case 
with an equivalence ratio of 1.0, the brake‐specific nitric oxide concentration is 18.9 g/Kw‐hr 
(3593 ppm).

Figure 17.11 shows the nitric oxide concentrations (ppm) as functions of engine load (as 
bmep) for four different engine speeds. Nitric oxide concentrations increase monotonically for 
each speed as engine load increases, and increase monotonically as engine speed increases. 
This is largely due to the higher temperatures associated with the higher loads and speeds. For 
these conditions, the nitric oxide concentrations ranged from about 2500 to 4300 ppm.

Figure 17.12 shows the nitric oxide concentrations and the average (during combustion) 
adiabatic zone gas temperatures as functions of equivalence ratio for the base case. These 
results are related to the earlier results shown in Figures 17.9 and 17.10. The maximum nitric 
oxide concentration is for an equivalence ratio of 0.93. For lower or higher equivalence ratios, 
the nitric oxide concentrations decrease. The highest temperature is for an equivalence ratio 
near stoichiometric (ϕ = 1.0), and for equivalence ratios lower or higher than stoichiomet-
ric, the temperatures decrease. As the equivalence ratio decreases from stoichiometric, even 
though the temperature is decreasing, the nitric oxide concentrations increase. This is due 
to the importance of the increasing oxygen concentrations. For decreases of the equivalence 
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ratio less than 0.93, the increasing oxygen concentration is not as important as the decreasing 
temperature—and therefore, the nitric oxide concentration decreases.

Figure 17.13 shows the nitric oxide concentrations as functions of the relative combustion 
timing. The nitric oxide concentrations continue to decrease as the timing is retarded from 
the most advance timing. This is largely a consequence of the gas temperatures decreasing as 
timing is retarded.

Figure 17.14 shows the nitric oxide concentrations as functions of compression ratio. In 
general, the effect of compression ratio is modest. For increases of compression ratio from 4 
to about 8, the nitric oxide concentration increases slightly. For increases of compression ratio 
from 8 to 20, the nitric oxide concentration decreases. These slight changes of the nitric oxide 
concentrations as compression ratio changes are due to complex and subtle changes of items 
such as the combustion volumes. More details on the effects of compression ratio on nitric 
oxide concentrations are available elsewhere [13].

Figure 17.15 shows the nitric oxide concentrations as functions of exhaust gas recircula-
tion (EGR).4 As described elsewhere [14,15] and in Chapter 8, two EGR configurations have 
been considered. The cooled EGR configuration assumes that the exhaust gas is cooled (exter-
nal to the thermodynamic system) to the inlet temperature. The adiabatic EGR configuration 
assumes that the exhaust gas is recirculated to the inlet at the exhaust temperature. These two 
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configurations bracket the resulting temperatures of actual EGR systems. For both configura-
tions, the use of EGR rapidly decreases the nitric oxide concentrations due to the dilution effect 
and resulting lower combustion temperatures. Using 20% cooled EGR, the nitric oxide con-
centration is reduced by about 90%. For 20% adiabatic EGR, the nitric oxide concentration is 
reduced by about 25%. As mentioned elsewhere, conventional engines may experience longer 
combustion durations or combustion difficulties for EGR levels above about 20% or 25%.

Figure 17.16 shows the nitric oxide concentrations as functions of the heat transfer mul-
tiplier (htm). This evaluation is not so much about an engine variable, but rather about the 
sensitivity of the nitric oxide results to assumptions. As described in the heat transfer case 
study, the heat transfer correlation is basically an estimate. As the htm value increases, the 
nitric oxide concentration decreases due to the lower gases temperatures from the higher heat 
transfer. For ±20% of the htm value, the nitric oxide values vary by a total of about 13% for 
these conditions.

17.6  Summary and Conclusions

This case study has employed the thermodynamic engine cycle simulation to investigate 
the formation and destruction of nitric oxides as functions of engine design and operating 
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variables. A critical feature of the simulation for the nitric oxide computations is the adiabatic 
zone as part of the combustion submodel. The use of an adiabatic zone allows the capture of 
the high gas temperatures during combustion which dominate the formation and destruction 
of nitric oxides.

For comparisons on a similar basis, the start of combustion was adjusted for each case to 
provide maximum performance (MBT timing); and the inlet pressure (throttle position) was 
adjusted to maintain a constant load. Specific conclusions and findings include

●● For typical engine cylinder temperatures, pressures, equivalence ratios, and residence times, 
the nitric oxide concentrations must be determined from the detail kinetics.

●● The important reaction steps and the sensitivity to the reaction rate expressions were demon-
strated.

●● For the conditions examined, the exhaust nitric oxide concentrations do not necessarily 
equal the equilibrium values.

●● The importance of the use of the adiabatic zone (and the corresponding higher gas temper-
ature) for computing nitric oxides was demonstrated.

●● For the conditions examined, nitric oxide concentrations increased for increasing loads 
(bmep) and speed.
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●● For a burn duration of 60°CA, the maximum nitric oxide values were noted for an equiva-
lence ratio of about 0.93, and the values decreased for leaner or richer stoichiometry.

●● Retarding the spark timing and increasing the EGR levels were two effective ways to reduce 
nitric oxide values.

●● Increasing compression ratio resulted in first increasing and then decreasing nitric oxide 
concentrations due to a complex combination of several parameters including gas tempera-
tures, cylinder pressure, and combustion gas volumes.
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18
High Efficiency Engines

18.1  Introduction

This case study is focused on understanding the thermodynamics of high efficiency engines. 
Engine development work has suggested that certain engine features can dramatically 
improve engine efficiency: for example, higher compression ratios, lean operation, high 
levels of EGR, and shorter burn durations. The material in this chapter will quantify the 
contributions of each of these engine features toward increasing the thermal efficiency, and 
describe the thermodynamic reasons for the improvements. A key to developing such engines 
is to manage the combustion process, and this advancement of the combustion process is 
briefly described next.

A great amount of engine research and development activities have focused on engine 
combustion processes, and this work has demonstrated the use of novel combustion tech-
niques to achieve low nitric oxide and particulate emissions with concurrent high thermal 
efficiencies. These activities have used a variety of novel combustion technologies which 
have included various versions of low temperature, partially premixed combustion. These 
combustion modes are often called homogeneous charge compression ignition (HCCI), 
premixed charge compression ignition (PCCI), partially premixed charge (PPC), and many 
other such names. These developments have included the use of higher compression ratios, 
lean mixtures, high EGR, multiple fuel injections, two different fuels, variable valve timing, 
and high inlet pressures (boost). These combustion modes often result in rapid combustion. 
The design that provides the most effective operation is not yet known, but these types of 
features are clearly important.

With this in mind, the purpose of this case study is to present a systematic assessment of 
engine operation with high levels of EGR, lean mixtures, high compression ratios, and rapid 
combustion. By considering each feature in a step‐by‐step fashion, the impact of each feature 
will be quantified. The resulting thermal efficiencies will be reported, and the reasons for the 
high efficiencies will be determined. Additional information related to this case study may be 
found in References 1–3.
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18.2  Engine and Operating Conditions

Two versions of the standard automotive, 5.7 liter, V–8 engine were examined in this work: 
(i) a conventional engine and (ii) a high efficiency engine. For the conventional engine, the 
heat transfer correlation from Woschni [4] is used with an htm of 1.0. For the high efficiency 
engine, a heat transfer correlation from Chang et al. [5] developed for such engines was used. 
Another case study in this book (Chapter 13) includes a section on the importance of the selec-
tion of the cylinder heat transfer correlation.

The operating condition examined is a moderate load (bmep = 900 kPa), moderate speed 
(2000 rpm) condition. The conventional operating condition includes a compression ratio of 8:1 
and stoichiometric mixture. Table 18.1 lists some of the input and output values for this con-
dition. This condition is representative of a conventional, spark‐ignition engine, and has been 
documented in a number of previous studies [1–3, 6]. The high efficiency operating condition 
is motivated by recent work for low temperature combustion engines. This condition includes a 
compression ratio of 16:1, an equivalence ratio of 0.7, and 45% EGR (cooled configuration1).

The high efficiency engine must operate with a higher inlet pressure than the conventional 
engine to achieve the 900 kPa bmep. Table 18.2 lists some of the input and output values for 
this condition.

Table 18.1  Conventional engine (case 1)

Item Value used How obtained

bmep = 900 kPa, CR = 8, EGR = 0%, MBT timing

Fuel C8H18 Input

Equivalence ratio 1.0 Input

Engine speed (rpm) 2000 Input

Mech frictional mep (kPa) 81.5 From algorithm [11]

Inlet pressure (kPa) 93.2 Input

Exhaust pressure (kPa) 105.0 Input

Start of combustion (°bTDC) 24.0 Determined for MBT

Combustion duration (°CA) 60 Input

Cylinder wall temperature (K) 450 Input

Heat transfer correlation Woschni [4]

htm 1.0 Input

Gross indicated thermal eff (%) 37.30 Output

Net indicated thermal eff (%) 36.70 Output

Brake thermal eff (%) 33.65 Output

Exergy destruction combustion (%) 20.53 Output

Max press rise rate (kPa/CA) 142 Output

1 Chapter 8 describes two EGR configurations: cooled and adiabatic.
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For these computations, the exhaust pressure is not known and will depend on the design of 
the charging system. For this work, a simple schedule was assumed for the exhaust pressure. 
For naturally aspirated cases (inlet pressure less than 95 kPa), the exhaust pressure was set at 
105 kPa. For cases with inlet pressures above 95 kPa, the exhaust pressure was set at 10 kPa 
above the inlet pressure.

The following are a few comments concerning the exhaust pressure. Due to the variety 
of engine configurations and EGR systems, no single assumption for the exhaust pressure is 
universal. Some engines may use a turbocharger, a supercharger, or both. The exhaust pres-
sure (especially for a turbocharged engine using a high level of EGR) may be expected to be 
significantly higher than the inlet pressure. The sensitivity of the engine performance on the 
exhaust pressure is presented elsewhere [7]. The use of a supercharger may not result in a 
pumping work penalty, but would result in additional mechanical friction. The scope of the 
current study did not include any detailed evaluation of these types of considerations.

Another item that may be different for different engines is the inlet temperature which will 
be affected by the degree of EGR cooling. Although the current work has assumed that the 
EGR is cooled to the nominal inlet temperature, limited results for the adiabatic EGR config-
uration also are included below for completeness. The sensitivity of the thermal efficiency to 
the inlet temperature may be found in Reference 7.

Table 18.2  High efficiency engine (case 6)

Item Value used How obtained

bmep = 900 kPa, CR = 16, EGR = 45%, MBT timing

Fuel C8H18 Input

Equivalence ratio 0.7 Input

Engine speed (rpm) 2000 Input

Mech frictional mep (kPa) 115.9 From algorithm [11]

Inlet pressure (kPa) 169.5 Input

Exhaust pressure (kPa) 179.5 Input

Start of combustion (°bTDC) 13.5 Determined for MBT

Combustion duration (°CA) 30 Input

Cylinder wall temperature (K) 450 Input

Heat transfer correlation Chang et al. [5]

htm 1.0 Input

Gross indicated thermal eff (%) 54.95 Output

Net indicated thermal eff (%) 53.92 Output

Brake thermal eff (%) 47.79 Output

Exergy destruction combustion (%) 24.13 Output

Max press rise rate (kPa/CA) 535 Output
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18.3  Results and Discussion

The goal of this work is to illustrate the significance of thermodynamics for the development 
of high efficiency engines. Not only are specific features shown to provide this high efficiency, 
but the physical reasons for the improvements are provided. The results will include engine 
performance parameters, thermal efficiencies, nitric oxide (NO) and relative carbon dioxide 
(CO2) emissions, and exergy destruction during the combustion process.

As a representative fuel, only isooctane is examined. Although in practice other fuels (and 
multiple fuels) have been used, the implication of these other fuels to the thermodynamics 
is modest [6]. As is the case for most of the work reported in this book, for both engines, 
combustion was assumed successful and proceeds according to the Wiebe function. Again, 
the focus of this work is not to describe the combustion in any detail. Rather, the focus is to 
understand the generic thermodynamics based on successful combustion. Of course, success-
ful combustion is a challenge for some conditions, but this aspect is beyond the scope of the 
current work. The results are presented in four subsections: (i) overall assessment, (ii) individ-
ual parameters, (iii) emissions and exergy, and (iv) combustion parameters.

18.3.1  Overall Assessment

This subsection provides detailed, quantitative results for efficiency improvements due to spe-
cific features. As described above, a number of operating and design parameters may have a 
significant effect on the thermal efficiency. Often changing one parameter is not as effective 
as changing several at the same time. For example, higher compression ratios by themselves 
may lead to spark knock for a stoichiometric engine. But if the increase of compression ratio 
is accompanied with lean operation and the use of EGR, spark knock may not be a limitation. 
So, although the following parameters are discussed individually, the ultimate success is dic-
tated by the final, total design.

The main idea of this study was to complete a systematic assessment of the various fea-
tures that have been employed in previous investigations that resulted in high efficiencies. By 
considering each feature in a step‐by‐step fashion, the impact of each feature can be quan-
tified. Table 18.3 is a description of the cases. For example, going from case 1 to case 2, the 
compression ratio is increased from 8 to 16, and all other parameters are the same as case 1. 
Going from case 2 to case 3, the burn duration is decreased from 60°CA to 30°CA, and all 

Table 18.3  Description of cases

Case Description

1 (base) CR = 8; θb = 60°CA; ϕ = 1.0; EGR = 0%; Woschni

2 (CR) CR = 16; θb = 60°CA; ϕ = 1.0; EGR = 0%; Woschni

3 (θb) CR = 16; θb = 30°CA; ϕ = 1.0; EGR = 0%; Woschni

4 (ϕ) CR = 16; θb = 30°CA; ϕ = 0.7; EGR = 0%; Woschni

5 (EGR) CR = 16; θb = 30°CA; ϕ = 0.7; EGR = 45%; Woschni

6 (HT) CR = 16; θb = 30°CA; ϕ = 0.7; EGR = 45%; Chang
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other parameters are the same as case 2. This continues until all the parameters are set for the 
high efficiency engine, case 6.

The order that the features were added was arbitrary. A study [2] has examined and quan-
tified the significance of the different orders or sequences of features. In general, the overall 
trends are the same, but the individual contributions will be slightly different. Obviously, the 
final result (comparison of case 1 and case 6) will be the same regardless of which sequence 
is used.

Figure 18.1 shows the gross indicated, net indicated and brake thermal efficiencies for this 
operating condition for each case as described in Table 18.3. Table 18.4 lists some of the input 
values for the six cases. The efficiencies increase from case 1 (conventional engine) through 
case 6 (high efficiency engine). Each of the added features contributes to the final, high effi-
ciency. The brake thermal efficiency increases from 33.7% (case 1) to 47.8% (case 6), and the 
net indicated thermal efficiency increases from 36.7% (case 1) to 53.9% (case 6). These are 
major improvements. For the brake thermal efficiency, this is a 1.4 factor (or 140%) increase. 
The following paragraphs will describe the thermodynamic features that are responsible for 
these improvements.

The increase of compression ratio, the decrease of equivalence ratio, and the increase of the 
level of EGR provide the greatest improvements. The shorter burn duration provides a more 
modest improvement. The implication of each of these features is discussed in more detail in 
the following.

The use of the heat transfer correlation from Chang et al. [5] instead of the one from 
Woschni [4] provides a significant improvement, but this is not actually an engine design 
parameter. The choice of the heat transfer correlation is based on empirical information. Fur-
ther comments on the choice of the heat transfer correlation are provided in the case study on 
cylinder heat transfer (chapter 13).

For the addition of lean mixtures (case 4) and high EGR (case 5), the brake thermal effi-
ciency increases less than the indicated efficiencies. This is due to the need for increases of the 
inlet pressure (to provide the 900 kPa bmep) which increases the mechanical friction for the 
diluted cases. More discussion of this aspect is provided later in this subsection.

Although no direct verification of the computed results with experimental data is available, 
a comparison with similar data is useful. Table 18.5 provides a comparison of the results for 
the high efficiency engine (case 6) from this study with results from experiments reported by 
Kokjohn et al. [8]. The engine and operating details used by Kokjohn et al. were different than 
the current work. They used a dual‐fueled HCCI and PCCI concept. By the use of in‐cylinder 

Table 18.4  Detailed description of cases (bmep = 900 kPa, 2000 rpm)

Case CR θb ϕ EGR (%) HT θo (obTDC) pin (kPa) pexh (kPa)

1 (Base)   8 60 1.0   0 Woschni 24.0 93.2 105.

2 (CR) 16 60 1.0   0 Woschni 20.0 83.7 105.

3 (θb) 16 30 1.0   0 Woschni 5.5 82.1 105.

4 (ϕ) 16 30 0.7   0 Woschni 6.0 107.1 117.1

5 (EGR) 16 30 0.7 45 Woschni 7.5 191.1 201.1

6 (HT) 16 30 0.7 45 Chang 13.5 169.5 179.5
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blends of gasoline and diesel fuel they were able to extend the range of operation of the 
low‐temperature combustion. They demonstrated successful operation for several operating 
conditions. One such case was a 1300 rpm, 11 bar imepnet condition that resulted in negligible 
emissions and relatively high thermal efficiencies.

Table 18.5 shows that the work by Kokjohn et al. employed an equivalence ratio of 0.77, 
an EGR level of 45.5%, and a compression ratio of 16.1. These are similar to the conditions 
used in this work (φ = 0.7, EGR = 45%, CR = 16). They required an inlet pressure of 200 kPa, 
whereas the current work needed an inlet pressure of 170 kPa. They reported an imepnet of 
1100 kPa, whereas the current work resulted in an imepnet of 1015 kPa. Also, the peak cylinder 
pressure (12.0 MPa) was the same from the experiment and from the computations.

Of particular relevance, however, is the comparison of the net indicated thermal efficiency: 50% 
from the experiment, and 53.9% from the computations. The higher computed value is probably 
due to some of the idealizations included in the simulation such as zero blow‐by and zero combus-
tion inefficiency.2 Also, the actual heat transfer for the experimental engine may not be adequately 
represented by the Chang et al. [5] correlation. In any case, the two values are reasonably close.

Figure 18.1  The gross indicated, net indicated and brake thermal efficiencies for each case for a 
bmep of 900 kPa and 2000 rpm. Source: Caton 2014b. Reproduced with permission from Elsevier
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Although this comparison was not exact, the reasonable agreement of the results from the 
computations and the experiment provides some confidence that the overall thermodynamics 
of the high efficiency engine have been captured by the simulation using the features outlined 
above.

While an exact comparison to the experimental work may be desired, this is often difficult 
to complete with a high level of fidelity. Often reports of experimental work do not include all 
of the major parameters needed for the comparison. Some of these parameters are not meas-
ured and some are not possible to measure. For example, the cylinder wall temperatures, the 
cylinder heat transfer and the blow‐by rates are rarely reported.

The remainder of this section will report on the details of the above results and discuss the 
specific importance of various thermodynamic features. The next several figures will show 
various parameters as functions of the brake thermal efficiency. Typically, the brake thermal 
efficiency is not used as the independent variable. This is done, however, to better illustrate 
the effects of the various features as the cases progress from case 1 to case 6 with continually 
increasing efficiencies.

Figure 18.2 shows the inlet and exhaust pressures as functions of the brake thermal effi-
ciency. As mentioned above, the inlet pressure was selected to obtain the constant bmep of 
900 kPa. For cases 1–3, the inlet pressure remained below 100 kPa and they were “throttled” 
cases. For cases 4–6, the inlet pressure was above 100 kPa, and would need to be operated 
with turbocharging or supercharging. Also as mentioned above and reflected in Figure 18.2, 
the exhaust pressure was either 105 kPa or 10 kPa above the inlet pressure.

Figure 18.3 shows the mechanical friction mean effective pressure for each case. The 
mechanical friction increases as a result of higher cylinder pressures (or inlet pressures), and 
this is largely due to the increases of the reciprocating component of the mechanical friction. 
The reciprocating component includes the mechanical friction due to the connecting rod bear-
ings, piston skirts, and rings. This is the reason that the brake thermal efficiencies increases are 
not as great as the indicated thermal efficiencies increases as shown in Figure 18.1.

Table 18.5  Comparisons to results from Reference 8

Item Reference (Kokjohn et al. [8]) This work (Case 6)

Bore/stroke (mm) 137/165 102/88

Fuels Gasoline/diesel Isooctane

Inlet pressure (kPa) 200 169.5

Geometric CR 16.1 16

EGR (%) 45.5 45

Equivalence ratio 0.77 0.7

Speed (rpm) 1300 2000

Results:

imepnet (kPa) 1100 1015

Net indicated efficiency (%) 50 53.92

Peak pressure (MPa) 12 12.0

Nitric oxide (g/kW‐h) 0.01 0.005
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Figure 18.2  The inlet and 
exhaust pressures as functions 
of the brake thermal efficiency 
for a bmep of 900 kPa and 
2000 rpm
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Figure 18.3  The mechanical friction for each case for a bmep of 900 kPa and 2000 rpm
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Figure 18.4 shows the cylinder heat transfer energy and the exhaust sensible gas energy 
as percentages of the fuel energy as functions of the brake thermal efficiency for each case. 
To help understand these results, Figure 18.5 shows (i) the one‐zone, peak temperature and 
(ii) the time‐average, one‐zone temperature during the combustion period (average combus-
tion temperature) as functions of the brake thermal efficiency. As shown in Figure 18.4, for 
increasing compression ratio (case 1 to case 2), the relative heat transfer slightly increased 
largely due to a higher surface area to volume ratio for the higher compression ratio. The 
exhaust energy decreased due partly to the increase of heat transfer, but also because the work 
output conversion percentage increased. The peak temperature decreased, but the average 
combustion temperature was fairly unchanged as compression ratio increased.

For shorter burn durations (case 2 to case 3), the relative heat transfer increased slightly, the 
exhaust energy decreased slightly, and the temperatures increased slightly. The higher tem-
peratures are a result of the higher heat release rate due to the shorter burn duration, and the 
higher temperatures explain the heat transfer and exhaust energy results.

For the change from stoichiometric to lean operation (case 3 to case 4), the tempera-
tures decreased as expected for the lean combustion. The lower temperatures result in lower 
relative heat transfer and lower exhaust energy. This is similar for the addition of EGR. 
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For the increase of EGR (case 4 to case 5), the temperatures decrease, and the relative heat 
transfer decreases. The exhaust gas energy as a percentage of the fuel energy increases 
slightly.

Finally, for the switch to the Chang et al. [5] heat transfer correlation (case 5 to case 6), the 
temperatures increase slightly and the exhaust gas energy (as a percentage of the fuel energy) 
increases as a result of the significant reduction of cylinder heat transfer.

An important feature of these results is the conversion of thermal energy to work which 
has been shown to be a strong function of the ratio of specific heats [9]. As the ratio of 
specific heats increases, this conversion increases. Figure 18.6 shows the one‐zone average 
ratio of specific heats (gamma) during the combustion period as a function of the brake 
thermal efficiency. This value increases dramatically for the change to lean operation and 
the addition of EGR. Since the work conversion is dependent on the ratio of specific heats 
as an exponent, small changes in this value have dramatic effects on the work conversion. 
The increase of this ratio is due to the lower gas temperatures and to a lesser extent due to 
the change of the mixture composition [9]. Although a more subtle contribution, at least 
a part of the efficiency gains reflected in Figure 18.1 is due to the increase of the ratio of 
specific heats [10].

Figure 18.5  The one‐zone peak temperatures and the average (during the combustion period) 
temperatures as functions of the brake thermal efficiency for a bmep of 900 kPa and 2000 rpm
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18.3.2  Effects of Individual Parameters

This next section of results will consider the individual contributions of each of the major 
parameters discussed above.

Lean operation is well known to improve efficiency (as well as lower nitric oxide emissions 
in certain cases—see related case study on nitric oxides). Figure 18.7 shows the net indicated 
and brake thermal efficiencies as functions of equivalence ratio (all conditions except for 
equivalence ratio are the same as for case 6). As the mixture becomes leaner from stoichio-
metric, the gains are approximately linear for the net indicated efficiency. For the brake effi-
ciency, the leaner cases require higher inlet pressures (to achieve the 900 bmep) which results 
in higher friction. This higher friction is largely due to the connecting rod bearings, piston 
skirts, and rings [11]. So the gains are somewhat less for the brake efficiency as equivalence 
ratio decreases. These gains are largely due to the reduced cylinder gas temperatures, the 
reduced heat losses, and the more favorable thermodynamics (e.g., increased ratio of specific 
heats). For equivalence ratios greater than stoichiometric (fuel rich mixtures), the efficiencies 
decrease rapidly due to the excess fuel that is not utilized. Except for special cases (such as 
cold starts), rich equivalence ratios typically are avoided for normal operation.

Figure 18.6  The average ratio of specific heats (gamma) during combustion as a function of the 
brake thermal efficiency for a bmep of 900 kPa and 2000 rpm
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The use of exhaust gas recirculation (EGR) is a very effective option for lowering combus-
tion temperatures, and therefore, nitric oxide formation (see case study on nitric oxides). The 
use of EGR is also well known to have efficiency benefits. Figure 18.8 shows the net indicated 
and brake thermal efficiencies as functions of EGR level for cooled and adiabatic EGR con-
figurations. (The results for the adiabatic EGR configuration are included for completeness, 
but are not part of this particular study.) In general, the use of the cooled EGR configuration 
results in increasing efficiencies as the EGR level increases. These increases are largely due 
to reduced heat losses and increases of the ratio of specific heats. The gains are nearly linear 
for the net indicated efficiency. For the brake efficiency, the increasing friction with higher 
EGR levels (higher inlet pressures to maintain the constant load comparison) causes the brake 
thermal efficiency to start to decrease for levels greater than about 45%.

The use of the adiabatic EGR configuration results in decreasing efficiencies as the EGR 
level increases due to increasing heat losses. As described in Chapter 7, for a throttled (inlet 
pressures less than atmospheric) operating condition, a special trade‐off existed. This trade‐off 
was that for maintaining a constant load, any decreases of engine efficiency due to increasing 
heat losses were offset by decreasing pumping losses due to increasing inlet pressures. This is 
not the case for engines operating with inlet pressures above atmospheric such as for the high 

Figure 18.7  The net indicated and brake thermal efficiencies as functions of the equivalence ratio for 
a bmep of 900 kPa and 2000 rpm. Source: Caton 2013. Reproduced with permission from ASME
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efficiency engine. In addition, also note that in practice most EGR cooling systems will not 
achieve the high level of cooling considered here for the cooled configuration.

Since the use of lean mixtures and the use of EGR (cooled configuration) are similar, the 
relative merits of each approach are of interest. Up to this point, this study has considered the 
effects of lean operation and EGR separately. In practice, many investigators have suggested 
that the combined use of both lean mixtures with EGR is the most promising way to maxi-
mize thermal efficiency and reduce emissions (e.g., [12]). Previous work [9] has provided a 
comparison of the two techniques. One conclusion of this work [9] was that the increase of 
the ratio of specific heats associated with both approaches is the dominant characteristic that 
leads to higher efficiencies.

The next feature to consider in the pursuit of high efficiency is increasing the compression 
ratio. Of course high compression ratios have been known since the first engines to provide 
higher efficiencies. For some spark ignition engines, higher compression ratios result in spark 
knock and would not be a possible option. For this configuration (using lean mixtures with 
significant EGR), higher compression ratios are not thought to lead to knock. Figure 18.9 
shows the net indicated and brake thermal efficiencies as functions of compression ratio. The 
gains are greatest for the compression ratio increases up to about 12, and then the gains are 

Figure 18.8  The net indicated and brake thermal efficiencies as functions of the EGR for a cooled 
EGR configuration and an adiabatic EGR configuration for a bmep of 900 kPa and 2000 rpm
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somewhat less. Again, the gains for the brake efficiencies are slightly less due to the increasing 
friction.

Short burn durations are also known to lead to high efficiencies since greater advantage 
of the energy release is obtained during the expansion stroke. For the work reported here, 
burn duration is the period from 0% to 100% of the fuel mass burned. The disadvantages of 
short burn durations include possible noise, roughness and harshness due to the rapid energy 
release. The maximum pressure rise rate can serve as an example of the rapid energy release 
for the high efficiency engine. For the high efficiency engine and for the conventional engine, 
the maximum pressure rise rates were 535 and 142 kPa/CA, respectively. In other words, 
the high efficiency engine has about a 3.8 higher pressure rise rate than the conventional 
engine. Figure 18.10 shows the net indicated and brake thermal efficiencies as functions of the 
burn duration. The thermal efficiencies increase as the burn duration decreases. The gains are 
smaller as the burn duration approaches zero.

All of the preceding results have been obtained for optimal combustion phasing—start of 
combustion is adjusted for maximum brake torque (MBT). The thermal efficiencies decrease 
as the timing is retarded or advanced relative to the MBT timing. Further comments on the 
combustion timing are provided elsewhere [1–3].

Figure 18.9  The net indicated and brake thermal efficiencies as functions of the compression ratio 
for a bmep of 900 kPa and 2000 rpm. Source: Caton 2013. Reproduced with permission from ASME
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The above features (ϕ = 0.7, EGR = 45%, CR = 16, θb = 30°CA, and MBT timing) provide 
the parameters of one version of a high efficiency engine. These values and the thermody-
namic results appear to be consistent with experimental results. Although the simulation is a 
powerful tool for understanding the thermodynamics associated with this engine configura-
tion, many other practical aspects will play a role in the final design. For example, combus-
tion has been assumed to be successful and spark knock was not a constraint. Experimental 
information may indicate these or other assumptions to be invalid. Items such as combustion 
timing may need to be adjusted to aid in the combustion process and not be adjusted for MBT.

18.3.3  Emissions and Exergy

The thermodynamic cycle simulation may be used to estimate nitric oxide and carbon dioxide 
emissions. The use of the simulation for estimating nitric oxide emissions is discussed more 
fully in chapter 17.

Figure 18.11 shows the specific nitric oxide emissions as functions of the brake thermal 
efficiency for each case. The nitric oxide emissions are affected most by the use of EGR 

Figure 18.10  The net indicated and brake thermal efficiencies as functions of the burn duration for a 
bmep of 900 kPa and 2000 rpm. Source: Caton 2013. Reproduced with permission from ASME
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which decreases the nitric oxides to near zero. The other items had modest effects on the nitric 
oxide levels. Of special interest is the lack of significant reduction by the lean operation (case 
3 to case 4). This lack of significant reduction has been reported elsewhere [13]. Basically, 
lean operation has two major effects—reducing combustion temperatures and increasing the 
oxygen concentrations. Nitric oxides decrease with decreasing temperatures, but increase with 
increasing oxygen concentrations. For this change (case 3 to case 4), the oxygen concentration 
effect roughly equaled the temperature effect. For these conditions, the nitric oxide emission 
does not decrease significantly until the equivalence ratio decreases below 0.7 [13].

Figure 18.12 shows the relative carbon dioxide (CO2) emissions as functions of the brake 
thermal efficiency. Since the carbon dioxide emissions are proportional to the fuel consump-
tion, the fuel consumption has been used as surrogate for carbon dioxide emissions. The rel-
ative carbon dioxide emissions are based on the comparisons of the fuel consumption of the 
conventional engine with the other cases. The conventional engine is assigned a value of 1.0 
for this comparison. The relative carbon dioxide emissions decrease monotonically as the 
cases progress from 1 to 6. The final, high efficiency engine (case 6) has about 70% of the 
carbon dioxide emissions of the conventional engine (case 1).

Figure 18.11  The specific nitric oxide emissions as functions of the brake thermal efficiency for a 
bmep of 900 kPa and 2000 rpm
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Figures 18.13 and 18.14 are bar graphs that show the distribution of the energy and exergy 
for the conventional (case 1) and high efficiency (case 6) engines, respectively. More details 
concerning exergy analyses may be found in chapter 9 on the second law results. By compar-
ing Figures 18.13 and 18.14, several items are important to note. First, the large increase of 
the indicated work of the high efficiency engine is accompanied by a significant reduction of 
the heat loss and a more modest reduction of the exhaust gas energy. From the consideration 
of exergy, similar statements may be made. In addition, the exergy destruction during com-
bustion is higher for the high efficiency engine compared to the conventional engine. This is 
due to the lower combustion temperatures associated with the high efficiency engine. In spite 
of the higher exergy destruction, the high efficiency engine benefits from the reduced tem-
peratures and heat losses, and achieves the higher efficiency. As mentioned below, the higher 
destruction of the exergy for the high efficiency engine may be considered acceptable in light 
of the higher final efficiencies.

Figure 18.15 shows the exergy destruction during the combustion period for each case. 
Exergy destruction during the combustion process is more fully discussed in chapter 9 and in 
Reference 14. The exergy destruction changes the most with lean operation and the addition 

Figure 18.12  The relative carbon dioxide emissions as functions of the brake thermal efficiency for a 
bmep of 900 kPa and 2000 rpm
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of EGR. This is largely due to the decrease of the combustion temperatures (see Figure 18.5). 
The exergy destruction increases from 20.5% (case 1, conventional engine) to 24.1% (case 
6, high efficiency engine). The increase of the exergy destruction is a trade‐off for the higher 
thermal efficiencies associated with case 6. The idea is to manage the exergy destruction; and 

Figure 18.13  The distribution of the energy and exergy for the conventional (case 1) engine. 
Source: Caton 2013. Reproduced with permission from ASME
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Figure 18.14  The distribution of the energy and exergy for the high efficiency (case 6) engine. 
Source: Caton 2013. Reproduced with permission from ASME
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not necessarily reduce it. As mentioned above, in this situation, the benefits from lower com-
bustion temperatures (lower heat transfer and higher specific heat ratios) are more beneficial 
than the reduction of the exergy destruction.

18.3.4  Effects of Combustion Parameters

For completeness, the combustion parameters are examined in this subsection. Recall that the 
cycle simulation uses a Wiebe function to describe the mass fraction burned.

x aym
b = − −{ }+1 1exp

Details of this function and its application to the cycle simulation are provided in section 12.3. 
This subsection will examine the influence of the parameters “a” and “m” on thermal efficien-
cies for both the conventional and high efficiency engines. Recall that the values used in the 
above were a = 5.0 and m = 2.0.

Figures 18.16 and 18.17 show the brake thermal efficiency as functions of “a” for three 
values of “m” for the conventional engine (case 1) and for the high efficiency engine (case 
6), respectively. For these computations, the combustion timing was adjusted for maximum 
brake torque (MBT), and the inlet pressure was selected to obtain the constant bmep of 900 
kPa. For both engines, the thermal efficiency increases with increases in “a” and slightly 
increases with increases of “m.” This result is largely due to the greater influence that “a” 
has on the maximum rate of burning whereas “m” has a greater influence on the timing of 
the maximum rate.

Figure 18.15  The exergy destroyed during the combustion process for each case for a bmep of 
900 kPa and 2000 rpm. Source: Caton 2014b. Reproduced with permission from Elsevier
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Figure 18.16  The brake thermal 
efficiency as functions of “a” for 
three “m” values for the conventional 
engine (case 1). Source: Caton 2013. 
Reproduced with permission from 
ASME
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For the conventional engine (Figure 18.16), the range of change is about 5% (relative) 
which represents a change of about 2% actual (absolute) efficiency gain. In contrast, for the 
high efficiency engine (Figure 18.17), the range of change is about 9% (relative)—or almost 
4% actual (absolute) efficiency gain. These numbers for the magnitude of the efficiency 
change with changes in the Wiebe constants is for a change of the “a” value from 3 to 7. Since 
the value of “a” for most of the simulation results is normally 5, the change from the base 
results will be even less.

One other aspect of varying the constants is the impact on the rate of pressure rise. For 
higher values of “a,” the rate of pressure rise increases. For the high efficiency engine, as “a” 
increases from 3 to 7 (for an “m” of 2), the pressure rise rate increases about 20%. The high 
efficiency engine conditions appear to be slightly more sensitive to the Wiebe constants.

18.4  Summary and Conclusions

This case study has presented results from both a first law and a second law perspective to 
better understand the thermodynamics of advanced high efficiency engines. By systematically 
examining the individual contributions of compression ratio, lean mixtures, fast burn and high 
EGR, the impact of these features on the thermodynamic efficiency was determined. An auto-
motive engine at 2000 rpm and with a bmep of 900 kPa was examined.

●● The final case (6) resulted in a net indicated efficiency of 53.9% and a brake efficiency of 
47.8% with negligible nitric oxide emissions. To obtain the bmep of 900 kPa, the inlet pres-
sure needed to be about 170 kPa for case 6. This will require a turbocharger or supercharger. 
Since the exhaust gas energy is significantly decreased, the use of a turbocharger may be 
problematic.

●● Increasing the compression ratio from 8.0 to 16.0 provided one of the more effective ways 
to increase the efficiencies for these conditions.

●● Decreasing the equivalence ratio from 1.0 to 0.7, and increasing the exhaust gas recircula-
tion (EGR; cooled configuration) to 45% provided significant efficiency gains largely due to 
the significant decrease of the relative heat transfer and the increase of the ratio of specific 
heats during combustion.

●● Decreasing the burn duration from 60°CA to 30°CA increased the net indicated efficiency 
only a modest amount. At least part of the reason for the modest increase was due to the use 
of MBT timing.

●● Some of the gains suggested by the increases of the net indicated thermal efficiency are 
somewhat mitigated in terms of the brake efficiencies. This is due to the increased cylinder 
gas pressures (that are necessary to obtain the same load) which increase the mechanical 
friction component.

●● The exergy destruction during the combustion process decreases and increases as the var-
ious features are considered due primarily to the increase and decrease of the combustion 
temperatures. Overall, as an example, exergy destruction was about 20.4% and about 24.0% 
for cases 1 and 6, respectively. The efficiencies were higher for case 6 compared to case 1 
even though the exergy destruction during combustion was higher for case 6.

●● The lower combustion temperatures for the final configuration (case 6) result in negligible 
nitric oxides, and the carbon dioxide emissions for the high efficiency engine are about 70% 
of the emissions for the conventional engine (due to the reduction of fuel consumption).
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●● For a range of values for the Wiebe constants, only modest changes of the thermal efficien-
cies were obtained. The high efficiency engine appears to be slightly more sensitive to the 
values of the Wiebe constants.
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19
Summary: Thermodynamics 
of Engines

As closure to this book, this chapter provides a brief summary of the book, and then highlights 
some of the major results presented throughout the book. These results are a good summary of 
some of the main, fundamental thermodynamic foundations of IC engines. As described in the 
introduction, each chapter in this book has contributed to the understanding of engine cycle 
simulations and to the results that such simulations can provide.

19.1  Summaries of Chapters

Chapter 1: Introduction. This chapter described the role of engine simulations relative to 
designing and understanding IC engines.

Chapter 2: Overview of engines and their operation. This chapter provided a brief over-
view of engine fundamentals, terminology, components, operation, and performance 
parameters.

Chapter 3: Overview of engine cycle simulations. This chapter was a description of the 
evolution of thermodynamic engine cycle simulations. The description began with the sim-
ple ideal (air‐standard) cycle analyses, and continued with the historical development of 
the thermodynamic simulations. Brief comments were included on quasi‐dimensional ther-
modynamic simulations, and multi‐dimensional (CFD) simulations.

Chapter 4: Properties of the working fluids. This chapter was a comprehensive presentation 
on the development of the algorithms needed to determine the compositions and properties 
of the unburned and burned mixtures. Compositions for combustion products are described 
for both frozen species and for chemical equilibrium. The chapter ends with results for 
various properties for typical engine conditions as functions of temperature, pressure and 
equivalence ratio.
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Chapter 5: Thermodynamic formulations. This chapter included the details for developing 
the governing thermodynamic relations for the cylinder contents. The chapter ends with a 
concise summary of a set of differential equations for the cylinder pressure, temperatures, 
volumes, and masses.

Chapter 6: Items and procedures for solutions. This chapter specified all the required items 
to solve the governing differential equations developed in Chapter 5. These items included 
cylinder volumes, fuel burning rates, heat transfer, flow rates, friction, and other sub‐mod-
els as needed. The chapter ends with comments on solution procedures and convergence 
to final answers.

Chapter 7: Basic results. This chapter was focused on presenting detailed, instantaneous 
results for the base case condition largely as functions of crank angle for parameters such 
as cylinder pressures, temperatures, species, and energy terms.

Chapter 8: Performance results. This chapter provided overall global engine performance 
metrics as functions of engine operating and design parameters. Overall performance 
metrics included power, torque, thermal efficiency, and mean effective pressure. Engine 
operating and design parameters included speed, load, combustion variables, compression 
ratio, equivalence ratio, EGR, inlet pressure, and combustion timing.

Chapter 9: Second law results. This chapter presented the development of the aspects 
needed to complete second law assessments of IC engines. This included the property 
exergy which allows the irreversibilities of the engine processes to be quantified. Results for 
entropy and exergy were presented as functions of engine operating and design parameters.

Chapter 10: Other engine combustion processes. This chapter was devoted to providing a 
brief overview of alternative combustion processes. These combustion processes included 
those for diesel engines, stratified charge engines, and low temperature combustion engines.

Chapters 11–18: Case studies. These chapters provided seven case studies using the engine 
cycle simulations. These cases include studies of combustion, cylinder heat transfer, fuels, 
oxygen‐enriched reactants, overexpanded engines, nitric oxide emissions, and advanced, 
high efficiency engines.

19.2  Fundamental Thermodynamic Foundations of IC Engines

Much of this book has focused on the thermodynamics of engines. This final section is aimed 
at highlighting and summarizing many of the previous results, and in particular, the funda-
mental thermodynamic concepts related to IC engines. Since the results and conclusions of 
this work are often quite detailed, the general and “universal” findings are sometimes not 
obvious. The following then are specific aspects of the thermodynamics of engines that may 
be quantified by use of engine cycle simulations. For completeness, some of these comments 
are based on well‐known understandings.

Item 1: Heat Engines versus Chemical Conversion Devices

One fundamental thermodynamic concept that is often misunderstood is whether the “Carnot” 
efficiency is an appropriate limit for the IC engine. The Carnot efficiency applies to a specific, 
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ideal heat engine that receives and rejects energy to thermal reservoirs. This is an appropriate 
ideal model for steam power plants or other power plants based on the use of energy from 
sources that may be approximated as thermal reservoirs. The IC engine, however, is more 
correctly described as a chemical conversion device [1,2]. The IC engine fails the definition 
of a heat engine on several levels. First, the IC engine does not go through a thermodynamic 
cycle since the working material is exhausted after each cycle and new material is inducted 
for the next cycle. Further the energy input is from a chemical conversion and not from a 
thermal reservoir. Finally, the energy input is a complex process at variable temperatures and 
pressures. For these reasons, then, the IC engine is not limited by the “Carnot” efficiency. 
The IC engine is, however, constrained by the second law of thermodynamics as described 
throughout this book.

Item 2: Air‐Standard Cycles

Air‐standard cycles were introduced in the late 1800s to help understand the thermodynamics 
of IC engines. These ideal models are based on many simplified assumptions and approx-
imations which are not close to the reality of actual IC engines. One of the most trouble-
some approximations is the use of heat addition to simulate combustion. As mentioned above, 
this simplification is not thermodynamically consistent with the actual combustion process in 
IC engines. From an introductory point of view, the use of ideal air‐standard cycles provides 
some advantages, but the lack of rigor needs to be kept in mind.

Other assumptions and approximations of the ideal, air‐standard cycles include the use of 
pure air, adiabatic processes, no gas exchange processes, and no friction. These assumptions 
and approximations lead to relationships that result in thermal efficiencies that are roughly 
twice as high as actual results. Even though the absolute numbers are not realistic, the simple 
models result in relationships that preserve the correct trends with respect to compression ratio 
and specific heats. More extensive evaluations of the weaknesses and strengths of the ideal 
cycles are presented elsewhere [1, 3].

The following describes results from an air‐standard cycle as functions of compression ratio 
and specific heats. If the heat release is assumed to occur at constant volume at TDC (“Otto” 
cycle), the resulting expression for the thermal efficiency (for constant properties) is

η = − γ−r1 (1 )

where r is the compression ratio and γ is the ratio of specific heats.
Using this relationship for the “Otto” cycle, Figure 19.1 shows the thermal efficiency as a 

function of compression ratio for two values of the ratio of specific heats. The thermal effi-
ciency increases with increases of compression ratio and with increases of the ratio of specific 
heats. Actual engine data also demonstrate similar trends [1]. These results lead to the next 
two items.

Item 3: Importance of Compression Ratio

As mentioned in item 2, increases of compression ratio provide increases of thermal effi-
ciency and overall performance. This feature has been recognized since the earliest engine 
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development in the 1800s. In the early 1900s, IC engines were limited to compression ratios 
less than about 5 due to spark knock. As the fuel quality improved and anti‐knock fuel addi-
tives were discovered, compression ratios rapidly increased to values of 8 or higher. Engines 
with these higher compression ratios provided higher efficiencies and performance. Much 
detailed work has been completed to demonstrate the importance of higher compression 
ratios [1].

Figure 19.21 shows the net indicated and brake thermal efficiencies as function of compres-
sion ratio for one set of operating conditions for the standard engine configuration used in this 
book. The indicated thermal efficiency increases rapidly at first and then at a slower rate as the 
compression ratio increases. The brake thermal efficiency is lower and increases at a slower 
rate due to the increasing friction for the higher compression ratios. Depending on the spe-
cific friction and heat transfer characteristics, a compression ratio that provides the maximum 
brake thermal efficiency is often in the range of 12–16 for automotive engines.

The fundamental thermodynamic benefit of higher compression ratios is the potential of 
the higher expansion ratios. In general, as compression ratio increases, the compression work 

1 The data for Figure 19.2 are the same as those used for Figure 8.16.

Figure 19.1  Thermal efficiencies as functions of compression ratio for two values of the ratio of 
specific heats using the “Otto” cycle with constant properties
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increases, but the expansion work increases more such that the final result is a net increase of 
the work output (and therefore, for the same fuel input, an increase of the thermal efficiency).

Item 4: Importance of the Ratio of Specific Heats

As demonstrated by the simple “Otto” cycle efficiency (item 2), increases of the ratio of spe-
cific heats increase the thermal efficiency. The qualitative effects of the ratio of specific heats 
on actual engine performance are well understood [1], but until recently [4], these effects have 
not been quantified for actual engines.

As part of appendix A in Chapter 3, the effects of the specific heats on efficiency were 
illustrated for a simple “Otto” cycle. These results showed that the efficiency increases signif-
icantly for modest increases of the ratio of specific heats for two compression ratios. Similar 
results from the engine cycle simulation are difficult to obtain due to the connections between 
the properties, the work output, and cylinder heat transfer. Caton [4] has attempted to sep-
arate these various effects and isolate the contribution of the increase of the specific heats 
toward efficiency increases. These results have demonstrated the dominating contribution that 
increases of the ratio of specific heats have on efficiency [4].

Figure 19.2  Net indicated and brake thermal efficiencies as functions of compression ratio for a case 
with an engine speed of 1400 rpm and a bmep of 325 kPa using the cycle simulation. Source: Caton 
2007. Reproduced with permission from ASME
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Item 5: Cylinder Heat Transfer

Cylinder heat transfer is intimately connected to the thermodynamics of the IC engine. The 
case study on cylinder heat transfer (chapter 13) contains descriptions of many of these 
aspects. As described, simple global heat transfer correlations from several sources provide 
markedly different results for the detailed heat transfer. Fortunately, for many engine per-
formance parameters, the results are somewhat insensitive to these variations. Nevertheless, 
better understandings of the cylinder heat transfer would aid in more precise engine computa-
tions and in the design of more efficient engines.

As might be expected, reductions of cylinder heat transfer may result in some increase 
of the engine's thermal efficiency. For conventional engines, this increase is often small. An 
important thermodynamic reason for this is that the conversion of thermal energy to work is 
difficult. This conversion is governed by the value of the specific heats (see item 4). Increases 
of the specific heats (e.g., due to increases of temperatures) result in decreases of this conver-
sion. For decreases of heat transfer, the gas temperatures generally increase, and therefore, this 
conversion decreases.

Another important aspect of the cylinder heat transfer is the relation to engine speed. 
Although increases of engine speed result in increases of the heat transfer rate, the higher 
speed means that less “real” time is available for the process. This often results in decreasing 
importance of cylinder heat transfer with increases of engine speed.

Other such insights on the role of cylinder heat transfer are provided throughout the book. 
One such insight is described next regarding low heat rejection engine concepts.

Item 6: The Potential of a Low Heat Rejection Engine

The concept of an engine with reduced heat losses has been explored at least since the early 
1900s. Some of these activities were described as the development of an “adiabatic” engine. 
Of course, no practical engine could ever reduce all heat losses (adiabatic)—so a better term is 
“low heat rejection.” In general, such an engine should have a higher thermal efficiency, may 
require a smaller (or no) cooling system, and could have other advantages.

This concept has been considered most applicable for diesel engines since the reduced heat 
losses would result in higher gas temperatures which could result in more potential for spark 
knock for spark‐ignition engines. Many concepts have been developed and tested to reduce 
the cylinder heat losses. These concepts included the use of ceramic and other low‐conducting 
materials to “insulate” the cylinder contents and minimize cylinder heat losses. Most of these 
materials are less ductile than the cast iron and steel components that they replace. Due to this 
characteristic, these materials suffered low durability and often were not able to sustain the 
harsh environment of the engine combustion chamber.

Although major research and development activities have been completed on this topic, low 
heat rejection engines have not been commercialized. The general consensus has been that 
efficiency gains, if any, are small. As demonstrated in the heat transfer case study (chapter 13), 
at least one major reason for this is the adverse change of the specific heats due to the higher 
gas temperatures. One possibility that may minimize this negative feature is the combination 
of the low heat rejection concept with low temperature combustion engines.
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Item 7: Lean Operation and the Use of EGR

Fundamental studies of engine performance have demonstrated the importance of engine oper-
ation with lean mixtures and using exhaust gas recirculation (EGR). Both of these approaches 
have been studied, and have proven useful for increasing thermal efficiencies. These “dilute” 
engines must operate with increased inlet pressures to achieve the same output as engines 
using stoichiometric mixtures.

These dilute engines possess several features that result in the higher efficiencies. First, the 
high dilution results in lower combustion temperatures which in turn results in lower cylinder 
heat transfer. Second, the lower temperatures result in lower specific heats (higher ratio of 
specific heats) and this increases the conversion of thermal energy into work.

A related feature that is unique for lean mixtures (whereas EGR does not provide this ben-
efit) is due to the change of composition for lean mixtures. This composition change results 
in lower specific heats (even for no temperature change) due to the change of composition.

For spark‐ignition engines, these dilute engines also may benefit due to a reduction of throt-
tle losses since the engine must be operated at higher inlet pressures for the same engine load. 
This benefit is only possible for original operating conditions at or below an inlet pressure 
near atmospheric.

Item 8: Insights from the Second Law of Thermodynamics

As described in Chapter 9, the second law of thermodynamics provides important and unique 
insights concerning the thermodynamics of engines. Although this short section cannot cap-
ture the breadth of these insights, the following statements are intended to highlight these 
ideas. Perhaps one of the most important of these insights relates to the conversion of thermal 
energy to work. The first law of thermodynamics provides only an upper limit to this con-
version. From the first law, basically the amount of work may not exceed the thermal energy 
(energy conservation). The second law, on the other hand, states that not all of thermal energy 
may be converted to work. Further, the second law provides the quantitative expressions based 
on engine parameters and thermodynamic properties, to determine this conversion.

Examples of the above have been provided throughout this book. For instance, for reduc-
tions of cylinder heat transfer, the increase of work output is only a fraction of the energy 
associated with this reduction. For some cases, the increase of the work output could be near 
zero. The second law provides this insight which is not available otherwise.

Another example is regarding the potential to produce work with exhaust gases. For cases 
examined in this book, the exhaust gases may possess on the order of 40% of the fuel energy. 
But the work potential (exergy) of these gases only represents about 25% of the fuel energy. 
Further, only a portion of this 25% may be converted to work due to friction, heat losses, and 
other real effects. Again, without the second law insights, the work potential of the exhaust 
gases could be greatly overestimated.

A final comment relates to the destruction of exergy during the combustion process. This 
item is not part of any first law analyses, and can only be appreciated by the use of the second 
law. Destruction is always present in combustion processes, and quantifying this destruction 
is useful for a full understanding of the engine operation.
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Item 9: Timing of the Combustion Process

The cylinder pressure which results from the combustion process provides the maximum work 
output for a specific timing of the combustion process. This is a fundamental consequence of 
the engine geometry and kinematics, and is easily demonstrated by the engine cycle simu-
lation. Other aspects of the combustion process which relate to the thermal efficiency of the 
engine are the mass fraction burn rate and the duration of the combustion. The thermal effi-
ciencies increase for shorter combustion durations, but the impact of the mass fraction burn 
rate is modest for reasonable descriptions of the combustion process.

Item 10: Technical Assessments of Engine Concepts

As illustrated by the case studies, thermodynamic engine simulations are an excellent approach 
for examining the technical merits of various engine concepts and technologies. The case 
studies on oxygen enriched inlet air and on overexpanded engines are two good examples of 
this approach. The engineer can quantify any advantages of the engine concept in terms of 
efficiency, power density, or other performance parameters. These results can be balanced by 
any disadvantages either with respect to the thermodynamics or with respect to the overall 
design (complexity, cost, ease of manufacturability, material constraints, …)

19.3  Concluding Remarks

As described in the introduction, the main purpose of writing this book was to document the 
development and use of thermodynamic engine cycle simulations. To illustrate the value of 
these simulations, representative results were provided for a large range of conditions. In 
addition to this main purpose, a secondary purpose was to stimulate the interest and excite-
ment of using fundamental thermodynamic principles to understand a complex device. As 
demonstrated in the book, many phenomena related to engine operation and design may be 
understood in a more complete fashion by focusing on the fundamental thermodynamics.

The internal combustion engine is a fantastic engineering achievement. For further improve-
ments of these engines, fundamentally precise understandings are required. The author hopes 
that some of the information in this book will be useful for this fundamental foundation. He is 
confident that he will continue to witness extraordinary advances of the IC engine.
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effects on performance, 121-123, 

213-215
effects on nitric oxide emissions, 326
effects related to exergy analyses, 

163-168
effects related to fuels, 263-266

low heat rejection (LHR) engines,  
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relation, 103
power, 14
premixed charge compression ignition 

(PCCI), 333, 337
pressure, peak cylinder, 101, 129
pressure-crank angle diagrams, 102-104, 

106-107, 193, 208-211, 280
pressure-volume diagrams, 13, 16, 102, 105, 

299-300, 302-303, 305-306
propane

properties, 41, 254
results, 255-268, 271
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reactivity controlled compression ignition 
(RCCI) 182, 183

residual mass fraction
definition, 37
results, 101, 102, 136, 137, 256, 281
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